
 

FINAL REPORT 
 

DE-FC26-05NT42634 
Board of Trustees of the University of Illinois 

 
 

Investigation of Bio-Diesel Fueled Engines  
under Low-Temperature Combustion Strategies 

 
 

Submitted to 
 

U.S. DEPARTMENT OF ENERGY 
National Energy Technology Laboratory 

 
   

 
Submitted by 

 
Professor Chia-fon F. Lee 

Department of Mechanical Science and Engineering 
University of Illinois at Urbana-Champaign 

1206 W. Green Street 
Urbana, IL 61801 

 
Professor Alan C. Hansen 

Department of Agricultural and Biological Engineering 
University of Illinois at Urbana-Champaign 

1304 W. Pennsylvania Ave. 
Urbana, IL 61801 

 
 
 
 
 
 
  



 
 

 
 
 
 
Acknowledgment:  "This material is based upon work supported by the Department of Energy 
under Award Number DE-FC2605NT42634." 
 
  
Disclaimer:  "This report was prepared as an account of work sponsored by an agency of the United 
States Government.  Neither the United States Government nor any agency thereof, nor any of their 
employees, makes any warranty, express or implied, or assumes any legal liability or responsibility 
for the accuracy, completeness, or usefulness of any information, apparatus, product, or process 
disclosed, or represents that its use would not infringe privately owned rights.  Reference herein to 
any specific commercial product, process, or service by trade name, trademark, manufacturer, or 
otherwise does not necessarily constitute or imply its endorsement, recommendation, or favoring by 
the United States Government or any agency thereof.  The views and opinions of authors expressed 
herein do not necessarily state or reflect those of the United States Government or any agency 
thereof." 
 
 



 

TABLE OF CONTENTS 
 

A. Introduction 

1. Objectives 

2. Technical Approach 

B. Biodiesel Property Measurement and Estimation 

1. Introduction 

2. Objectives 

3. Review of Literature 

4. Materials and Methods 

5. Results and Discussion 

6. Summary and Conclusions 

7. Recommendations for Future Work 

C. Computational Modeling 

1. Low Temperature Combustion of Biodiesel and Its Blends in the High-Speed 

Direct-Injection Lion Engine 

2. Low Temperature Combustion of Biodiesel and Its Blends in the High-Speed 

Direct-Injection DIATA Engine 

3. Effects of Variable Cone Angle Spray on Low Temperature Combustion of 

Biodiesel Engines 

4. Continuous Thermodynamics Modeling of Biofuel Droplet Evaporation 

5. Micro-Explosion Modeling for Biodiesel and Blends  

6. Soot Modeling for Low Temperature Combustion  

D. Metal Engine Experiments:  

1. Introduction 

2. Literature Review 

3. Experimental Methodology 

4. Experimental Results and Discussion 

5. Conclusions and Future Work 

E. Laser Diagnostics of Biodiesel Combustion in the Optical Engine 

1. Introduction 

2. Literature Review 



 

3. Experimental Objectives and Measurement Techniques 

4. Optical Engine Facility and Diagnostic Technique Setup 

5. Experimental Results and Discussion: Low Temperature Combustion 

6. Experimental Results and Discussion: Narrow Angle Direct Injection 

7. Experimental Results and Discussion: Bio-diesel Combustion 

8. Conclusions and Future Work 

F. Laser Diagnostics of Biodiesel Combustion in Constant Volume Chamber 

1. Introduction 

2. Experimental Setup 

3. Laser Diagnostics and Measurements 

4. Results and discussion 

5. Conclusion 

G. Summary and Conclusions 

H. Publications Generated from this Investigation 

  



 4

A. INTRODUCTION 
 

In accordance with meeting DOE technical targets this research was aimed at developing and 
optimizing new fuel injection technologies and strategies for the combustion of clean burning 
renewable fuels in diesel engines.  In addition a simultaneous minimum 20% improvement in 
fuel economy was targeted with the aid of this novel advanced combustion system. Biodiesel and 
other renewable fuels have unique properties that can be leveraged to reduce emissions and 
increase engine efficiency.  This research is an investigation into the combustion characteristics 
of biodiesel and its impacts on the performance of a Low Temperature Combustion (LTC) 
engine, which is a novel engine configuration that incorporates technologies and strategies for 
simultaneously reducing NOx and particulate emissions while increasing engine efficiency.    

Generating fundamental knowledge about the properties of biodiesel and blends with 
petroleum-derived diesel and their impact on in-cylinder fuel atomization and combustion 
processes was an important initial step to being able to optimize fuel injection strategies as well 
as introduce new technologies.  With the benefit of this knowledge experiments were performed 
on both optical and metal LTC engines in which combustion and emissions could be observed 
and measured under realistic conditions. With the aid these experiments and detailed combustion 
models strategies were identified and applied in order to improve fuel economy and 
simultaneously reduce emissions. 

 

1. Objectives 
The overall objective of the research was to provide detailed information on the performance 

and emissions of biodiesel in Low Temperature Combustion (LTC) engines through (1) 
computational modeling of the spray, combustion and emissions of biodiesel in LTC engines 
with the aid of KIVA, (2) experimental investigation of biodiesel in a metal engine running in 
HCCI mode, and (3) visualization of combustion process, soot evolution process, and NO 
formation using natural flame emission, Laser Induced Incandescence (LII), and Laser Induced 
Fluorescence (LIF) respectively. It also improved the understanding of the fundamental 
mechanisms of biodiesel combustion in LTC engines, such as fuel-air mixing, low-temperature 
ignition, and combustion chemistry process. 

The specific objectives of this proposed research were the following: 
(1) Estimate the properties of pure biodiesel and biodiesel-diesel blends for LTC engine 

combustion modeling.  
(2) Investigate and specify the effect of biodiesel fuel properties on fuel-air mixing, ignition, 

combustion, and emissions of biodiesel in LTC engines. 
(3) Improve the understanding of NOx, PM, HC and CO emission formations of biodiesel in 

LTC engines. 
(4) Identify the effect of engine operating parameters on the efficiency and emissions of 

biodiesel in LTC engines.  
(5) Develop the strategies for reducing exhaust emissions and increasing the efficiency from 

biodiesel combustion in LTC engines. 

 
 



 5

2. Technical Approach 
The research was divided into three phases with the first phase focusing on performing 

experimental studies to quantify and predict biodiesel blend fuel properties to be used in an 
existing computational combustion model that was modified to account for the differences in 
biodiesel fuel combustion characteristics.  A LTC metal engine and optical engine were also set 
up in this first phase to be ready for testing.  The second phase focused on acquiring data from 
both the metal and optical engines so as to fully characterize the combustion and emissions 
processes. In parallel with these tests the computational model was used to explore the in-
cylinder processes which were compared with the engine tests in order to provide a fundamental 
understanding of the impact of biodiesel and blends on combustion and emissions in a LTC 
engine.  In the third phase the knowledge generated from the first two phases was used in further 
engine experiments to establish the optimum operating conditions and settings for the LTC 
engines to achieve the desired reductions in emissions and improvement in fuel economy. 

The work generated from the three phases mentioned above was categorized into four topics 
for the purpose of reporting the details: biodiesel fuel property measurement and estimation, 
LTC engine multidimensional modeling, metal engine testing, and optical engine testing.  The 
report is divided into four main sections, which include research details and results that address 
the above four topics. 
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B.  BIODIESEL PROPERTY MEASUREMENT AND ESTIMATION 

1. Introduction 

Though biodiesel fuels are showing promise, there are several drawbacks to using this fuel.  
Biodiesel typically has a higher cloud and pour point than diesel fuel.  Without additives or 
engine modification, biodiesel can only be used in warm climates year-round.   Another key 
issue is quality of production of biodiesel fuels.  There are standards in place (ASTM, 2007), 
however, insuring that commercial producers are following these standards still remains a 
challenge.  Lastly, engine manufacturers have placed warranties on the amount of biodiesel 
allowed to burn in their engines.  This has put a limit upon how quickly the application of 
biodiesel will be instituted.  These companies do, however, allow blends of diesel and with 
relatively small percentages of biodiesel. 

In order to explore the use of diesel, biodiesel, and its blends, computer simulation of engines 
has been utilized.  To maintain accuracy, a very close representation of the engine, the fuel, and 
the operating conditions is needed.  For a given engine, the dimensions and operating conditions 
stay fairly consistent.  However, the composition of the fuel can vary, leading to differences in 
the physical properties.  Differences in physical properties, in turn, can alter the behavior of the 
fuel as it flows, atomizes, and combusts.  By being able to accurately predict the physical 
properties of fuels and use them in combustion models, researchers will be able to more 
appropriately use alternative fuels in current engine designs, or even be able to develop new 
types of engines that more appropriately use the new fuels. 

The present investigation utilized current models for predicting the properties of biodiesel 
fuels and applied these properties in fuel atomization and combustion models.  Additionally, 
blends of diesel fuel with different biodiesel types were analyzed for their physical properties.  
The effects on atomization of the differences of the physical properties between biodiesel types 
and blends with diesel fuel were analyzed.  Lastly, a fuel library consisting of different types of 
biodiesel and diesel-biodiesel fuels was constructed.  This library was used to model combustion 
and analyze the performance and emissions of a laboratory engine. 

In the following sections, the objectives of the study are stated and a literature review of 
biodiesel property prediction, atomization of fuels, and combustion modeling are presented.  
Next, a detailed description of the procedures and equipment used in the study is given.  This 
section is followed by a presentation and discussion of the results.  Lastly, the conclusions of the 
study and recommendations for future work are presented. 

 

2. Objectives 

The overall objective of this study is to investigate effectiveness of biodiesel property 
prediction, begin to form models for property prediction of diesel-biodiesel blends, analyze the 
effects of differences of properties upon atomization, and analyze the combustion of different 
biodiesel fuels.  The specific goals of this investigation include: 

a. Measure the viscosity, density, and surface tension of different biodiesel fuels and 
compare these measurements to values for diesel fuel and to existing model predictions 
based on fatty acid composition. 



 7

b. Calculate the viscosity, density, and surface tension of diesel-biodiesel blends using 
correlation models to analytically determine the effects of blending fuels. 

c. Investigate analytically the effects of different physical properties on the atomization of 
different biodiesel, diesel, and diesel-biodiesel fuels and the impact of different fuel spray 
sizes on the resulting combustion of the fuel.    

  

3. Review of Literature 

The popularity of using biodiesel fuels to supplant the use of petroleum fuels has demanded 
that a greater understanding of the fuel itself be sought out.  Biodiesel fuels have several 
significant advantages over diesel fuel, but also have several disadvantages as well.  The main 
purpose of this of this research is to attempt to gain a better understanding of the differences 
between biodiesel and diesel fuels in order to better utilize biodiesel fuels.  This literature review 
provides information on the research of the following topics: 

• The prediction of physical properties of biodiesel fuels for use in combustion modeling. 

• Fuel atomization methods. 

• Combustion modeling of several fuel types. 

 

3.1 Properties of Biodiesel Fuels 
In order to understand the differences between biodiesel fuels and petroleum diesel fuels, it is 

important to accurately quantify the properties of the fuel.  Accurate knowledge of the fuel 
properties will allow researchers to look into specific aspects of the fuel as it goes through the 
combustion process with special reference to atomization, vaporization, and combustion.   

Yuan (2005a) provided models for several fuel properties that are required for use in the 
KIVA-3V combustion modeling code.  These properties have proven to be of great use in the 
analysis of combustion.  The properties for which Yuan (2005a) was able to provide predictions 
include viscosity, density, surface tension, enthalpy, vapor pressure, heat of vaporization, and the 
critical temperature, volume, and pressure.  Yuan (2005a) assembled these property models in a 
computer program that was able to predict the properties of biodiesel based solely upon the fatty 
acid composition of the oil.  This computer program is called BDProp and is shown in Figure 
B3.1. 

To predict different properties for a biodiesel fuel, the fatty acid profile of the fuel must be 
known.  This can entered in the spaces labeled “Assign Mass Fraction for pure components” 
shown along the left hand side of Figure B3.1.  Next, the type of ester and reference densities are 
selected and entered as shown in Figure B3.1.  Finally, the critical properties are calculated 
automatically and the other physical properties of the fuel can be estimated by selecting the 
different properties shown in the middle at the bottom of Figure B3.1. 

The results of these property estimations have shown promise with errors in property 
estimation of less than ten percent, with the notable exception of viscosity (Yuan, 2005a).  At 
low temperatures, the error in viscosity prediction was as much as twenty-one percent.  With 
higher temperatures, the error dropped to approximately five percent. 
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�Δ+= VCV 5.17          (3.3) 

where 

Tc = critical temperature, K 

 Pc = critical pressure, bar 

Vc = critical volume, mL/mole 

Tb=normal boiling point of the fuel which are provided by Yuan et al. (2005b) 

M = molecular weight of the pure constituent 

ΔT and ΔP = constants for Ambrose’s method given in table 2-1 by Reid et al. (1987).  

ΔV = constants for Joback method given in table 2-2 by Reid et al. (1987), which were based on 
approximately 400 fuels. 

These equations were utilized in the calculation of enthalpy and thermal conductivity.  Yuan 
(2005a) used mixing rules adapted from Reid et al. (1987) to establish the critical properties of 
the fuel mixture.   

 
3.1.2 Viscosity 
3.1.2.1 Liquid Viscosity 

The liquid viscosity of biodiesel fuels has been shown to be significantly higher than that of 
biodiesel fuels.  This effect can be seen in Table B3.1.  

Table B3.1. Viscosity of biodiesel fuels (Graboski and McCormick, 1998). 
Fuel Average kinematic viscosity (mm2/s at 40°C) 

No. 2 diesel 2.60 

Soybean oil methylester 4.08 

Rapeseed oil methylester 4.83 

Tallow methylester 4.80 

Soybean oil ethylester 4.41 

Rapeseed oil ethylester 6.17 

Palm oil methylester 4.50 

Palm stearin methylester 4.60 

Frying oil ethylester 5.78 

Tallow ethylester 5.93 

Tallow butylester 6.17 

 

As shown in the table, the viscosity of each biodiesel fuel is significantly higher than the 
diesel fuel.  Additionally, studies by Allen et al. (1999a and 2000) and Ejim et al. (2007) have 
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shown that viscosity of neat biodiesel fuels can be up to 120% higher than diesel fuel.  Higher 
viscosities are of great concern to engine manufacturers.  Higher viscosities can cause excessive 
fuel injection pressures during engine warm-up.  Furthermore, viscosity can have a detrimental 
effect upon the atomization of the fuel.  The details of this effect will be shown in section 3.2.  
Tat and Van Gerpen (1999) experimentally computed the viscosity of biodiesel, diesel fuel, and 
their blends.  The methodology, however, was for specific biodiesel fuels.  Yuan (2003) 
developed an approach that used measured viscosities of individual methyl esters, extrapolated 
the measured data to cover a larger temperature range, and used mixing rules to compute the fuel 
mixture viscosity over a range of temperatures.   

3.1.2.2 Vapor Viscosity 
Also of importance in the usage of GT-Power is the viscosity of the fuel vapor.  A search 

within the literature yielded very little research into the determination of fuel vapor viscosity.  
Yaws (1999) provided a tremendous amount of chemical data of thousands of organic and 
inorganic compounds.  These data included the viscosity of one methyl ester, methyl oleate.  
Methyl oleate is a fairly common methyl ester present in most biodiesel fuels, so these data were 
deemed acceptable for this research. 

 

3.1.3 Density 
The density of the fuel can impact the atomization of the fuel by delaying the time for the 

injected fuel to break-up as it leaves the injector (Lefebvre, 1989).  Data from Graboski and 
McCormick (1998), listed in Table B3.2, show that the density of biodiesel fuels is higher than 
diesel fuel. 

Table B3.2. Density at 20°C of biodiesel fuels (Graboski and McCormick, 1998). 

Fuel Density (average) 

No. 2 diesel                  0.85  

Soybean oil methylester                  0.8853 

Rapeseed oil methylester                  0.882 

Tallow methylester                  0.8756 

Soybean oil ethylester                  0.881 

Repeseed oil ethylester                  0.876 

Sunflower oil methylester                  0.88 

Cottonseed oil methylester                  0.88 

Palm oil methylester                  0.87 

Palm stearin methylester                  0.8713 

Frying oil ethylester                  0.8716 

Tallow ethylester                  0.871 

Tallow butylester                  0.868 
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Tat and Van Gerpen (2000) measured the density of a soybean biodiesel, diesel fuel, and 
their blends.  Again, this was for specific fuels.  Yuan (2005a) developed the Rackett equation 
from Reid et al. (1987) to calculate the density of any biodiesel fuel provided the density of the 
biodiesel at two temperatures was known. 

 

3.1.4 Surface Tension 
The surface tension of the fuel is very important in terms of fuel atomization and is needed in 

combustion modeling.  Ejim et al. (2007) reported that the surface tension of biodiesel fuels 
could be around 6% higher than diesel fuel.  The only research conducted on the prediction of 
biodiesel surface tension is the work published by Allen et al. (2000).  Allen was able to increase 
the accuracy of the prediction of mixtures of methyl esters by suggesting an extra weighting term 
to account for fact that the composition at the surface of the liquid was not necessarily the same 
as the bulk liquid.  The components with higher surface tension exerted a greater effect on the 
surface tension than components with lower surface tension.  Yuan (2005a) utilized this mixing 
equation as well as a modified McLeod-Sugden equation from Reid et al. (1987) for individual 
methyl esters.  This method has been met with great success, yielding errors of approximately 
5%. 

 

3.1.5 Heat of Vaporization 
The heat of vaporization is the energy required to convert one kilogram of fuel from a liquid 

to a vapor.  This quantity can be used to give an idea of the volatility of the fuel.  Yuan (2005a) 
showed that very little experimental data existed for the heat of vaporization of fuels.  Yuan 
stated that for a rapeseed oil methyl ester, the heat of vaporization was 297 kJ/kg at 100oC.  This 
value is much higher than the heat of vaporization of diesel fuel at the same temperature, 226 
kJ/kg.  With a higher heat of vaporization, biodiesel fuels have a lower volatility than compared 
to diesel fuel, as shown by Tat and Van Gerpen (2003).   

To calculate the heat of vaporization of biodiesel fuels, Yuan (2005a) used correlations 
developed by Reid et al. (1987).  The correlations required only the critical properties of the fuel 
mixture and have been shown to have a high accuracy when tested with a wide range a liquids 
over large range of temperatures (Reid et al. 1987). 

 
3.1.6 Enthalpy 

3.1.6.1 Liquid Enthalpy 
The enthalpy of the liquid fuel was estimated based upon the heat capacity of the fuel.  

Bondi’s modification of Rowlinson’s method (Reid et al. 1987) was used to estimate the heat 
capacity of the liquid.  This is given in Equation 3.4. 

( ) ( ) ( )[ ]113/11 1742.112.2511.1725.0145.045.1 −−− −+−++−+=
−

rrrr

o
ppL TTTT

R
CC

ω
          

 (3.4) 

where 
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CpL=specific heat of the liquid at constant pressure, J/mol-K 

Cp
o=specific heat at the reference state, J/mol-K 

R=ideal gas constant, 8.3144 J/mol-K 

Tr=reduced temperature 

�=Pitzer acentric factor given in Reid et al. (1987) 

The temperature for the reference heat capacity was selected to be 0 K.  To estimate the heat 
capacity at this reference temperature, Reid et al. (1987) recommended the use of the Shaw 
method.  This method is a group contribution method based upon the structure of the molecule.  
The group contributions are given in Table B3.3. 

 
Table B3.3. Group contributions for Shaw’s method (Table 5-10 from Reid et al. 1987). 

Group Value 

-CH3 36.8

-CH2- 30.4

=CH- 21.3

-COO- 60.7

 

The error of the Shaw method for the reference state heat capacity is less than 5%.  For the 
modified Rowlinson equation, the error is also less 5% when tested across a wide range of 
molecules. 

The Pitzer acentric factor can be calculated from correlations provided by Reid et al. (1987).  
This correlation is shown as Equation 3.5. 

c
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43577.0ln4721.136875.152518.15

169347.0ln28862.109648.697214.5ln
   (3.5) 

where 

Pc=critical pressure, bar 

Tb=boiling temperature, K 

Tc=critical temperature, K  

The critical pressure and temperature were illustrated in section 3.1.1.  The boiling 
temperatures for methyl esters were reported by Yuan (2005b).  To find the heat capacity of the 
biodiesel fuel, the heat capacity of each methyl ester was calculated individually and converted 
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into a mass basis.  Then a mass weight averaging technique was used to compute the total heat 
capacity using the mass composition of the biodiesel. 

For the calculation of enthalpy, the heat capacity of the fuel can integrated with respect to 
temperature.  This method is illustrated by Heywood (1988) and shown in equation 3.6. 

dTChh
T

T
po

o

�=−          (3.6) 

where 

h=enthalpy of the fuel, J/kg 

ho=enthalpy at the reference temperature To, J/kg 

T=desired temperature, K 

To=reference temperature, 0 K 

3.1.6.2 Vapor Enthalpy 
Similar to the liquid enthalpy, the fuel vapor enthalpy is calculated by estimating the heat 

capacity of each methyl ester in a vapor state.  To estimate the heat capacity of the methyl esters, 
Reid et al. (1987) recommends the use of the Lee-Kesler method shown in Equation 3.7. 

( )( ) ( )( )10
pp

o
pp CCCC Δ+Δ=− ω        (3.7) 

where 

Cp=heat capacity of vapor, J/mol-K 

Cp
o=reference state heat capacity, J/mol-K 

(�Cp)(0)=simple fluid contribution given in table 5-8 of Reid et al. (1987) 

(�Cp)(1)=deviation function given in table 5-9 of Reid et al. (1987) 

�=Pitzer acentric factor given in section 3.1.6.1 

The reference heat capacity is calculated using the Joback method reported by Reid et al. 
(1987).  This is a group contribution method dependent on the composition of the fuel.  Joback’s 
method is shown in Equation 3.8. 
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where 

nj=number of occurrences of reference groups of structures 

�a, �b, �c, �d=group contributions given in table 6-3 of Reid et al. (1987) 

The methodology for calculating the heat capacity of the fuel is the same as for the liquid 
enthalpy.  The heat capacity of the methyl esters are calculated individually, converted to a mass 
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basis, and then added to together using a mass weighted technique.  To convert this into an 
enthalpy, the heat capacity is integrated using equation 3.6. 

 

3.1.7 Thermal Conductivity 
3.1.7.1 Liquid Thermal Conductivity 

The thermal conductivity of biodiesel liquid mixture was estimated by first establishing the 
thermal conductivity of each individual methyl ester.  The method developed by Sastri was 
utilized by Poling et al. (2001) in equation 3.9. 
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λλ
         (3.9) 

where 

�L=thermal conductivity in W/m-K 

�b=group contributions as specified by Sastri and reported by Poling et al. (2001) 

Tr=reduced temperature 

Tbr=reduced temperature at the boiling point 

Almost 200 liquids were tested using this method with the average error being 8.6% as stated by 
Poling et al. (2001). 

The boiling point of individual methyl esters has been ascertained by Yuan et al. (2005b).  
Several methyl esters have had their boiling points determined by McCormick et al. (2001).  
Yuan et al. (2005b) were able to correlate fairly strongly the boiling point of other methyl esters 
to the number of carbon atoms.  A 3°C correction was applied to the methyl esters with one 
degree of unsaturation.  The boiling point for methyl esters of higher degrees of unsaturation has 
been found to be independent of the degree of unsaturation as shown by McCormick et al. 
(2001). 

The critical temperature of each methyl ester was determined using Ambrose’s method as 
reported by Reid et al. (1987) and shown in section 3.1.1. 

The Li method for computing the thermal conductivity of the liquid mixture was adapted 
from Reid et al. (1987) in equation 3.10. 
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where  
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xi=mole fraction 

Vi=molar volume of the pure component.   

It was noted that if the liquid mixture is nonaqueous, the molar volume can be replaced with 
the critical volume without affecting the results significantly.  Biodiesel is a nonaqueous 
solution, so the critical volume was used in place of the molar volume.   

The critical volume was calculated again using the Joback modification of Lydersen’s 
method by Reid et al. (1987) as shown in section 3.1.1. 

3.1.7.2 Vapor Thermal Conductivity 
The thermal conductivity of the biodiesel vapor is also of great importance in the use of GT-

Power.  A literature search did not yield any results, but chemical data provided by Yaws (1999) 
for methyl oleate was deemed reasonable following the same logic as the vapor viscosity 
outlined in section 3.1.2.2. 

3.1.8 Lower Heating Value 
The lower heating value of the biodiesel fuels was calculated using heating value data from 

Knothe et al. (1997).  These data were for individual methyl esters and were the gross heating 
values or higher heating values (HHV).  These data are shown in Table B3.4. 

In order to calculate the HHV of each biodiesel fuel, the fuel fatty acid profile was required.  
This fatty acid profile was given on a mass basis with the HHV of each methyl ester being 
converted accordingly.  A mass weighted equation was used to calculate the HHV of each 
biodiesel fuel.  This equation is shown in Equation 3.11. 

�= iim HHVyHHV          (3.11) 

where 

yi=mass fraction 

HHVi=higher heating value of the ith component 

HHVm=higher heating value of the mixture 

 In order to obtain the lower heating value (LHV), the amount of water produced in the 
combustion of the fuel had to be considered.  Heywood (1988) provides a relation between the 
higher and lower heating values.  It is shown in equation 3.12. 
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+=        (3.12) 

where 

mwater=mass of water produced during combustion of the fuel, kg 

mf=mass of fuel burned, kg 

hfg,water=heat of vaporization of water, J/kg 
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Table B3.4. Heat of combustion of selected methyl esters (Knothe et al. 1997). 
Trivial (Systematic)name;  Heat of Combustion 

Acronym (kcal/mole) 

Methyl caprylate 1313 

(Methyl octanoate); 8:0 

Methyl caprate 1625 

(Methyl decanoate); 10:0 

Methyl laurate  1940 

(Methyl dodecanoate); 12:0 

Methyl myristate 2254 

(Methyl tetradecanoate); 14:0 

Methyl palmitate 2550 

(methyl hexadecanoate); 16:0 

Methyl stearate 2859 

(Methyl octadecanoate); 18:0 

Methyl oleate (Methyl 9Z- 2828 

octadecenoate); 18:1 

Methyl linoleate (Methyl 9Z, 2794 

12Z-octadecadienoate); 18:2 

Methyl linolenate (Methyl 9Z, 2750 

12Z,15Z-octadecatrienoate); 18:3 

 

3.1.9 Computation of the Properties of Diesel and Biodiesel Blends 
Due to differences of properties between biodiesel and diesel fuels, biodiesel is typically 

made available commercially as a blend with diesel fuel.  Low quantities of biodiesel blended 
into diesel fuel can add significantly to the lubricity of the fuel.  The fuel blends may also help 
reduce the viscosity, density, and surface tension of each biodiesel fuel.  Reductions in these 
properties will help provide more similar atomization and combustion characteristics when 
compared to diesel fuel and help lower emissions with the addition of biodiesel. 

3.1.9.1 Viscosity 
Tat and Van Gerpen (1999) have developed a simple equation that was determined to be the 

most adequate for this analysis.  The correlation was adapted from the Grunberg-Nissan equation 
by dropping the interaction term.  This correlation is shown in Equation 3.13. 

( ) ( ) ( )2211 lnlnln ηηη mmb +=         (3.13) 

For this equation, � is the viscosity and m is the mass fraction.  The subscripts B, 1, and 2 
indicate blend, fuel 1 and fuel 2 respectively with fuel 1 being biodiesel and fuel 2 being diesel 
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fuel.  The accuracy of this model was shown to be less than 2.00% for blends of biodiesel and 
diesel and was deemed adequate for the research. 

3.1.9.2 Density 
Tat and Van Gerpen (2000) developed a correlation to relate the density of blends of 

biodiesel and diesel fuel.  The correlation uses a mass weighting system to determine the density 
of diesel and biodiesel blends.  This is shown in Equation 3.14. 

�=
n

i
iiblend mSGSG          (3.14) 

For this equation, SG denotes specific gravity and m is the mass fraction.  The subscript blend 
denotes the blend value and i represents the ith component.  Tat and Van Gerpen (2000) utilized 
this equation with the largest error encountered being 0.3%. 

3.1.9.3 Surface Tension 
Ejim et al. (2007) studied the effects of biodiesel and its blends with diesel fuel upon its 

atomization characteristics.  For the surface tension values of these fuels, the results of their 
literature review and the literature review of this work were very similar.  Relatively little work 
has been reported on the surface tension of fuels.  As mentioned in section 3.3.4, only one source 
was found on biodiesel surface tension measurement.  The correlation of blended fuel surface 
tension yielded no results.  However, Ejim et al. (2007) utilized a correlation for the surface 
tension of mixtures that was adapted from Poling et al. (2001) and is shown in equation 3.15. 

( )
4

4/1


�

�

�

�= �
n

i
iim y γγ          (3.15) 

Accordingly to Poling, the accuracy of using this correlation is within +/-4.1%, sufficient for this 
research.   

 

3.2 Fuel Atomization 
Lefebvre (1989) defined atomization as the transformation of a bulk liquid into sprays and 

other physical dispersions of small particles in a gaseous atmosphere.  Heywood (1988) stated 
that proper atomization was important in diesel engines so that (1) the fuel droplets were small 
enough to enable rapid evaporation and (2) allowed the evaporated fuel to travel across the 
combustion chamber in the time available to fully utilize the air charge.  The main goal of 
atomization is to produce a large amount of droplets of the smallest size possible, as suggested 
by Danov and Gupta (2000).  This increases the overall surface area of the fuel, making it more 
available to evaporate.  Larger droplet sizes have been shown to negatively impact the overall 
combustion process.  These larger droplets tend to increase the ignition delay of the fuel as 
discussed by Heywood (1988) and lead to less premixed combustion and more diffusion 
combustion (Danov and Gupta (2000). 

Delaying the combustion has been shown to decrease the effect of NOx emissions.  Heywood 
(1988) stated the critical time for NOx emissions was the time between the start of combustion 
and the occurrence of peak pressure in the cylinder.  He indicated that this was the time of peak 
rates of pressure increase and large temperature increases.  NOx formation is very sensitive to 
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In this equation, SMD is in microns, �L is the liquid viscosity in m2/s, �L is the liquid surface 
tension in N/m, �L is the liquid density in kg/m3, �A is the ambient density in kg/m3, and �PL is 
the pressure differential in bar.  The spray chamber used in the research utilized conditions that 
are somewhat similar to what exists in a diesel engine.  Compared to more modern diesel 
engines, the ambient density used in this research, 8.2 kg/m3, can be a factor of 2 smaller.  
Furthermore, the pressure differential across the injector can be on the order of 5 times smaller 
than what is seen in today’s diesel engines.  These values were deemed reasonable as the main 
reasoning for selecting this model was that it had a strong dependence upon viscosity, density, 
and surface tension of the fuels.  The goal was to look at influences upon the fuel properties. 

Danov and Gupta (2000) have correlated several engine performance parameters with SMD.  
Their results have shown that larger SMD slow fuel vaporization, lengthen the ignition delay, 
lower peak cylinder pressure and temperature, and lead to lower combustion rates and longer 
combustion durations. 

 

4. Materials and Methods 

Before experiments on different fuels could be performed, biodiesel fuels were produced 
from soybean oil, rapeseed oil, coconut oil, palm oil, and beef lard.  A composition analysis on 
these oils was performed to better understand the structure of the resulting fuel and its impacts on 
fuel properties.  The methods of measurement of  the property measurements of viscosity, 
density, and surface tension are presented.  This is followed by a description of the methods used 
to analyzed blends of these fuels with diesel fuel and the atomization model used to predict fuel 
spray droplet sizes.  The remainder of the chapter discusses the engine combustion model 
developed in GT-Power and the construction of the fuel library containing property data for the 
five biodiesel fuels. 

 

4.1 Fuel Preparation 
Five source materials for biodiesel were selected on the basis of their differences in fatty acid 

composition.  Soybean and rapeseed oils were included in this selection as they are the most 
commonly used oils for biodiesel production in the U.S. and in Europe respectively.  Palm and 
coconut oils were selected due to their high oil production rates and growing popularity in 
tropical climates.  Beef lard was the final selection.  This source material was chosen due to it 
being a waste product of animal rendering and to see if a high quality high biodiesel could be 
produced from it.  Table B4.1 provides a summary of the typical fatty acid profiles of these oils 
(Yuan, 2005a).  In the fatty acid specification, C8:0 for example refers to the fatty acid having a 
molecule comprising a chain of eight carbon atoms, while the 0 indicates that there are no double 
bonds in the molecule.  Soybean oil contains a major component of C18 acids with a 
predominance of C18:2, linoleic acid.  Rapeseed oil is dominated by C22:1, erucic acid, with the 
remainder of the acids being primarily C18.  In comparison coconut oil consists mainly of C12:0, 
lauric acid, a shorter chain saturated acid, with the remaining acids being mostly saturated as 
well.  The main fatty acid in palm oil is C16:0, palmitic acid, a longer chain acid than what 
predominates in coconut oil.  However, it also has a substantial amount of C18:1 oleic acid.  The 
composition for beef lard shows that C18:1 oleic acid represents about half the total percentage, 
followed by C16:0, palmitic acid.  C18:0, stearic acid, comprises almost 20% of the beef lard. 
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Table B4.1.  Typical fatty acid profiles of the source materials chosen. 
Fatty Acid Soybean Rapeseed Coconut Palm Beef Lard 

C8:0 0.0 0.0 0.083 0.001 0.0 

C10:0 0.0 0.0 0.06 0.001 0.001 

C12:0 0.0 0.0 0.467 0.009 0.001 

C14:0 0.001 0.0 0.183 0.013 0.033 

C16:0 0.103 0.027 0.092 0.439 0.252 

C18:0 0.047 0.028 0.029 0.049 0.192 

C18:1 0.225 0.219 0.069 0.39 0.489 

C18:2 0.541 0.131 0.017 0.095 0.027 

C18:3 0.083 0.086 0.0 0.003 0.005 

C22:1 0.0 0.509 0.0 0.0 0.0 

 

These source materials were acquired from commercial stores.   They were transesterified 
into biodiesel using a strong base catalyst.  The fuels were then separated from the glycerin layer 
and washed of any remaining methanol, catalyst, and glycerin.  These fuels samples were then 
sent to the American Analytical Chemistry Laboratories Corporation to be analyzed for their 
fatty acid content.  The results of this analysis are shown in Table B 4.2. 

 

Table B4.2. Measured fatty acid profiles of selected biodiesel fuels. 
Fatty Acid Soybean Rapeseed Coconut Palm Beef Lard 

C8:0 0.0 0.0 6.94 0.0 0.0 

C10:0 0.0 0.0 5.32 0.0 0.0 

C12:0 0.0 0.0 45.32 0.23 0.0 

C14:0 0.0 0.0 17.82 0.82 1.85 

C16:0 8.54 4.36 9.58 39.65 26.07 

C18:0 4.19 1.65 3.08 4.33 17.01 

C18:1 20.83 58.62 7.9 41.93 38.8 

C18:2 57.2 23.08 3.2 12.76 15.59 

C18:3 9.23 12.28 0.17 0.28 0.68 

 

From Table B4.2 and comparing to Table B4.1, the fatty acid profiles of the selected source 
materials actually show great similarity with one notable exception.  The rapeseed oil does not 
contain the C22:1 fatty acid, erucic acid.  The lack of this fatty acid was not expected, but since 
there is a strong presence within the unsaturated acids with a carbon chain of 18 carbon atoms, it 
was felt that there would be a difference of the results of the fuel property definition.  
Additionally, it can be seen that these five fuels can be broken into three separate groups.  The 
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known diameters on each bubble, the surface tensions can be equated to find the hydrostatic 
pressure acting on each bubble as shown in Equation 4.2. 

      (4.2) 

The subscripts small and large indicate the syringe size.  To determine the surface tension, the 
maximum bubble pressure was found for each syringe and applied to the above equations.  The 
temperature of the system was controlled by a Julabo FP40 water bath with a temperature control 
of +/-0.1°C.  The temperature range of the bath allowed measurements to be taken at 20°, 40°, 
60°, 80°, and 90°C. 

4.2.4 Comparison of Measured Properties to BDProp 
To assess the accuracy of the BDProp prediction models for viscosity, density, and surface 

tension, the fatty acid profiles of the five biodiesel fuels, as shown in Table B4.2, were entered 
into the BDProp program.  The viscosity, density, and surface tension were then calculated.  The 
results of these predictions were compared to the measured results obtained as described in 
sections 4.2.1, 4.2.2, and 4.2.3.  The comparison made was the relative percentage difference.  
This percent difference was used to gauge the quality of the predictions. 

 
4.3 Biodiesel Blend Property Estimations 

The calculation of the physical properties of the biodiesel blends was needed to look at the 
effects of these properties upon fuel atomization.  The biodiesel fuels that were analyzed were 
the five biodiesel fuels illustrated in section 4.1.  The properties that were analyzed were the 
viscosity, density, and surface tension shown in section 4.2.  For diesel fuel, the viscosity and 
density were taken from Tat and Van Gerpen (1999 and 2000).  Both of these papers reported on 
measurements using both #1 and #2 diesel fuel.  For this study, only #2 diesel was analyzed.  It 
was assumed that the #2 diesel used in both studies was the same.  For the surface tension of #2 
diesel fuel, Ejim et al. (2007) utilized the work completed by Raizi (2005), who was able to 
construct a correlation for medium distillates (diesel fuel included).  Equation 4.3 shows the 
calculation for estimation of the surface tension of #2 diesel fuel.   
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where 

�m=surface tension of #2 diesel fuel, mN/m 

SG=specific gravity of the fuel at 15.6oC, taken from Tat and Van Gerpen (2000) 

Tc=critical temperature (given in equation 4.4), K 

Tb=boiling temperature given in Tat and Van Gerpen (2000), K 

The critical temperature of the diesel fuel was estimated from another correlation by Raizi (2005) 
in equation 4.4. 
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The accuracy of using this prediction method is within +/-2%, which was deemed satisfactory. 

The correlations used to calculate the properties of the blends were given in equations 3.13, 
3.14, and 3.15.  These blend computations were then placed into the atomization model for 
analysis.  The blend levels that were analyzed were B0 (or 100% #2 diesel), B2, B5, B20, B50, 
B75, and B100.  For clarity, the B denotes biodiesel and the number afterwards indicates the 
mass percentage of biodiesel in the blend.  The B0 or 100% #2 diesel fuel and B100 were used to 
establish the limits of the comparisons.  B2, B5 and B20 were chosen since they are the most 
popular blending levels currently used commercially.  Lastly B50 and B75 were chosen to fill 
gaps in data in between the 20% blend and the neat biodiesel fuel. 

 

4.4 Atomization Modeling 
Elktob’s (1982) model, given in equation 3.16, was used for this analysis.  The goal with this 

analysis was to try to simulate as accurately as possible the conditions within an engine.  
However, as mentioned in section 3.2, the model did not use an actual engine cylinder to 
measure the droplet sizes.  Furthermore, the chamber was quiescent, and did not illustrate the 
effects of air motion within the cylinder.  However, the values of the properties of the fuel that 
were analyzed were within the limits of Elktob’s study.  This is shown in Table B4.3. 

 

Table B4.3.  Limits of the parameters used in equation 3.16 (Elktob 1982). 
Property Unit Lower Limit Upper Limit 

Viscosity m2/s 8.10E-07 8.60E-06 

Density kg/m3 732 847 

Surface Tension N/m 20.4 27.5 

Ambient Density kg/m3 1.2 8.2 

Pressure Differential bar 78 200 

 

To try to simulate actual engine conditions, the ambient density of the cylinder and pressure 
differential across the injector were set to the upper limits of these properties, 8.2 kg/m3 for the 
ambient density and 200 bar for the pressure differential.  These values were kept constant for 
the entire analysis.  The main goal was to look at the influence of the fuel, not engine conditions.   

The temperatures at which these simulations were carried out were again meant to simulate 
actual in-cylinder conditions.  Two different researchers have used this model previously and 
used different fuel temperatures.  Ahmed et al. (2006) used a fuel temperature of 40oC.  This 
value was selected mainly due to availability of fuel property data.  Ejim et al. (2007) selected 
80oC in order to be more consistent with actual engine operating temperatures.  For this study, a 
temperature range of 40oC to 80oC in 10oC increments was selected.  This was done in order to 
cover a more complete range of engine operation temperatures. 
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5. Results and Discussion 
 

5.1 Property Measurement 
The next three sections discuss the measurements of the biodiesel fuel properties as 

compared to diesel fuel.  All of the property values from the measurements are available 
separately from this report. 

5.1.1 Viscosity 
The viscosities of the biodiesel fuels are illustrated in Figure B5.1.  All five biodiesel fuel 

types are present along with data for #2 diesel fuel provided by Tat and Van Gerpen (1999). 

 
Figure B5.1.  Variation of kinematic viscosity with temperature for five biodiesel fuels and 

#2 diesel fuel.   
 

From Figure B5.1, it can be seen that the viscosity of the diesel fuel is much lower than all of 
the biodiesel fuels.  Also, the viscosities of the beef lard, palm, and rapeseed biodiesel fuels are 
all very similar.  The soybean biodiesel is a little smaller than these biodiesel fuels.  Most 
notably, the coconut biodiesel had the lowest viscosities of all of the biodiesel fuels.  To illustrate 
the differences in biodiesel viscosity with diesel fuel viscosity, please refer to Table B5.1. 
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Table B5.1. Percent increase of viscosity of the five biodiesel fuels compared to #2 diesel 
fuel for a range of fuel temperatures.   
  Percent Increase in Viscosity 

Temperature, 
deg C Soybean Rapeseed Coconut Palm Lard 

20 58.0 84.0 30.5 65.9* 81.2 

40 65.1 84.8 34.2 87.8 75.6 

60 75.0 92.3 36.1 89.5 83.8 

80 75.4 89.7 37.3 83.5 80.0 

100 60.4 72.9 30.7 75.1 68.3 

*This measurement is at 25oC. 

This table again shows significant differences between diesel fuel and all of the biodiesel 
types.  It also shows the grouping of the rapeseed, palm, and lard biodiesel fuels and their 
significant increases compared to diesel fuel.  On average, rapeseed, palm, and beef lard 
biodiesel fuels are between 77 and 85% larger than diesel fuel.  Table B5.1 also shows that the 
coconut biodiesel has the smallest viscosity of the biodiesel fuels. 

These differences in biodiesel fuels can be linked to the the fatty acid constituents.  Knothe 
(2005) described the effect of fatty acid structure upon the viscosity of the fuel.  Knothe noted 
that the viscosity of fatty acids increased not only with increasing carbon chain length, but also 
with increasing degree of saturation.  It can be seen in Table B4.1 that the coconut biodiesel is 
almost entirely comprised of shorter chain, saturated fatty acids.  The other biodiesel fuels are 
almost entirely comprised of fatty acids with chain lengths greater than 16 and all four have at 
least half of their composition comprised of unsaturated fatty acids.  Based upon this analysis, it 
can be expected that the coconut biodiesel has the smallest viscosity and the other fuels are all 
significantly larger. 

5.1.2 Density 
The density of the biodiesel fuels are shown in Figure B5.2.  All five of the biodiesel types 

are presented along with density of #2 diesel fuel given by Tat and Van Gerpen (2000).   
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Figure B5.2. Variation of density with temperature for the five biodiesel types and #2 

diesel fuel.   
 

As with the viscosity, the densities of the five biodiesel types are all larger than the diesel 
fuel.  All of the biodiesel fuels are very similar in terms of density.  The difference in density 
between the diesel fuel and biodiesel fuels are illustrated in Table B5.2.  

 
Table B5.2. Percent increase of density of the five biodiesel fuels compared to #2 diesel 

fuel at different temperatures.   
  Percent Increase in Density 

Temperature, 
deg C Soybean Rapeseed Coconut Palm Lard 

20 6.13 5.53 5.30 4.30* 4.70 

40 5.96 5.36 5.11 4.75 4.50 

60 6.77 6.14 5.53 4.30 4.55 

80 6.84 5.97 5.59 4.97 4.60 

87 6.19 5.56 5.31 4.68 4.31 

*This measurement is at 25oC. 

Table B5.2 shows that the densities of all of the biodiesel fuels are consistently larger than for 
diesel fuel.  The overall difference between the biodiesel fuels and diesel fuel is not very large.   
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5.1.3 Surface Tension 
The surface tensions of the biodiesel fuels are presented in Figure B5.3 along with #2 diesel 

fuel data provided by the estimations from Ejim et al. (2007). 

 
Figure B5.3. Surface tension of five biodiesel types and #2 diesel fuel. 

 

Figure B5.3 shows that the surface tension of the biodiesel fuels is not very different than the 
diesel fuel.  The coconut biodiesel is actually very similar to the diesel fuel.  At temperatures 
greater than 40oC, the surface tension of the coconut biodiesel fuels is less than for diesel fuel.  
The surface tensions of the other biodiesel fuels are consistent with one another and remain 
mostly higher than for diesel fuel, though the difference is not very large.  This is shown in Table 
B5.3. 

Table B5.3. Percent increase of surface tension of biodiesel compared to #2 diesel fuel.   
  Percent Increase in Surface Tension 

Temperature, deg 
C Soybean Rapeseed Coconut Palm Lard 

20 7.57 7.97 3.53 3.44* 6.69 

40 7.35 7.68 -0.19 4.82 6.21 

60 6.59 7.83 -2.27 3.65 4.97 

80 3.48 8.76 -3.67 2.46 4.50 

90 4.91 9.06 -3.29 2.70 4.45 

*This measurement is at 25oC. 

20

22

24

26

28

30

32

34

0 10 20 30 40 50 60 70 80 90 100

Temperature, deg C

Su
rf

ac
e 

Te
ns

io
n,

 m
N

/m

Soybean
Rapeseed
Coconut
Palm
Lard
#2 Diesel



 30

5.1.4 BDProp Analysis 
5.1.4.1 Viscosity 

The results of the BDProp computations are illustrated in Table B5.4.  This table shows the 
percent difference in the prediction of the fuel viscosity of the biodiesel by BDProp compared to 
the measured values outlined in section 5.1.1. 

Table B5.4.   Percent difference between measured viscosity and BDProp predictions for 
the five biodiesel fuels over a range of fuel temperature.. 

Viscosity Soybean Rapeseed Coconut Palm Beef Lard 

Temperature 
(C) % Difference % Difference % Difference % Difference % Difference

20 -5.68 -13.64 -22.69 -5.71 -0.36 

40 -9.61 -15.14 -21.82 -9.22 -1.64 

60 -15.96 -20.43 -21.95 -13.43 -9.65 

80 -17.28 -20.73 -22.70 -14.14 -11.01 

100 -11.66 -15.62 -20.57 -13.37 -8.80 

 

The table shows that BDProp is under predicting the measured viscosity.  Overall, the coconut 
biodiesel shows the largest error and has a fairly consistent error rate.  The other biodiesel fuels 
have a varying error rate that tends to increase with increasing temperature.   

 

5.1.4.2 Density 
The results of the BDProp predictions are given in Table B5.5.  The predictions of the 

densities of the biodiesel fuels are very accurate.  The highest error associated with these 
predictions is approximately 1.24%.   

Table B5.5.   Percent difference in the prediction of biodiesel density by BDProp.   
Density Soybean Rapeseed Coconut Palm Beef Lard 

Temperature (C) % Difference % Difference % Difference % Difference % Difference

20 -0.53 -0.54 -0.72 -0.59 -0.68 

40 -0.38 -0.40 -0.58 -0.67 -0.66 

60 -1.15 -1.16 -1.01 -0.28 -0.89 

80 -1.24 -1.03 -1.11 -0.96 -1.12 

87 -0.63 -0.65 -0.85 -0.70 -0.91 

 

However, the error for the density prediction tends to be less than one percent.  As for the 
viscosity, the prediction model under predicts the density of the biodiesel. 
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5.1.4.3 Surface Tension 
The results of the BDProp predictions are given in Table B5.6.   

Table B5.6. Percent difference in the predicted surface tension from the measured 
surface tension.   

Surface Tension Soybean Rapeseed Coconut Palm Beef Lard 

Temperature (C) % Difference % Difference % Difference % Difference % Difference

20 -11.10 -12.94 -35.90 -15.17 -23.47 

40 -9.69 -11.58 -33.03 -14.29 -22.19 

60 -7.68 -10.47 -31.08 -12.21 -20.24 

80 -3.36 -9.90 -29.55 -9.95 -18.74 

90 -3.86 -9.42 -29.55 -9.51 -18.09 

 

As for the viscosity and density, the predictions of the surface tension are all under predicted 
with Coconut biodiesel showing the largest differences and soybean biodiesel the smallest.  The 
error for the predictions does show a decreasing trend with temperature.   

 
5.1.5 Summary of Results 

The viscosity, density, and surface tension of the five biodiesel fuels were all higher than the 
baseline #2 diesel fuel.  The only notable exception was the surface tension of coconut biodiesel, 
which was lower than that of the diesel fuel at temperatures higher than 40oC.  The property with 
the most dramatic difference was the viscosity of the biodiesel fuels.  The soybean, rapeseed, 
palm, and beef lard biodiesel fuels all had viscosities that were 75 to 90% higher than for diesel 
fuel.  The density and surface tensions of the biodiesel fuels for the most part were 3 to 9% 
higher than for diesel fuel, excluding the surface tension of coconut biodiesel. 

The prediction models used by BDProp did show one trend: BDProp is under predicting the 
properties of viscosity, density, and surface tension.  Excluding the density, the error rate tends 
to be within the range of 5 to 30%, depending upon the fuel source and temperature.  The density 
prediction was fairly consistent with 0.3 to 0.9% difference compared to the measured values, 
regardless of temperature and fuel source.   

To try to improve the viscosity predictions, more viscosity correlations should be 
investigated.  Viscosity correlations, as shown in Poling et al. (2001), are highly empirical.  
These correlations were developed as a best fit to cover many different groups of organic and 
inorganic fluids.  The error rate associated with these predictions was 10 to 15% (Poling et al., 
2001).  Seeton (2006) investigated several different viscosity correlations and illustrated 
strengths and weaknesses of each correlation.  The correlation used by Yuan (2005a) in BDProp 
was included in Seeton’s discussion.  Seeton (2006) noted the weakness for this correlation is at 
high and low temperatures.  Seeton presented a new viscosity correlation that provided a very 
good fit over wide temperature ranges and may be worth investigating in the future. 

For the surface tension correlations, Poling et al. (2001) illustrated several correlations.  The 
error rate for these correlations tended to vary depending on the molecule being analyzed.  The 
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error rate associated with the predictions was within the range of the errors for these other 
correlation models.  Newer correlation models need to be tested and/or developed for biodiesel 
fuels specifically as the prediction correlations are again empirical in nature.   

 

5.2 Fuel Blending Analysis 
The results of the blending computations further show the impacts of adding biodiesel to 

diesel fuel.  The following sections outline the results from these computations.  The full results 
of the computations and comparisons to diesel fuel are available separately from this report. 

5.2.1 Viscosity 
The viscosities of the fuel blends show that the lower level blends do not exhibit a great 

effect on the overall fuel viscosity as illustrated in  Figure B5.4. 

 
Figure B5.4.  Average increase in viscosity with biodiesel blend level with diesel fuel. 

 

The blends of B2 and B5 increase the viscosity by 1.1% and 2.7% respectively.  As the 
amount of biodiesel is increased the impact on the fuel viscosity is quite large.  The B20 blend 
shows that the fuel viscosity increases by 11.4%.  The rate of increase in viscosity continues to 
grow until B100 is reached.  At this level, the viscosity has increased by 72% on the average.  
The rate of increase of viscosity is nearly exponential due to the blend equation used (equation 
3.13).  This equation computes the blend viscosity by using the natural logarithm of constituent 
viscosities.   
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5.2.2 Density 
Again, the lower blend levels do not change the overall fuel density by very much.  As 

indicated in Figure B5.5, the B2 and B5 blends have an overall increase in density on average of 
0.1% and 0.3% respectively.   

 
Figure B5.5.  Average increase in density with biodiesel blend level. 

 

As blend level goes beyond 5%, the average density increases at a very consistent rate.  This 
is due to the mass weighting system used to determine the densities of the fuels (equation 3.14).  
At the B20 level and higher, the amount of biodiesel present increases at a constant rate, leading 
to a very linear increase of density.  Overall, the difference in density of the biodiesel fuels and 
diesel fuel is fairly small when compared to diesel fuel. 

 

5.2.3 Surface Tension 
Figure B5.6 shows the average percentage increase in surface tension of the five biodiesel 

fuels and their blends with diesel fuel.  As shown with the viscosity and density, the low level 
blends, B2 and B5, show a very small increase in surface tension.  The increase in surface 
tension of these two blends is 0.08% and 0.2%.  As the blend levels increase beyond B5, the 
increase in surface tension is approximately constant.  Starting at B20 and ending at B100, the 
average increase in surface tension is 0.83%, 2.08%, 3.14%, and 4.21%.  By looking at the 
blending equation (equation 3.15), it can be seen that the exponents on the equation do balance 
each other and a somewhat linear increase of surface tension can be expected. 
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Figure B5.6.  Average increase in surface tension with biodiesel blend level. 

 
5.2.4 Effects of the Calculated Properties 

As mentioned in section 3.2, the viscosity, density, and surface tension of a liquid play a 
strong role in the atomization of a liquid jet spray.  The biodiesel fuels exhibit increases in all 
three properties.  The viscosity of the biodiesel fuels does show the greatest increase.  Based 
upon the implications given by Lefebvre (1989) of these properties on atomization, it is expected 
that biodiesel fuels should exhibit poorer atomization than diesel fuel. 

 

5.3 Fuel Atomization Modeling 

5.3.1 Sauter Mean Diameter of the Neat Fuels 
The measured and computed properties outlined in sections 5.1 and 5.2 were used in Elktob’s 

model (equation 3.16).  As a first comparison, Figure B5.7 shows the SMD of just the five 
biodiesel fuels and the reference #2 diesel fuel. 

In Figure B5.7, it can be seen that the SMD of all of the fuels is dependent upon the 
temperature.  All of the properties used in the calculations are temperature dependent and 
decrease with increasing temperature.  This causes the SMD to decrease with temperature as 
well.   

Next, it can be seen in Figure B5.7 that all of the biodiesel fuels have a larger SMD than the 
reference diesel fuel.  Compared to the diesel fuel, the SMDs of the soybean, rapeseed, coconut, 
palm, and beef lard biodiesel are 33.4%, 39%, 16%, 36.6%, and 34.2% larger, respectively.  
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Figure B5.7.  Variation of Sauter Mean Diameter with fuel temperature of #2 diesel fuel 

and five biodiesel types.   
 

Lastly, the five biodiesel fuels can be broken into three distinct groups, the coconut biodiesel 
having the smallest SMD, the soybean, palm, and beef lard biodiesel fuels having the next 
highest SMD, and lastly the rapeseed biodiesel having the highest overall SMD.  This grouping 
can be explained by examining the properties used to calculate the SMD.  By referring back to 
sections 5.1 and 5.2, it can be seen that viscosity and surface tension of the coconut biodiesel are 
lower than the other biodiesel types.  The viscosity and surface tension of a fuel are the two most 
important properties in fuel atomization analysis as noted by Lefebvre (1989).  He added that the 
density was important as well, but the overall density of fuels does not vary by much.  The effect 
of density is usually considered negligible.  When looking at the viscosities of the soybean, palm, 
and beef lard biodiesel fuels, it can be seen that a balance occurs between these two properties.  
The soybean biodiesel fuel has a lower viscosity than the other palm and beef lard biodiesel 
fuels.  The palm and beef lard biodiesel fuels have fairly similar viscosities.  However, the 
soybean biodiesel has a larger surface tension than the other two fuels.  This leads to SMDs of all 
three fuels being very similar to one another.  The rapeseed biodiesel has the largest viscosities 
and surface tension of all of the fuels and therefore has the largest SMD. 

 

5.3.2 Sauter Mean Diameter of the Fuel Blends 
Figures B5.8 and B5.9 illustrate the effects of blend level with the coconut and rapeseed 

biodiesel fuels respectively.  These two biodiesel fuels were selected as they were the extremes 
of the SMD calculations. 
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Figure B5.8.   Variation of SMD with fuel temperature of diesel fuel and blends with 

coconut biodiesel.  . 

 
Figure B5.9.   SMD of diesel fuel and blends with rapeseed biodiesel fuel. 

 

These two figures show that low level blends (B2 and B5) have little impact on the SMD of 
the atomized fuel.  The percent differences between the B2 blends and diesel fuel are 0.3% and 
0.67% for coconut biodiesel and rapeseed biodiesel, respectively.  For B5, the percentage 
differences are 0.75% for coconut biodiesel and 1.67% for rapeseed biodiesel.  However, there 
are significant increases in the SMD with higher blend levels, starting with B20.  At the 20% 

15

20

25

30

35

30 40 50 60 70 80 90

Temperature, deg C

Sa
ut

er
 M

ea
n 

D
ia

m
et

er
, m

ic
ro

ns

B0
B2
B5
B20
B50
B75
B100

15

20

25

30

35

40

45

30 40 50 60 70 80 90

Temperature, deg C

Sa
ut

er
 M

ea
n 

D
ia

m
et

er
, m

ic
ro

ns

B0
B2
B5
B20
B50
B75
B100



 37

blend level, the percent increases are 3.03% for the coconut biodiesel and 6.84% for rapeseed 
biodiesel.  As the blend level rises, the SMDs of the blends compared to diesel fuel continue to 
increase.  Furthermore, as the blending level increases, there appears to a proportional scaling in 
the increase of SMD.  The 50% blend level for both the soybean and rapeseed biodiesel fuels 
have SMDs that are approximately halfway between the SMDs of the diesel fuel and their 
corresponding biodiesel.  This result was not expected and should be confirmed with actual tests.  
The trends for the other fuels were very nearly the same as the coconut and rapeseed biodiesel 
fuels.   

 

5.3.3 Impact of Sauter Mean Diameter on Combustion 
Danov and Gupta (2000) used a computational model of a large marine engine to analyze the 

effects of different fuel droplet sizes, specifically the SMD, upon the combustion process.  Their 
results indicated that with an increasing SMD of a spray, the fuel vaporization rate decreased, the 
combustion rates slowed, and peak cylinder pressures decreased.  Higher SMDs of sprays 
lowered the surface area of the fuel as it entered the cylinder.  The lower surface area decreased 
the amount of fuel available for evaporation.  The slower evaporation lengthened the ignition 
delay and limited the premixed combustion, leading to more diffusion combustion.  The later 
combustion will lead to lower peak cylinder pressures and lower cylinder temperatures as 
indicated by Heywood (1988).  The effect of having a larger droplet distribution is similar to 
retarding the injection timing of an engine.  The lower cylinder pressures and temperatures 
coupled with later combustion can be expected to lower the formation of NOx during combustion 
(Heywood, 1988).  These droplet size effects go against the trend of greater NOx formation for 
biodiesel fuels.  It can be concluded the effect of fuel atomization may not be the cause of greater 
NOx formation when using biodiesel fuels. 

 
6. Summary and Conclusions 

Biodiesel fuels appear to be a viable replacement for petroleum diesel fuels.  In order to 
make these fuels more attractive, a better understanding of the fuel in terms of its combustion 
characteristics is required.  This research sought to quantify the properties of biodiesel fuels 
relative to their fatty acid composition and analyze the effects of these different properties on 
biodiesel atomization and combustion. 

The viscosity, density, and surface tension of the five biodiesel fuels were measured as inputs 
to an atomization model.  All the measurements for the biodiesel fuels were significantly larger 
than for diesel fuel with viscosity exhibiting the largest difference.  The atomization model 
showed that biodiesel fuels produced droplets with larger diameter than the diesel fuel.  
Compared to the diesel fuel, the SMDs of the soybean, rapeseed, coconut, palm, and beef lard 
biodiesel are 33.4%, 39%, 16%, 36.6%, and 34.2% larger, respectively. 

A computational analysis was also performed to look at the effects of blending diesel fuel 
with biodiesel.  The properties selected for blending analysis included viscosity, density, and 
surface tension.  The computed properties showed that as the amount of biodiesel increased, the 
viscosity, density, and surface tension also increased.  These properties were also placed into the 
atomization model for analysis.  The results of these computations showed that two and five 
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percent blends of biodiesel had little effect on the droplet size distribution.  Higher percentage 
blends increased the droplet size distribution of the fuel spray.   

The increase of droplet sizes of the different fuels has been shown to impact the combustion 
by decreasing the evaporation rate of the fuels.  This delays the combustion event, producing 
lower cylinder pressures and temperatures and increasing the amount of diffusion combustion.  
These effects should produce less NOx emissions.  Biodiesel has been shown to increase NOx 
emissions.  The impacts of poorer atomization do not impact the formation of NOx emissions.   

  

 

7. Recommendations for Future Work 

The following recommendations are made for further investigation into the study of biodiesel 
atomization, combustion, and emissions reduction: 

1. Continue with the measurement of viscosity, density, surface tension, and other 
properties of biodiesel and modify the BDProp software to enhance the accuracy of its 
property estimations. 

2. Develop correlations to predict the properties of blends of biodiesel and petroleum diesel 
fuel. 

3. Continue to develop the fuel library with more accurate property correlations, especially 
for the fuel vapor properties.   

4. Measure the fuel droplet size distribution of diesel fuel, biodiesel, and their blends from 
modern fuel injectors subjected to actual engine operating conditions. 

5. Create fuel atomization models that not only take into account the physical properties of 
the fuels, but also the operating parameters of the engine cylinder into which the fuel is 
being injected. 
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C. COMPUTATIONAL MODELING 
 

1. Low Temperature Combustion of Biodiesel and Its Blends in the High-
Speed Direct-Injection Lion Engine  
Simultaneous reduction of NOx and soot in diesel engine is possible with low temperature 

combustion, which is characterized by rapid heat release.  The premixed air-fuel mixture 
eliminates the local rich region, which effectively reduce soot formation.  The overall lower 
combustion temperature prohibits NOx formation.   Multiple injections can also be used to 
reduce engine emissions.  It has been shown that emission level depends on the time interval 
between injections (Tow et al., 1994).  This study analyzes the effects of multiple injections 
and low temperature combustion of soybean biodiesel and its blends in a compression 
ignition (diesel) engine.  The optimized operating point of the LION engine with different 
fuel (diesel, biodiesel, blends of diesel and biodiesel) were determined using  an objective 
function. 

 

1.1 Computation of the Combustion of Biodiesel and Its Blends 
KIVA is the computational code used in this study, originally developed by the Los 

Alamos National Laboratory in 1985.  The code is capable of simulating three-
dimensional transient evolutions of the fuel evaporation, spray interactions with ambient 
gases, mixing of fuel vapor and air, turbulence flow inside the combustion chamber, 
ignition, combustion and pollutant formations and heat transfer in engine operations.  
The user can modify the source code to improve and expand the capability of the code.  
KIVA uses the arbitrary Lagrangian-Eulerian (ALE) finite volume method to solve the 
transient equations of a turbulent and chemically reactive mixture of fuel vapor (single 
component) and air.  The three-dimensional computational domain is represented by a 
collection of hexahedron cells.  A physical model can be described using these cells, 
with each vertex on these cells being a function of time.  The velocity vectors are 
determined on the cell face of each cell during computation but they are stored on the 
vertex as well.  This eliminates the need of a node-coupler.  The code marches forward 
in time by iterating upon the differential quantities of the variables with respect to time 
and the values from previous time until a converged solution.  KIVA employs a two-
stage calculation scheme within each time-step, namely, the Lagrangian phase and the 
rezone phase.  During the Lagragian phase, the cell vertices move along with ambient 
flow with no convection across cell boundaries.  Upon the rezone phase, the vertices are 
moved to a new specified location in a static flow field, followed by rezoning the flow 
field onto the mesh.  Details about the computational code can be found in the manuals 
(Amsden, 1989, 1993, 1997, 1999). 

 
1.1.1 Combustion Model: Shell Ignition Model 

 KIVA uses a single step global reaction approach in describing the combustion 
process.  The combustion model in KIVA considers complete reactions of hydrocarbons 
using the following chemical reactions: 
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 CxH2y + ��
	

��
�x + 

y
 2  O2 	 x CO2 + y H2O ,  (1.1a) 

 CxH2yOz + ��
	

��
�x + 

y
 2  
 

z
 2  O2 	 x CO2 + y H2O .  (1.1b) 

The kinetic reaction rate is given by the empirical expression, shown in equation 1.2, 

  R�  = � [ ]Fuel A[ ]O2
B exp ��

	
��
�eAct

RI T   ,  (1.2) 

where the constants � is the pre-exponential coefficient, A and B are the concentration 
exponents and eAct is the activation energy.   

The oxygen depletion rate must be corrected due to the presence of oxygen in biofuels 
molecules. The chemical structure in the model is changed to CxH2yOz for biodiesel and the 
oxygen depletion rate, p, is corrected, to account for the extra oxygen in the fuel molecule, as 

 p = 
x ( )2 
 �  + y 
 z

2y   ,  (1.3) 

where � relates the ratio of carbon dioxide to carbon monoxide in the final products as 
1 
 �

� , 

which is assumed to be 0.67.    

The Shell model, a general multi-step kinetics model, is inserted into KIVA, simulating the 
initiation, propagation, branching and termination processes during ignition and combustion, 
developed by Halstead et al. (1977).  The model is originally developed for knock prediction in 
spark ignition engines.  However, it has been successfully applied for low-temperature auto-
ignition process in diesel engine (Ricart et al., 1997).  The eight chemical reactions involved in 
the mechanism are shown in equation 1.4, 

 RH + O2  ⎯→
Kq   2 R* ,  (1.4a) 

 R* ⎯→
Kp  R* + P + Heat ,  (1.4b) 

 R* ⎯⎯→
f1Kp  R* + B ,  (1.4c) 

 R* ⎯⎯→
f4Kp  R* + Q ,  (1.4d) 

 R* + Q ⎯⎯→
f2Kp  R* + B ,  (1.4e) 

 B  ⎯→
Kb  2 R* ,  (1.4f) 

 R*  ⎯⎯→
f3Kb  Termination,  (1.4g) 

 2 R*  ⎯→
Kt  Termination,  (1.4h) 

where the species RH in the above equations represent any fuels in the form of CxH2y and R* is 
the derived radical.  The species P represents the products including carbon monoxide, carbon 
dioxide and water.  Species B is a branching agent and Q is the labile intermediate species.  The 
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rate constants Kb, Kp, Kq and Kt are in Arrhenius form and the rate terms, fi, are expressed in 
terms of local fuel and oxygen concentrations.  The optimized values for tetradecane, C14H30, 
widely used in modeling diesel combustion (Hamosfakidis and Reitz, 2003), are applied in 
biodiesel simulations except the kinetic constant Af4 is changed from 3.7×105 for tetradecane to 
2.40×106 for biodiesel (Yuan, 2005).    

As biodiesel and diesel has similar ignition characteristics, the Shell model can be used 
for biodiesel simulations with appropriate modifications describe in the following (Tat and 
Van Gerpen, 2003; Yuan, 2005).   Following the suggestions by Yuan (2005), The heat 
release per cycle must be corrected to account for the different chemical structures and 
heating values between biodiesel and diesel as follows, 

 
qd
qb

 = ��
	

��
�HVb

HVd
 ��
	

��
�MWb

MWd
 
�
�
	

�
�
�n

H
b

n
H
d

 ,  (1.5) 

where q is the heat release per cycle, HV is the heating value, MW represents the molecular 
mass in g/mol and nH is the number of hydrogen atoms per molecule of the fuel, subscript b 
represents biodiesel and d represents diesel fuel.  Another correction is assigning molecular 
masses to the intermediate species to satisfy the conservation of mass per suggestion by 
Schaperton and Lee (1985).   

 
1.1.2 Multi-Component Model of Evaporation 

A multi-component model, developed by Chin (2001) and Zeng and Lee (2000), is 
inserted into the KIVA-3V Release 2 program, allowing computations with 
biodiesel/diesel fuel blends.  Multi-component consideration is essential in this case due 
to the differences in properties between the fuel components.  Lighter components in the 
mixture evaporate faster in a droplet composed of a biodiesel-diesel mixture.  Therefore, 
an evaporating multi-component droplet becomes more non-volatile.  The phenomenon 
is also known as preferential evaporation, components no longer distributed uniformly 
within the droplets during the vaporization process.  Thermodynamic properties for the 
mixture are taken as the mass-averaged value of the individual components.  Transport 
properties, namely, thermal conductivity and viscosity are determined using  

 � = �
i

 �i xi

�i
 xi �ij

 ,  (1.6a) 

where � is either viscosity or thermal conductivity and �ij is determined by 
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This approach allows simulation of biodiesel/diesel blends be done without creating a 
properties table for each blend.   
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1.1.3 The Extended Zel’dovich Model for NOx Emissions 
The extended Zel’dovich mechanism (Bowman, C. T., 1975; Heywood, 1988; Lavoie, G. 

A. et al., 1970) is used to model the formation of NOx, which describes the process as: 

 � + �2  �� + � .  (1.7a) 

 � + �2  �� + � ,  (1.7b) 

 � + ��  �� + � ,  (1.7c) 

By combining the forward and backward reaction rates, the transient variation of the 
concentration of NOx can be calculated.  Applying the steady state assumption on the radical 
species of atomic nitrogen, the time rate of change of concentration of NOx is give as, 

 
d
dt [NO] = 2 kF

1 [O][N2] 
�1
 �2

  ,  (1.8a) 

where �1 = 1 
 
[NO]2

k[O2][N2]  ,  (1.8b) 

 �2 = 1 + 
kB

1[NO]
kF

2[O2] + kF
3[N2]

  ,  (1.8c) 

and � = 
kF

1

kB
1
 
kF

2

kB
2
  .  (1.8d) 

In equation 1.8, kF
n represents the forward reaction rate, and similarly, kB

n represents the 
backward reaction rate for reaction n.  Detailed discussions about the model can be found in 
Heywood (1988).  According to Heywood (1988), NO is the dominating species, therefore, 
no adjustments are made to account for NO2.  Throughout the study, the model is activated in 
all computational cells that contain the appropriate species for the mechanism.  

 

1.1.4 Soot Formation and Oxidation 
The empirical Hiroyasu model (Hiroyasu and Nishida, 1989) is used to describe soot 

formation.  The formation rate of soot is given by equation 1.9, 

 dmst‚ form
dt  = Af P0.5exp ��

	
��
�	eAct

RI T  · mfuel‚ vap ,  (1.9) 

where mst, form is the mass of soot formation, Af is the Arrhenius pre-exponent coefficient.  
Equation 1.9 states that the mass of soot formed is proportional to the mass of fuel vapor. 

 The oxidation of soot is determined by the Nagle and Strickland-Constable model 
(1962), which describes the mechanism of soot oxidation.  It is assumed that there are two 
kinds of sites on the carbon surface, a highly reactive type A, and a less reactive type B.  It is 
also assumed that a thermal shift if possible such that a highly reactive site can become a less 
reactive one,  

 A + O2  ⎯→
kA   Surface Oxides,  (1.10a) 
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 Surface Oxides  ⎯⎯→
kA/kZ   A + 2 CO,  (1.10b) 

 B + O2  ⎯→
kB   B + 2CO ,  (1.10b) 

 A  ⎯→
kT  B .  (1.10c) 

The rate equations for the three reactions can be combined as an overall reaction rate, given 
by equation 1.11, 

 ktot = 
�
�
	

�
�
�kA PO2

  1 + kZ PO2  
 x + kB PO2 ( )1 	 x  ,  (1.11a) 

where ktot is the total surface reaction rate, PO2 is the partial pressure of oxygen and x is the 
proportion of highly reactive site A given by, 

 x = 1 + kT
  1 + kB PO2  

 .  (1.11b) 

Detail derivations of equation 1.11 can be found in Nagle and Strickland-Constable (1962).  
The depletion rate of soot cant then be determined as, 

 
dmst‚ oxi

dt  = 
MWC

 2 
st Rst  mst ktot ,  (1.12) 

where mst, oxi is the mass of soot oxidized, MWC is the molar mass of carbon, 
st is the density 
of soot (2 g/cm3), Rst is the radius of soot particle (0.015 �m). 

 

1.1.6 Thermodynamic Properties of Biodiesel  
In order to employ KIVA, biodiesel properties must be determined and included in 

the fuel library for simulations.  Equations for vapor pressure, surface tension, enthalpy 
of vaporization, liquid density, critical properties, and liquid viscosity can be found in 
Yuan et al. (2003, 2005).  Biodiesel properties depend upon the fatty acid composition in 
the fuel thermal conductivity for biodiesel is determined using the mixture rule devised 
by Sastri (Poling et al., 2001), 

 kiiq = kboil am ,  (1.13a) 

where the constant a equals 0.856 for alcohols and 0.16 for other liquids, kliq is the 
thermal conductivity, kboil is thermal conductivity at normal boiling point calculated from 
group contributions defined by Sastri (Poling et al., 2001), and the exponent m is  
given by, 

 m = 1 
 
1 
 Tr

1 
 Tr‚ boil
 ,  (1.13b) 

where Tr is the reduced temperature, and, Tr, boil is the reduced boiling point.  The boiling 
point of methyl ester is correlated to the number of carbon atoms using the method 
derived by McCormick et al. (2001) with further corrections for unsaturated esters (Yuan 
et al., 2005).  Lydersen’s method (Poling et al., 2001), with the Joback modification used 
to predict the critical temperature of methyl ester as, 
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 Tcrit = Tboil [ ]0.584 + 0.965 � �T 
 ( )�  �T
2 ,  (1.14) 

where Tcrit is the critical temperature, and �T is determined by summing the group 
contributions using the approach of Joback (Poling et al., 2001).  Thermal conductivity of 
the liquid mixture is then evaluated using the Li method (Poling et al., 2001) as, 

 kmix =�
i=1

n
  �

j=1

n
  �i �j kij, (1.15a) 

where kij is given by  

 kij = 
2

1/ki + 1/kj
 , (1.15b) 

and �i is given by  

 �i = xi Vi

�
j=1

n
 xj Vj

 , (1.15c) 

where xi is the mole fraction and Vi is the molar volume of component i.  Since biodiesel is 
non-aqueous, the critical molar volume (Vcrit) is determined evaluated using Lydersen’s 
method with Joback modification (Poling et al., 2001), 

 Vcrit = 17.5 + � �v . (1.16) 

The calculated enthalpy, heat of vaporization, vapor pressure, liquid viscosity, surface 
tension, thermal conductivity, critical temperature, heat of formation, liquid density and the 
binary diffusion coefficient for fuel-air pairs at various temperatures for each of the fuels are 
inserted into the fuel library in KIVA, thus, allowing biodiesel simulation using the code.  
These data are generated by the software BDProp, developed by Yuan (2005). 

 

1.2 Multiple Injections of Biodiesel and Its Blends  
The operation of the LION engine, built by Ford Motor Company, was simulated using a 

modified KIVA-3V Release 2 program.  A 60° axisymmetric mesh was used in the study for 
effective computation while maintaining three-dimensional fluid dynamics.  The mesh 
contained 12003 cells and 23023 vertices.  Four different fuel blends were considered in this 
study: pure European low-sulphur diesel, 20% soybean biodiesel (by volume) blend, 50% 
soybean biodiesel blend and pure soybean biodiesel.  The engine speed was either 1000 rpm, 
1500 rpm or 2000 rpm.  Simulations were conducted for two different engine loading 
conditions: 300 kPa IMEP or 500 kPa IMEP engine outputs.  Several injection schemes were 
considered for operation for each of the fuel blends.  The injection pressure varies from 48 
MPa to 63 MPa for all cases presented here.  Throughout the study, the chemical structure for 
soybean biodiesel was taken as C19H35O2 (Yuan, 2005).  Tetradecane, C14H30, was used to 
represent European low-sulphur diesel in simulation.   
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1.3 Combustion of Pure Diesel and Pure Biodiesel  
The effects of dual injections of biodiesel in a modern direct injection engine were examined 

experimentally and numerically.  Initial injection of fuel occurred at 344° crank angle for 1000 
rpm operations and 340° crank angle for 1500 rpm operations.  Main injection was at 362° crank 
angle for all cases.  Table C1.1 listed the test conditions for the cases studied.  Figures C1.1 and 
C1.2 show the pressure and heat release rate variation for a direct injection engine, for both diesel 
and biodiesel at 1000 rpm and 1500 rpm operations.  The modified KIVA predicts the major 
combustion characteristics, including ignition delay, pear combustion pressure and peak heat 
release rate well for both diesel and biodiesel.  The peak combustion pressures were 4560 kPa 
and 4839 kPa for diesel and biodiesel, respectively, for 300 kPa IMEP operations at 1000 rpm.  
The corresponding figures were 4630 kPa and 4790 kPa for 300 kPa IMEP operations at 1500 
rpm.  For 500 kPa IMEP engine output, the peak combustion pressures were 5250 kPa and 5650 
kPa for diesel and biodiesel, respectively, at 1000 rpm; and, 5140 kPa and 5380 kPa at 1500 rpm.  
The ignition delay is shorted for biodiesel over the initial injection, most likely because of the 
slower evaporation of biodiesel.  However, the ignition delay of biodiesel is significantly shorter 
for biodiesel for main injection, especially at 1000 rpm engine speed.  The ignition delay for 
biodiesel at 1500 rpm engine speed is still shorter than that for diesel, but the difference between 
the two fuels was not as obvious as in the 1000 rpm case.  The higher bulk modulus of biodiesel 
may lead to earlier actual fuel injection, and, the higher cetane number of biodiesel, both lead to 
earlier ignition.  The peak combustion pressure (for main injection) for biodiesel is higher since 
combustion occurs at earlier during the engine cycle, implying that combustion occurred at 
higher cylinder pressure.  Due to the higher cylinder temperature following initial combustion, 
the rate of evaporation for fuel injection during main injection was enhanced over that for the 
initial injection.  In all cases studied, soybean biodiesel showed shorter combustion duration and 
higher peak heat release rate.  The duration of combustion for biodiesel, proportional to the width 
of the heat release rate curve, is shorter for biodiesel.  This indicates faster combustion of the 
fuel. The long tail of the heat release curves for biodiesel at both 1000 rpm and 1500 rpm 
operations indicates the existence of some diffusion combustion. 

Figure C1.3 compares the predicted NOx emission against experimentally measured values.  
The modified KIVA predicted the trend for emissions correctly.  The emission from biodiesel 
increases with higher engine speed, for both low load (300 kPa IMEP) and high load (500 kPa 
IMEP) operations.  However, the trend was inconclusive diesel fuel.  Figure C1.4 shows the in-
cylinder temperature and fuel vapor distributions at different instances after main combustion for 
test conditions III and IV.  For soybean biodiesel, most of the fuel vapor diffused along the piston 
bowl wall and the squish region.  On the other hand, for pure diesel, a vast majority of fuel vapor 
was found in the squish region.  As a consequence, combustion mostly occurred within the piston 
bowl for biodiesel and in the region above the piston bowl for diesel fuel.  Similar observations 
were made for the 1000 rpm operation of the LION engine. 

 

1.4 Combustion of 50% Soybean Biodiesel Blend 
1.4.1 Comparisons of Pressure and Heat Release Rate 

Several simulations were conducted for the 50% soybean biodiesel blend to study the effect 
of injection time on the performance and emissions.  Four different injection time settings were 
considered: at top-dead-centre (360°), which is the default setting; and at 358°, 362° and 364°.   
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The test conditions are tabulated in Table C1.2.  The predicted and measure pressure and heat 
release rate are shown in Figures C1.5 through C1.7 for test conditions V through VII in Table 
C1.2, respectively.  The modified KIVA code predicted the transient response, for both pressure 
and heat release rate, accurately for all test conditions in Table C1.2.  The main combustion 
characteristics, including peak combustion pressure, peak heat release rate, and ignition time, all 
agreed well with experimental measured values.   The long tail in the heat release rate curves 
indicated the existence of conventional combustion mode.  As seen in Figure C1.5, the top-dead-
centre pressure was about 5900 kPa for 300 kPa IMEP operations.  The peak combustion 
pressure for test condition IV were 6000 kPa, 5560 kPa, 5220 kPa, and 4700 kPa for advanced 
2°, default, retarded 2° and retard 4° main injections, respectively.  As injection retarded, 
combustion occurred when the engine cycle was well into the expansion stroke, which explains 
the lower peak combustion pressure.  Note that as the injection retarded, a more distinctive peak 
is observed in the heat release rate curve despite the long tail.  This was particularly obvious for 
the late injection (at 364° crank angle) case, which may indicate the co-existence of both low-
temperature (premixed) combustion and conventional combustion modes.  

Similar observations could be made for the 500 kPa IMEP operations.  The top-dead-centre 
pressure for test condition VII was 6300 kPa for 2000 rpm and 6000 kPa for 1500 rpm.  Peak 
combustion pressures for 2000 rpm were 6700 kPa, 6170 kPa, 5670 kPa and 5200 kPa higher for 
advanced 2°, default, retarded 2° and retard 4° main injections, respectively.  The corresponding 
values for 1500 rpm operations were 6300 kPa, 5800 kPa, 5350 kPa and 4880 kPa, respectively, 
all of which were approximately 6% lower than the corresponding value in 2000 rpm case.  A 
more distinctive single peaked was observed as injection was deferred, as in the 300 kPa IMEP 
case, although the trend was not as obvious as the low load case. 

 

1.4.2 NOx and Soot Emissions 
Figure C1.8 shows the predicted NOx emission for test conditions V through VII in Table 

C1.2.  The modified KIVA code predicted the trend of NOx emission well, when compared with 
experimental measurements.  In general, as injection deferred, NOx emission also lowered.  This 
is consistent with the observations in Figures C1.5 to C1.7, which showed that the low-
temperature (pre-mixed) combustion mode became more obvious as injection was delayed.  
Since the formation of NOx is sensitive at high temperature (Heywood, 1988), the lower 
combustion temperature prohibited the formation of NOx, which most likely contributed to the 
lower emission level shown in Figure C1.8. 

The predicted and measured soot emission for test conditions V through VII in Table C1.2 is 
shown in Figure C1.9.  As in the case of NOx emission, the predicted trend for soot emission 
matched the measured trend well.  The emission level was not sensitive to the injection time for 
low load (300 kPa IMEP) operations.  However, late injection at 364° crank angle seemed to 
inhibit soot emission for high load (500 kPa IMEP).  



49 
 

1.5 Combustion of 20% Soybean Biodiesel Blend 
1.5.1 Comparisons of Pressure and Heat Release Rate 

Several simulations were conducted for the 20% soybean biodiesel blend to study the effect 
of injection time on the performance and emissions.  Four different injection time settings were 
considered: at top-dead-centre (360°), which is the default setting; and at 358°, 362° and 364°.   
The test conditions are tabulated in Table C1.3.  The predicted and measure pressure and heat 
release rate are shown in Figures C1.10 through C1.12 for test conditions VIII through X in 
Table C1.3, respectively.  Just as the simulations for the 50% soybean biodiesel blend, the 
modified KIVA code predicted the transient response, for both pressure and heat release rate, 
accurately for all test conditions listed in Table C1.3.  The main combustion characteristics, 
including peak combustion pressure, peak heat release rate, and ignition time, all agreed well 
with experimental measured values.   The long tail in the heat release rate curves indicated the 
existence of conventional combustion mode.  As seen in Figure C1.10, the peak combustion 
pressure for test condition VII were 6000 kPa, 5600 kPa, 5000 kPa, and 4400 kPa for advanced 
2°, default, retarded 2° and retard 4° main injections, respectively.  As injection retarded, 
combustion occurred when the engine cycle was well into the expansion stroke, which explains 
the lower peak combustion pressure.   Ignition occurred at approximately 8° crank angles after 
injection for all the cases.   Note that as the injection retarded, a more distinctive peak is observed 
in the heat release rate curve despite the long tail.  This was particularly obvious for the late 
injection (at 364° crank angle) case, which may indicate the co-existence of both low-
temperature (premixed) combustion and conventional combustion modes.  

Similar observations could be made for the 500 kPa IMEP operations.  Peak combustion 
pressures for 2000 rpm were 6400 kPa, 5800 kPa, 5500 kPa and 5000 kPa higher for for 
advanced 2°, default, retarded 2° and retard 4° main injections, respectively.  The corresponding 
values for 1500 rpm operations were 6500 kPa, 5800 kPa, 5600 kPa and 5200 kPa, respectively.  
A more distinctive single peaked was observed as injection was deferred, showing that low-
temperature-combustion mode is more dominating with late fuel injection.  However, the trend 
was not as obvious as the low load (300 kPa IMEP) operations. 

 

1.5.2 NOx and Soot Emissions 
The predicted NOx emission for test conditions VIII through X in Table C1.3 is shown in 

Figure C1.13.  The modified KIVA code predicted the trend of NOx emission well, when 
compared with experimental measurements.  In general, as injection deferred, NOx emission also 
lowered, just as in the case for the 50% biodiesel blend.  This is consistent with the observations 
in Figures C1.10 to C1.12, which showed that the low-temperature (premixed) combustion mode 
became more obvious as injection was delayed.  Comparing the emission of 50% biodiesel blend, 
shown in Figure C1.8, and 20% biodiesel blend, shown in Figure C1.13, at low speed and low 
(300 kPa IMEP) load, the emission of NOx was at its minimal possible level as the maximum 
amount of EGR was applied without causing erratic combustion.  Therefore, the effect of 
injection time and fuel content on emission level was not obvious.  For 500 kPa IMEP cases, 
higher biodiesel content causes higher NOx emission, as the amount of exhaust gas recirculation 
applied to these cases are lower than the aforementioned 300 kPa IMEP cases running at low 
speed.  Similar conclustion can be drawn for the 300 kPa IMEP load cases running at 2000 rpm. 
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The predicted and measured soot emission for test conditions VIII through X in Table C1.3 is 
shown in Figure C1.14.  As in the case of NOx emission, the modified KIVA predicted soot 
emission well.  The emission level was not sensitive to the injection time, although it showed a 
tendency of lower emission with deferred injection.   

 

1.6 Low-Temperature Combustion of Pure Soybean Biodiesel 
1.6.1 Pressure and Heat Release Rate Comparisons 

Simulations were conducted and compared to experimental measurement to better 
understand low-temperature combustion within the engine.  The variation of cylinder pressures 
and heat release rates with different exhaust gas recirculation applied during operations are 
shown in Figures C1.15 to C1.17 for 200 kPa and 300 kPa IMEP engine output, respectively.  
Note that the fuel injection time remained constant for all cases with same IMEP engine output.  
The figures indicated longer ignition delay with higher exhaust gas recirculation.  This implies 
that the fuel-vapor and air could have better mixed because of the deferred ignition of the fuel-air 
mixture.  The heat release rate curve also indicated stronger tendency of premixed combustion 
for cases with higher exhaust gas recirculation.  For the 500 kPa IMEP and 700 kPa operations, 
diffusion combustion became more apparent at all engine speeds, as seen in Figures C1.18 to 
C1.20.  Premixed combustion became the dominating mode of combustion with deferred fuel 
injection, which allows ample time for air-fuel mixing.  Note that, from Figure 19, varying the 
amount of exhaust gas recirculation did not affect the heat release rate and therefore the variation 
of in-cylinder pressure a lot. 

 
1.6.2 NOx and Soot Emissions 

The predicted and measured NOx and soot emissions for all the cases are shown in Figures 
C1.21 to C1.25.  The modified KIVA code predicted the trends for both pollutants very well, 
when compared with experimentally measured values.  In general, when injection is delayed 
and/or higher amount of exhaust gas recirculation is applied, NOx emission would be reduced.  
Both strategies allow combustion to occur at a lower temperature, which had been shown in the 
literature as an effective measure of prohibiting the formation of NOx.  On the other hand, NOx 
was also reduced by injected less fuel during initial injection.  By injection less fuel during initial 
injection, the main combustion occurred at a lower ambient temperature.  This, again, a very 
effective approach of prohibiting the formation NOx due to the fact its formation is very sensitive 
at high temperature.   

The traditional NOx and soot emission trade-off is observed in Figures C1.22, C1.24 and 
C1.25. Soot emission can be effectively reduced by increasing exhaust gas recirculation.  Soot 
emission was calculated as the net amount of the soot formed and oxidized during an engine 
cycle in the modified KIVA code, which utilized the Hiroyasu model for soot formation and the 
Nagle-Strickland-Constable model for soot oxidation.  Note that the amount (concentration) of 
oxygen is essential in the oxidation of soot, as indicated in the Nagle-Strickland-Constable soot 
oxidation model.  With increased amount of exhaust gas recirculation, there are less oxygen 
available after combustion for soot oxidation.  Therefore, it is logical to expect soot emission be 
higher when the amount of exhaust gas recirculation was increased.  One other important to take 
note, the application of very high level of exhaust gas recirculation might be undesirable due to 
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higher fuel consumption needed for these cases.  For 200 kPa IMEP engine output with 50% 
exhaust gas recirculation, both predicted and measured soot emissions reduced from other cases 
in the Figure C1.21.  Premixed (low-temperature) combustion mode significantly dominated in 
the main combustion process, which contributed to the observation that NOx and soot both 
reduced, with almost no NOx emission. 

 
1.7 Optimization of Engine Operations 

An objective function was defined in order to determine the optimal operation point of the 
engine at different engine loads, engine speeds, and fuel blends.  Since the goal of the present 
optimization process is to reduce emissions without sacrificing fuel economy, the objective 
function contains engine-out emissions such as NOx, soot, and so on, as well as fuel 
consumption.  The optimized engine operation parameters include injection timing and EGR 
ratio.  For the cases of varying injection timing, the objective function is defined as 
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The parameter factor �� indicates the injection timing, and the subscript D is the default injection 
case (at top dead center).  For the cases of varying EGR ratio, the objective function is defined as  
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The parameter factor �� is the EGR ratio, and the subscript N refers to the no EGR case. The CO 
emission is not included in the objective function calculation because it is not one of most 
concern emission parameters when the engine is running with EGR.  

Table C1.2 to Table C1.4 shows the concluded optimal operation points, and Figure C1.26 to 
Figure C1.29 shows the objective function plot with varying injection timing and EGR under 
different engine conditions.  For the pure soybean biodiesel under low temperature combustion 
condition, different EGR rates and injection strategies were used in order to minimize the 
emissions and optimized the combustion process.  From the objective function calculation, it is 
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seen that there exits an optimal EGR ratio for the different engine loads with engine default 
injection.  The use of EGR system influences the combustion because of the presence of burned 
fuel mixed with the air from the inlet system.  The first and most basic EGR effect is the increase 
on the inlet air ratio after mixing with the EGR rate raise, and the consequence is a lower air 
density and reduction of the air mass trapped inside the cylinder.  EGR is an additional diluent to 
the unburned gas diminishing the peak temperature inside the cylinder and the temperature of the 
flame.  The decrease observed in the peak temperature is also due to the fact that the H2O and 
CO2 suffer dissociation by an endothermic process, absorbing part of the heat released by 
combustion and having impact on both temperatures.  As a consequence of the lower peak 
temperature, the formation of NOx decreases.   As in most literature, the main reduction in NOx 
emission provoked by EGR is observed with an EGR ratio of 10% to 25%.  Another implication 
of the EGR rate is in the BSFC and mean exhaust temperature. Both suffer a decrease with 
higher EGR rates.  There are several reasons for the decrease in the BSFC: the less heat losses to 
the wall because the burned gas temperature decreases significantly, the pumping work is 
reduced as EGR increases and a reduction in the degree of dissociation in the high-temperature 
burned gases which allows more fuel’s chemical energy to be converted into sensible energy near 
TDC.  Although the EGR system lowers the NOx formation and BSFC, it also has a downside 
effect of reducing the combustion rate which implies in combustion with a higher degree of 
instability.  The reduction in the burn rate results in higher emissions of hydrocarbon and soot.  
Because of all the consequences of inducing EGR system, the optimal EGR ratio for combustion 
process is around 20% for 3bar and 5bar IMEP.  However, for the low load 2bar IMEP case, the 
optimal operation point occurs to the highest EGR rate (50%). It is probably because that the in 
cylinder temperature is very low under this condition and the soot and NOx emissions suffer a 
decrease simultaneously.   

Different injection strategies were also used for the pure soybean biodiesel low temperature 
combustion case, and the EGR rate was set to the engine default value in this study.  For the 
relatively low load case (3bar IMEP), both advanced injection timing and lower pre-injection fuel 
mass can improve the engine performance.  With the advanced injection timing, the ignition 
delay is longer and the combustion is dominated by the premixed combustion which results in a 
lower soot emission.   By lowering the pre-injection fuel mass, the combustion temperature is 
decreased, and consequently, the soot and NOx emissions are decreased simultaneously.  Finally, 
lowering the pre-injection fuel mass results in the best engine performance and is recommended 
for the partial load 3bar IMEP low temperature combustion condition.  For the high load case 
(5bar and 7bar IMEP), the engine operation can be optimized by retarding the injection timing.  

For the diesel and soybean biodiesel blend fuels, different injection timings were tested to 
optimize the engine performance under different engine speeds and engine loads.  For both B20 
and B50, the optimized injection timing is around TDC to 2 CAD ATDC.  Injection timing is a 
very important parameter that significantly influences all engine characteristics.  This is mainly 
due to the fact that injection timing influences the mixing quality of air-fuel mixing and, 
consequently, the combustion process, including harmful emissions.  It is generally known that 
retarded injection decreases maximal pressure in the cylinder and leads to a lower peak rate of 
heat transfer and consequently to lower combustion noise.  Because the delayed injection leads to 
lower temperature, the NOx emissions are also reduced.  On the other hand, retarded injection 
leads to an increase in fuel consumption.  Because of the tradeoff between NOx emission and fuel 
consumption, the optimal injection timing is around TDC to 2 CAD ATDC.  
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Tables 
Table C1.1.  Test conditions for diesel and soybean biodiesel. 

Test Condition I II III IV 

IMEP [kPa] 300 500 300 500 

Engine Speed [rpm] 1000 1500 

Injection Time [°CA]a 344°, 362° 340°, 362° 

Fuel  Diesel, Soybean Biodiesel 
Note 

a Top-dead-centre corresponds to 360° crank angle. 

 

 

Table C1.2.  Optimized operation condition for 50% soybean biodiesel blend 
 

RPM IMEP Test 
Condition 

Injection 
Strategy a 

EGR Ratio 
(%) 

Optimal 
Condition 

1500 5 bar V 

2 CAD 
Advanced 

Standard 
37 

 

Default  

2 CAD 
Retarded 

√ 

4 CAD 
Retarded 

 

2000 

5 bar VI 

2 CAD 
Advanced 

Standard 
36 

 

Default  

2 CAD 
Retarded 

√ 

4 CAD 
Retarded 

 

3 bar VII 

2 CAD 
Advanced 

Standard 
38 

 

Default √ 

2 CAD 
Retarded 

 

4 CAD 
Retarded 

 

 
Note 

a Default setting corresponds to main injection at top-dead-centre (360° crank angle). 
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Table C1.3.  Optimized operation condition for 20% soybean biodiesel blend 
 

RPM IMEP Test 
Condition 

Injection 
Strategy a 

EGR Ratio 
(%) 

Optimal 
Condition 

1500 5 bar VIII 

2 CAD 
Advanced 

Standard 
41 

 

Default √ 

2 CAD 
Retarded 

 

4 CAD 
Retarded 

 

2000 

5 bar IX 

2 CAD 
Advanced 

Standard 
36 

 

Default √ 

2 CAD 
Retarded 

 

4 CAD 
Retarded 

 

3 bar X 

2 CAD 
Advanced 

Standard 
37 

 

Default  

2 CAD 
Retarded 

√ 

4 CAD 
Retarded 

 

 
Note 

a Default setting corresponds to main injection at top-dead-centre (360° crank angle). 
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Table C1.4.  Optimized operation condition for soybean under LTC condition 

IMEP Test Condition EGR Ratio (%) Injection 
Strategy a 

Optimal 
Condition 

2 bar XI 

1 Default  

30 Default  

40 Default  

50 Default √ 

3 bar 
Default injection XII 

2 Default  

25 Default √ 

40 Default  

50 Default  

3 bar 
Modified 
injection 

XIII 

50 Default  

50 Retarded  

50 Early  

50 
Minimum pre-
injection fuel 

mass 
√ 

5 bar  
Default injection XIV 

1 Default  

10 Default √ 

30 Default  

35 Default  

5 bar  
Modified 
injection 

XV 
35 Default  

35 Retarded √ 

7 bar XVI 
1 Default  

30 Retarded √ 

 
Note 

a Default setting corresponds to main injection at top-dead-centre (360° crank angle).
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2. Low Temperature Combustion of Biodiesel and Its Blends in the High-
Speed Direct-Injection DIATA Engine 

 

Simultaneous reduction of NOx and soot in diesel is possible with low temperature 
combustion, which is characterized by rapid heat release.  The premixed air-fuel mixture 
eliminates the local rich region, which effectively reduce soot formation.  The overall lower 
combustion temperature prohibits NOx formation.   Multiple injections can also be used to 
reduce engine emissions.  It has been shown that emission level depends on the time interval 
between injections (Tow et al., 1994).  This section analyzes the effects of multiple injections 
and low temperature combustion of soybean biodiesel and its blends in a small-bore high-
speed direct-injection diesel engine. 

 

2.1 Computational Results for Multiple Injections of Biodiesel and Its Blends  
2.1.1 The DIATA Engine 

The operation of the DIATA (direct injection alumnium through-bolt assembly) engine, 
built by Ford Motor Company, was simulated using the KIVA-3V Release 2 program.  The 
design and experimental specifications can be found in Mathews et al. (2002) and Fang et al. 
(2005).  Engine configuration is tabulated in Table C2.1.  A 60° axisymmetric mesh was 
used in the study for effective computation while maintaining three-dimensional fluid 
dynamics.   

Four dual injection schemes were considered for operation with an IMEP of 400 kPa.  
The injection pressure is 80 MPa for all cases presented here.  Four blends of soybean 
biodiesel and European low-sulphur diesel were considered in this study: pure diesel, pure 
biodiesel, 20% biodiesel (B20) by volume and 50% biodiesel (B50) by volume.  Simulations 
were done for the specified injection schemes using the modified KIVA-3V Release 2 code 
for all fuels.  The chemical structure for soybean biodiesel was taken as C19H35O2 (Yuan, 
2005).  Tetradecane, C14H30, was used to represent European low-sulphur diesel in 
simulation.  Table C2.2 tabulates the operating conditions considered in this study.  

 

2.1.2 Spray Penetration, Ignition and Combustion of Biodiesel and Blends 
Figure C2.1 shows the spray penetration at 5° after main injection for Test Condition IV 

(injections at 330° and 370°) in Table C2.2.  KIVA predicted spray dynamics and liquid jet 
penetration well for all fuels considered.  The figure showed that the penetration length increases 
with increasing biodiesel content.  Due to the low volatility of biodiesel, blends of fuel with more 
biodiesel would exhibit slower evaporation.  Thus, explaining the stronger penetration observed 
in Figure C2.1 

The pressure and heat release rate variations are shown in Figures C2.2 and C2.3,  
respectively, for the four fuel blends listed in Table C2.2.  Both experimental measurements and 
KIVA predictions were shown in the figures.  As seen from Figure C2.2, KIVA accurately 
predicted the transient response, for both pressure and heat release rate1 for all the four fuel 
                                                 
1 The experimental measured heat release rate was determined from the measured pressure trace. 
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blends, in all the cases considered in this study.  The main combustion characteristics, including 
peak combustion pressure, peak heat release rate, and ignition time, all agreed well with 
experimental data.  The pressure rise due to initial injections was greatest with injections were 
closest to top-dead-centre.  Maximum top-dead-centre (360°) pressure was observed with initial 
injection at 340° for all the four fuels.  Biodiesel seemed to lower the maximum combustion 
pressure.  The maximum combustion pressure for TDC main injection was about 6800 kPa for 
pure diesel; 6600 kPa for B20 and about 6800 kPa for both B50 and pure biodiesel.  The 
corresponding values with 370° main injection were 4000 kPa, 4200 kPa, 4500 kPa and 4200 
kPa for pure diesel, B20, B50 and pure biodiesel, respectively.   

Regarding the main combustion phase that occurred after top-dead-center, for pure diesel and 
pure biodiesel, test Condition III (initial injection at 340°) ignited first, followed by Test 
Condition II (initial injection at 320°), then Test Condition I (initial injection at 300°), as seen in 
Figure C2.3.  For B20 fuel, Test Condition II (with injections at 330° and TDC) had the shortest 
ignition delay, Test Condition III (with injections at 340° and TDC) ignited slightly after Test 
Condition II, and Test Condition I (with injections at 320° and TDC) had the longest ignition 
delay.  The same trend was observed for B50.  Ignition for Test Condition IV (main injection 
deferred till 370°) occured at about 375° for B50 and 377° to 378° for the other fuels.  The main 
ignition for Test Conditions II and III began earlier when using B100 over B0, but Test 
Conditions I and IV showed the opposite trend.  Narrow peaks in the heat release rate indicated 
premixed combustion rather than diffusion combustion.  For example, Test Condition III showed 
diffusion combustion because of the long tail in the heat release curve, while Test Conditions I 
and IV more closely resembled premixed combustion due to the rapid heat release rate that drops 
to zero at the end of combustion.  When biodiesel fuel had a later ignition than diesel, the heat 
release rates were sharper, indicating that the ignition delay allowed for more time for the fuel to 
mix prior to ignition.  A short ignition delay, as in Test Conditions II and III, resulted in diffusion 
combustion rather than premixed combustion.  For both B20 and B50 fuels, Test Condition I 
(with injections at 320° and TDC) and Test Condition IV (with injections at 330° and 370°) 
could be regarded as premixed combustion as the combustion process was characterized by rapid 
heat release.  The heat release curve for Test Condition III resembled traditional diffusion 
combustion.      

For Test Condition I, the rise in pressure after the main injection at TDC was much 
sharper for biodiesel than for diesel fuel.  This indicated that the biodiesel fuel burnt 
faster than diesel in this case.  In fact, this trend of fast heat release for biodiesel was 
observed in all cases, as shown in Figure C2.3. It can be seen from the figure that pure 
biodiesel had a higher peak heat release rate for all injections.  It can also be seen that the 
peaks were narrower for B100 than for B0.  This indicated a faster rate of combustion for 
pure soybean biodiesel.  It was possible that the presence of oxygen within the fuel 
helped the combustion process and reduced the time required for the fuel to burn 
completely.  The start of combustion (SOC) and peak heat release rate (peak HRR) were 
listed in Table C2.3, where the start of combustion is defined as the instant when heat 
release rate equal to 5% of the peak heat release rate.  Comparing the heat release rates of 
B20 and B50, the peak heat release seemed to occur at a later instant for B20.   

In addition, B50 did not necessarily have a faster burning rate, unlike the comparisons 
between pure diesel and pure biodiesel in previous study by Stringer (2008).  For example, 
the duration of combustion was about the same for the two fuels in Test Conditions I and 
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II.  Indeed, the peak heat release rates also had the same order of magnitude (104 J/deg for 
B20 versus 108 J/deg for B50), as shown in Table C2.3.  It seemed from these results that 
diesel fuel had a dominating effect on the combustion characteristics in these blends.  
However, for fuel blends, ignition before main combustion phase occurred at 
approximately the same instance for both B20 and B50, close to that of diesel.  The start 
of combustion for the blends resembled that for pure diesel, with the low temperature 
combustion case, where injections were scheduled at 330° and 370°, be the sole exception: 
B50 ignited about 3° earlier.  Peak heat release rate for B50 tended to be higher than B20.  
For cases with diffusion combustion, the peak heat release was almost 30% higher for 
B50; on the other hand, there were also cases where peak heat release rates for both fuels 
were about the same, like Test Condition IV.  This observation was consistent with 
previous findings by Hallett and Ricard (1992) that ignition was controlled by the most 
volatile species in the mixture.  Various studies (Graboski and McCormick, 1998; Tat and 
Van Gerpen, 2003; Yuan, 2005) showed that the latent heat of vaporization and viscosity 
were higher for biodiesel from various sources.  Therefore, regular diesel would be the 
more volatile species in a diesel-biodiesel blend.  The ignition delay for main injection 
was about the same for all fuels.  Note that the combustion chamber was at elevated 
temperatures after the pilot injections, which was favorable for fuel evaporation and 
ignition.  Thus, the ignition delay became similar for all the fuels. 

The oxygen in biodiesel helps the overall combustion process by creating extra 
unstable intermediate species during combustion, thus, shorter ignition delay and faster 
combustion is observed in pure biodiesel (Stringer et al. 2008).  However, from the 
comparisons of results in Figures C2.2 and C2.3, the combustion process was not 
improved the additional oxygen embedded in biodiesel.  This might be related to the intrinsic 
properties of diesel and biodiesel.  The latter had higher density, viscosity, boiling point and 
clouding point.  Previous studies concluded that biodiesel was less volatile and more difficult 
to vaporize (Graboski and McCormick, 1998), comparing to conventional diesel fuel.  
Therefore, after fuel injection, the fuel vapor should become diesel rich while the droplets 
(liquid phase) become biodiesel rich.  As a result, the behavior of the ignition and 
combustion process was controlled by diesel fuel, and the effect of biodiesel on the 
combustion process was thus overshadowed.   

 

2.1.3 NOx Emissions 
Emissions of NOx predicted by KIVA with the extended Zel’dovich mechanism were 

plotted in Figure C2.4 together with experimental measurements.  The modified KIVA 
predicted the emissions trends well, when compared to experimental data.  Test 
Condition III had the highest emission level for both B20 and B50.  The emission of NOx 
emission was significantly reduced with main injection at 370° (Test Condition IV) for 
both B20 and B50.  The emission reduced by 50% over Test Condition III for both fuels.  
Heywood (1988) pointed out that the formation of NOx involves molecules, atomic 
nitrogen and oxygen and it was formed behind the flame front.  The reaction was very 
sensitive to the temperature of the burnt gas and the formation rate varied exponentially 
in combustion temperature.  Notice that a longer time interval between the injections 
reduced the formation of NOx.  Should the main injection be scheduled shortly after the 
pilot injection, the fuel was injected directly into the high temperature region resulted 
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from the first combustion (Tow et al., 1994).  As NOx formation was prompted at high 
temperature, a short delay between the two injections actually promoted its formations, 
thus worsening the emissions.  Note that a longer time interval between the injections 
reduced the formation of NOx.  In contrast, a longer time interval allowed the cylinder to 
cool down via heat transfer mechanisms before the main injection and ignition.  
Comparing the temperature distribution within the cylinder at 359° for Test Conditions I, 
II and III, shown in Figure C2.5, there were larger portion of the cylinder at temperature 
higher than 1250 K (green area) for Test Condition II.  There was even a ‘high-
temperature spot’ in Test Condition III, where local temperature reached 2000 K or 
above.  Thus, lengthening the time between combustions would lower the combustion 
temperature, which helped in reducing the amount of thermal NOx (Tow et al. 1994).   

It is also interesting to note, from Figure C2.4, that biodiesel improved NOx emission 
in some occasions.  This contradicted to the general beliefs that biodiesel increased NOx 
emission.  The formation of NOx was sensitive at high temperature (Heywood, 1988), 
the frozen temperature of the process was reported to be in the range of 2100 K to 2200 
K.  The fraction of cylinder volume with high temperature (higher than 2200 K) is 
shown in Figure C2.6.  For the cases shown in Figure C2.6, a higher percentage of 
cylinder volume under high temperature was observed for B20 or pure diesel.  This 
corresponded to the higher nitrogen oxides predicted by KIVA in these cases.  It is 
important to note the intersection of the two curves in Figure C2.6, where it appears that 
the percentage of high temperature regions for the fuel with higher biodiesel 
composition were less than those with less biodiesel and that trend continue during the 
expansion process.  For the cases depicted in Figure C2.6, a greater portion of engine 
combustion chamber under temperature above 2200 K, regions where it was more likely to be 
NOx rich, following diesel or B20 combustion.  According to the Zel’dovich mechanism, NOx 
formation was very sensitive at high temperature.  Therefore, it was more likely that NOx 
would be rich in these regions, where local temperature was above 2200 K, within the 
combustion chamber.  As a consequence of the greater volume of the high temperature region, 
the NOx emissions from the diesel and B20 case were predicted by KIVA to be less than those 
of B50 and biodiesel.   

From the temperature distribution plots for the cases with pre-injection at 330° in Figure 
C2.7 (Test Condition II: main injection at 360°) and Figure C2.8 (Test Condition IV: main 
injection at 370°), it could be seen that biodiesel and B50 have longer ignition delay in the 
pilot injection.  Biodiesel was usually cited as being denser, more viscous and with higher 
surface tension (Graboski and McCormick, 1998).  Therefore, biodiesel was less volatile than 
regular diesel.  As a consequence, it was expected that blends with more biodiesel would 
endure a longer evaporation process and thus a longer ignition delay.  However, similar 
ignition delay was observed for both B20 and B50 as seen from Figures C2.7 and C2.8.  Note 
that the combustion chamber was at elevated temperatures after the pilot injections, which 
was favorable for fuel evaporation and ignition.  Thus, the ignition delay becomes similar for 
both B20 and B50 for main injections. 

It can be seen from Figures C2.6b and C2.6d that a larger portion of the cylinder was at 
higher temperature during the expansion stroke.  Figure C2.9 depicts the distribution of fuel 
vapor and temperature within the combustion chamber at 390° crank angle for the four 
blends of fuel.  It was observed from the figure that a film of fuel vapor existed along the 
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piston bowl for biodiesel and its blends.  The film of fuel vapor combusted as the expansion 
process begins. Note that the concentration of fuel vapor was positively correlated with the 
amount of diesel fuel in the blends.  Due to film combustion along the piston bowl wall, the 
temperature within the piston bowl remained at elevated levels even the piston was moving 
away from top-dead center.  This explained the situation depicted in Figures C2.6b and 
C2.6d, where a larger portion of the cylinder was at higher temperature after 387° crank 
angle for blends with less biodiesel.  As a consequence, biodiesel helped reducing NOx in 
these cases.  This showed that the evaporation of fuel exerted a strong effect on flow 
dynamics, combustion and pollutant formations.  A thorough understanding of the 
evaporation process would be desirable.   

 

2.1.4 Soot Emissions 
The modified KIVA code also predicted soot emissions from each of the scenarios studied 

and the results are tabulated in Table C2.4.  These predictions coincided with the general 
observations that low temperature combustion, corresponding to Test Condition IV with 
injections at 330° and 370°, improved soot emission.  Low-temperature combustion usually 
occurred when a partially- or well-mixed air/fuel mixture being auto-ignited by piston 
compression.  Soot formation was inhibited by promoting mixing prior to ignition, thus, 
eliminating locally rich regions.  Soot emissions were reduced by over 50% for pure diesel, 
B20 and B50 fuels, and, about 33% reductions for pure biodiesel in Test Condition IV when 
compared to Test Conditions II and III.  Indeed, the emission levels for Test Condition IV were 
the lowest for the blended fuels.  Biodiesel was shown to reduce soot emission for all cases 
except Test Condition I, which had very low emission. 

 

2.1.5 Effects of Fuel on NOx Emission 
An additional set of simulations was completed to study the effect of fuel on NOx 

emission, accounting for the different energy contents among the blends of fuel.  The 
heating value of soybean biodiesel was about 10% lower than the heating value of 
diesel.  This consisted Test Condition II and IV in Table C2.2, i.e. pre-injection at 330° 
and main injection at 360° or 370° crank angle.  The amount of fuel during initial 
injection was 1.5 mm3 for diesel, and amount of other fuels were adjusted for equal 
quantity of energy as 1.5 mm3of diesel.  Engine loading is still 400 kPa.  The pressure 
and heat release rate curves are shown in Figure C2.10.  Both top-dead-center pressure 
and peak combustion pressure were higher with the adjusted fuel injection scheme for 
the 20% and 50% biodiesel blends.  The difference between the two fuel injection 
schemes (constant fuel volume versus constant fuel energy) was more prominent for the 
50% biodiesel blend.  On the other hand, for pure soybean biodiesel, the difference 
between the two injection schemes was minimal.  Since biodiesel was non-volatile, it was 
suspected that the evaporation process dominated the ignition and combustions processes.  
Increasing fuel injection did not increase the amount of fuel vapor proportionally when the 
fuel ignites.  

The predicted NOx emissions for the current cases are tabulated in Table C2.5.  The 
emission of NOx increased for the blended fuels, which could be attributed to the slight 
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temperature within the cylinder upon main injection due to the slightly increased pressure.  
However, the emission was reduced for pure biodiesel.  Due to the larger amount of fuel during 
initial injection, the cylinder temperature by the time of main combustion was lower as more 
heat was used in the evaporation of the fuel injection earlier in the engine cycle.  As a result, 
initial combustion occurred at a cooler ambient in the constant fuel energy case than in the 
constant fuel volume case.  From Figure C2.10c, it was observed that the amount of heat 
release during initial combustion were about the same, it was thus expected that main 
combustion, when most of NOx formed during the whole cycle, occurred at a slightly cooler 
ambient, thus, the lowered emission level predicted. 

Figure C2.11 depicted the fuel vapor distribution within the combustion chamber  
at 345° crank angle, immediately before ignition for fuel injection at 330° crank angle.  Note 
that there was more fuel vapor for the blended fuels for the constant fuel energy injection case, 
since more fuel must be injected to compensate for the lower heating value of biodiesel.  
However, most of this addition to fuel vapor was due to evaporation of diesel, the amount of 
biodiesel vapor as approximately the same for both constant fuel energy injection and constant 
fuel volume injection.  On the other hand, for the case of pure biodiesel combustion, the 
amount of fuel vapor was the same for either injection scheme.  This not only showed that 
biodiesel was much less volatile than diesel, it also showed that biodiesel exhibited a different 
evaporation behavior than diesel or biodiesel-blended fuels.  These results were consistent with 
the trends of the pressure and heat release rate traces, observed in Figure C2.10.  The results 
showed that a thorough understanding of the evaporation of the fuel is essential in engine 
study, as the vaporization of the injected fuel may exert a dominating effect on ignition and 
combustion processes. 

 

2.2 HCCI Combustion with Biodiesel 
2.2.1 Combustion Characteristics 

The DIATA engine was tested at low load condition of 200 kPa IMEP output with either 
pure diesel fuel or pure soybean biodiesel.  The injection pressure was 60 MPa for all testing 
conditions.  Simulations were computed using the modified KIVA 3V Release 2 code.  The 
chemical structure was taken as C19H35O2 for soybean biodiesel (Yuan, 2005).  Table C2.6 
shows the operating conditions being considered in this study.    

It should be noted from the experimental data shown in Table C2.6 that a larger amount 
of biodiesel must be used to achieve the same engine output.  An extra 11% by volume is 
needed to achieve 200 kPa IMEP output when fuel injection occurs before top-dead-center at 
335° crank angle.  For late injection after top-dead-center at 363° crank angle, about an extra 
33% by volume of fuel was needed for the same engine load when compared to conventional 
diesel fuel.  Previous examination on biodiesel (Graboski and McCormick, 1998) concluded 
that enegy content in biodiesel is less than that in diesel.  The lower heating value for 
soybean oil methyl ester biodiesel was reported as 37.04 MJ/kg (Graboski and McCormick, 
1998), compared to 43 MJ/kg for petroleum-based diesel (Heywood, 1988).  Hence, it was 
reasonable that more biodiesel must be injected to obtain the same engine output as observed 
in Table C2.5. 

The temporal variation of pressure and the apparent heat release rate, calculated from 
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pressure data, for the DIATA engine operating at 200 kPa IMEP output was shown in  
Figures C2.12 (for diesel) and C2.13 (for biodiesel).  Both KIVA predictions and experimental 
measurements are shown in the figures.  KIVA predicted the major combustion characteristics 
accurately.  The peak heat release rate was also correctly determined for both biodiesel and diesel 
fuels.  The numerical code calculated the engine cycle with no knocking considerations.  The 
differences in the pressure trace before and after combustion was due to the blow-by effect in the 
optical engine.  Since engine oil obstructed the optical accessibility of the optical engine, the 
engine was operated with no engine oil.  As a consequence, piston blow-by can be substantial.  
Wang et al. (2006) compared the pressure trace predictions both accounting for and neglecting 
the crevice flow and showed that the effect can be substantial for an optical engine.  Also 
observed was that the pressure rise during combustion was more gradual for diesel combustion.  
Peak pressure for biodiesel was near 8000 kPa, about 2.5 % lower than the peak pressure for 
petroleum based diesel fuel.   

As observed from the heat release curves in Figures C2.12 and C2.13, diesel fuel had a 
shorter ignition delay.  For early cycle fuel injection at 335° crank angle, combustion first 
occurred at 345° and ended at approximate 352° for diesel fuel.  For biodiesel, combustion 
spanned from 347° and 352°.  Peak heat release occurred at about 347° for diesel but at 
about 350° for biodiesel.  However, biodiesel had a higher heat release rate; in other words, 
biodiesel burnt faster.  The maximum heat release rate for biodiesel was about 25 % higher 
than that of diesel.  Low temperature combustion was evident with the sharp, single-peaked 
heat release curve, an indication that the engine was running in HCCI mode.  For fuel 
injection at 350° crank angle, peak heat release rate occurred at 361° for biodiesel, 3° crank 
angle later than diesel fuel.  Combustion occurred from 355° to 361° for diesel fuel while it 
spanned from about 360° to 364° for biodiesel.  Peak heat release rate for soybean biodiesel 
was about twice as high as petroleum based diesel fuel.  Note that the ignition delay was 
shorter relative to the operation with injection at 335°.  Peak pressure was about 7000 kPa for 
biodiesel and 7300 kPa for conventional diesel fuel.  Also noted from the figures was that 
cylinder pressure stayed longer at about the maximum value for diesel combustion, while it 
dropped of almost immediately after reaching the peak in biodiesel combustion. 

For after top-dead-center injection at 363° crank angle, the pressure drop from the top-
dead-center, the subsequent rise due to combustion and the ignition timing almost exactly 
duplicated the experimental data.  Maximum combustion pressure in this case was about 
4780 kPa and the peak heat release was observed at 372°.  The single, sharp peaked heat 
release rate curve indicated HCCI combustion.  For soybean biodiesel, KIVA accurately 
predicted both the top-dead-center pressure and peak combustion pressure.  For the biodiesel 
case, due to later ignition, the peak combustion pressure was lower than diesel fuel 
combustion at 8000 kPa.  However, ignition timing, as seen from the heat release result, was 
correctly determined.  Maximum heat release was observed at 380°.  The experimental data 
showed a long and gradually ceasing tail.  This suggested that there might be some liquid 
fuel remaining upon ignition.  Therefore, diffusion combustion might existed even though the 
overall combustion process could still be described as HCCI as shown by the single peaked 
rapid heat release. 
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2.2.2 NOx Emissions 
The extended Zel’dovich mechanism was used for NOx formation prediction in 

KIVA.  Results were plotted against experimental data in Figure C2.14.  Experimental 
data are tabulated in Table C2.7.  It can be concluded from the results that KIVA 
predicted the trend of NOx emission correctly.  In all cases, for both biodiesel and diesel 
fuels, the formation of NOx was characterized by a rapid production soon after auto-
ignition.  Production of the species continued after the combustion process as noted by 
the single peaked heat release curve.  The formation of NOx froze after reaching the 
maximum and high temperature regions began to cool during the expansion process of 
the engine cycle.  The initial formation rate as higher for biodiesel combustion, noted by 
the steeper slope before the curves became flat lines.  This was true for all the three 
injection schemes and was consistent with previous conclusions that biodiesel burnt 
faster than petroleum based diesel.   

The results also showed that delaying the injection could significantly reduce NOx 
emissions.  The results showed that NOx emissions could be reduced by 67% and 78% for 
biodiesel and diesel fuels, respectively, if injection was delayed from 335° to 350°.  If 
injection was further delayed to 363°, the emission was reduced by over 90% for both 
types of fuels.  Delayed injection implied that combustion took place during a later part 
in the engine cycle when the cylinder entered the expansion process and started to cool.  
The in-cylinder temperature and NOx distributions at 35° crank angles after fuel injection 
are shown in Figures C2.15 and C2.16, respectively.  From the figures, it is seen that 
regions of high concentration of NOx correspond to regions with high local temperature.  
There was a hot spot in the cylinder bowl with diesel combustion that was not observed 
in the biodiesel combustion for early fuel injection at 335° that may contribute to the 
higher level of NOx observed in diesel fuel combustion.  The temperature remained 
higher in diesel combustion with fuel injection at 350°, as seen in the figures.   However, 
the temperature in the squish region remained higher for biodiesel when fuel is injected at 
363°.  However, in all cases, the proportion of cooler (blue) regions at 35° crank angles 
after fuel injections increased with after top-dead-center fuel injection (at 363°). 

Heywood (1988) stated that the production of NOx involves molecules and atomic 
nitrogen and oxygen and the formation rate strongly depends on the burned gas 
temperature.  The pollutant is formed behind the flame front and increased formation rate 
is expected with higher flame temperature.  Lower combustion temperature, observed 
when injection was delayed, and cooler ambient temperature can inhibit the formation of 
NOx effectively, because its formation was very sensitive to the existence of a high 
temperature environment. 

Figure C2.17 shows the transient distributions of volume averaged in-cylinder 
temperature.  Comparing the figures, the peak in-cylinder temperature after ignition was 
lowered when injection was delayed.  This was true for both biodiesel and diesel fuels 
and was consistent with the observations that NOx emission was lowered with delayed 
injection.  Higher temperatures tended to follow after diesel combustion.  The cool down 
process following diesel combustion was also slower than biodiesel except when 
injection was delayed to 363°.  Temperature drop was essentially a parallel shift across 
the temporal axis for biodiesel.   
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From Table C2.7, which shows both computational results and experimental 
measurements, more NOx was observed for biodiesel combustion if fuel was injection 
near top-dead-center.  With injection at 350°, biodiesel produced 37% more NOx then 
diesel fuel from experimental measurement as seen from Table C2.6.  KIVA also 
predicted a higher level of NOx for injection at 363°, although no such discernable 
difference was observed from the experimental data.  Biodiesel produced approximately 
15% less NOx than diesel fuel when injection was scheduled at 335°, from both 
experimental data and modeling results.  Since the formation of the species depended on 
the availability of oxygen atoms or molecules, different mechanisms should be governing 
the production of NOx due to the distinctions in the chemical structures of biodiesel and 
diesel fuels. 

 

2.2.3 Other Emissions: Soot and Unburnt Hydrocarbon  
Biofuels, in general, produce less soot than regular diesel fuel.  The extra oxygen in the 

fuel molecules helps creating unstable intermediate species such as hydroxyl (OH) that helps 
in combustion, which in turns assists the oxidation of soot.  Figure C2.18 shows the predicted 
soot emissions from HCCI operations of the DIATA engine.  It was noted that biodiesel 
reduced soot emission for all the cases.  The amount of pollutant in the exhaust increased 
with later injection timing.  With injection at 363° crank angle, soot emission from diesel was 
40% higher than that of biodiesel.  The high level of soot emission could be attributed wall 
impingement that caused slow evaporation and locally rich combustion.  Soot emissions from 
diesel for fuel injection at 350° crank angle was again about 50% higher than the 
corresponding value for biodiesel.  Meanwhile, by advancing fuel injection from 363° crank 
angle to 350° crank angle, soot emission was lowered by over 65% for both diesel and 
biodiesel.  Recalling Figures C2.12 and C2.13, the heat release rate for cases with fuel 
injection at 350° was much stronger than that for 363°, which indicated that pre-mixed 
combustion was the dominate mode of combustion for the former case.  Pre-mixed 
combustion eliminated locally rich regions that are prompt to soot formation.  For early fuel 
injection at 335° crank angle, soot emission was almost zero for both diesel and biodiesel.  
The single, sharp heat release rate curves in Figures C2.12 and C2.13 indicated strong pre-
mixed combustion for these cases, there was very little diffusion combustion.  Diffusion 
combustion typically produced high level of soot emission.  As a consequence of early fuel 
injection, the liquid fuel could now evaporate completely and well-mix with air before 
ignition.  Thus, combustion took place across the combustion chamber upon ignition, which 
explained the lack of diffusion combustion.  

Figure C2.19 compares the unburnt hydrocarbon emission from diesel and biodiesel.  
Just as soot emission, after top-dead-center fuel injection (at 363°) caused higher 
emission level, most likely because incomplete evaporation of fuel or insufficient mixes 
of fuel and air, which lead to locally rich patches, upon ignition.  Biodiesel lead to 
higher emission of unburnt hydrocarbon in all cases.  This was likely related to the 
higher fuel consumption of biodiesel.  As mentioned before, the energy content of 
biodiesel was about 10% lower than regular diesel.  Therefore, to maintain the engine 
output, the amount of fuel injected must be increased.  For both diesel and biodiesel, 
lowest emission was observed with fuel injection at 350° crank angle, which was 
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consistent with general observation about unburnt hydrocarbon emission at low to 
medium load operation (Heywood, 1988).  
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Tables: 
 
 
 

Table C2.1  Specifications of the DIATA research engine. 

Bore / Stroke 7.0 cm / 7.8 cm 
Connecting Rod Length 13.26 cm 
Displacement Volume 300 cm3

Compression Ratio 19.5:1 
Engine Speed 1500 rpm 
Injection Pressure 600 to 1000 bar 
Equivalence Ratio 0.25 to 0.45 
Swirl Ratio 2.5 

 

 

Table C2.2 Test Conditions considered in this study. Injection duration is 5° for 
initial injection and 9° for main injection. Volume of fuel injected during initial 
injection is 1.5 mm3 for all cases. 

Test Condition I II III IV 

Injection Time [°CA](i) 320°  
360° 

330° 
360° 

340°  
360° 

330°  
370° 

Diesel Quantity [mm3] 8.35 7.77 8.13 8.36 
B20 Fuel Quantity [mm3] 8.61 8.39 8.39 8.34 
B50 Fuel Quantity [mm3] 8.74 8.59 8.47 8.19 
Biodiesel Quantity [mm3] 9.88 8.54 8.93 9.37 

Engine Output 400 kPa IMEP 
Injection Pressure 80 MPa 

Note  
(i) Top-dead-center corresponds to 360º crank angle. 
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Table C2.3  Peak heat release rates (Max. HRR) and the timing of start of combustion 
(SOC) for both 20% biodiesel and 50% biodiesel blends. 

Test Condition I II III IV 

Injection Time [°CA] 320° 
360° 

330° 
360° 

340° 
360° 

330° 
370° 

In
iti

al
 In

je
ct

io
n SOC [°CA] 

Diesel 
B20 
B50 

Biodiesel
Nil 

345.0° 
344.7° 
346.3° 
347.1° 

350.0° 
350.0° 
349.3° 
349.6° 

345.0° 
344.7° 
346.3° 
347.1° 

Max. HRR  
[J/deg] 

Diesel 
B20 
B50 

Biodiesel

6.82 
4.94 
6.74 
7.28 

25.96 
31.11 
28.21 
42.10 

6.82 
4.94 
6.74 
7.28 

M
ai

n 
In

je
ct

io
n SOC [°CA] 

Diesel 
B20 
B50 

Biodiesel

366.7° 
366.8° 
366.5° 
367.2° 

363.5° 
363.1° 
362.5° 
364.4° 

364.3° 
363.7° 
363.6° 
363.4° 

377.9° 
378.1° 
375.3° 
378.3° 

Max. HRR  
[J/deg] 

Diesel 
B20 
B50 

Biodiesel

94.83 
105.17 
107.87 
113.60 

65.56 
41.35 
48.09 
80.22 

19.89 
17.08 
27.58 
34.05 

60.89 
55.28 
55.73 
95.30 

 
 

 

Table C2.4  KIVA predictions of soot emissions. 

Test Condition I II III IV 

Injection Time [°CA] 320° 
360° 

330° 
360° 

340° 
360° 

330° 
370° 

Predicted 
Soot Emission 

[ppm] 

Diesel 
B20 
B50 
Biodiesel 

32.3 
30.2 
36.1 
39.5 

104.9 
101.8 
60.9 
57.2 

93.9 
88.4 
79.6 
76.8 

47.4 
38.7 
38.5 
37.9 
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Table C2.5 KIVA predictions of NOx emissions. 

Injection Time [°CA] 330° 
360° 

330° 
370° 

(Constant Fuel Volume) 
Predicted NOx Emission 

[ppm] 

B20 
B50 
Biodiesel 

199.9 
202.0 
199.9 

183.6 
123.1 
123.5 

(Constant Fuel Energy) 
Predicted NOx Emission 

[ppm] 

B20 
B50 
Biodiesel 

211.0 
220.6 
122.0 

198.1 
124.9 
84.2 

 

 

Table C2.6 Testing conditions for low-temperature combustion with biodiesel. 

Test Condition I II III 

Injection Time [°CA](i) 335° 350° 363° 

Diesel Quantity [mm3] 8.5 5.0 4.5 
Biodiesel Quantity [mm3] 9.5 5.5 6.0 

Engine Output 200 kPa IMEP 
Injection Pressure [MPa] 60 MPa 

Note 

 (i) Top-dead-center corresponds to 360º crank angle. 
 

 

Table C2.7 Predicted and measured NOx emissions. 
 

 

 

Test Condition I II III 

Injection Time [°CA] 335° 350° 363° 

NOx Emission  
(Measured) [ppm] 

Diesel 
Biodiesel 

1269 
1103 

270 
372 

83 
96 

NOx Emission  
(Predicted) [ppm] 

Diesel 
Biodiesel 

1247 
1091 

345 
388 

81 
137 
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3.  Effects of Variable Cone Angle Spray on Low Temperature Combustion 
of Biodiesel Engines 

 
It was shown, in Section 2, using a multiple injection scheme could reduce NOx emission.  

Lengthening the time interval between the two injections lowered NOx emission significantly 
as the main combustion phase occurred at a lower cylinder temperature.  Biodiesel improved 
the emission because of the weaker initial combustion, which created a lower temperature 
environment for the main combustion phase for biodiesel.  This effectively prohibited the 
formation of NOx, comparing to regular diesel.  However, there was a limit of the 
advancement of injection time with the conventional injector.  If fuel injection occurred too 
early in the cycle, the injected fuel hit the engine wall liner.  These fuel would either not 
combust and contributes to higher engine-out emissions.  This chapter will first examine the 
effects of spray angle on the flow patterns within the combustion chamber and pollutants 
formation.  Then, the application of a variable cone angle spray will be demonstrated and 
discussed.  

 
3.1  The Effects of Spray Cone Angles on Diesel and Biodiesel Combustion 
3.1.1 Combustion Characteristics 

Multiple injection schemes allow greater flexibility control in injection timing and 
combustion process control.  However, the design of conventional injector limits the range of 
injection time.  Fuel injected at very early or very late stage of the cycle will form a film on 
the engine wall liner and part of it will either not burn or contribute to soot formation.  
Recent development of narrow-angles, low penetration, and high dispersion injectors may 
alleviate some of the aforementioned problems with conventional injectors (Helmantel and 
Denbratt, 2004; Kook and Bae, 2004; Lethner et al., 2005; Walter and Gatellier, 2002).  
Simulations were carried out to analyze and compare the combustion and operating 
characteristics with different injection angles.   

The DIATA engine (see Table C2.2 for engine configuration) was operated with three 
different spray cone angles: 150°, 110° and 70°.  Table C3.1 shows the test conditions for this 
study. The 150° angle injection corresponded to injections using the conventional injector.  
Fuel quantity was adjusted for 500 kPa IMEP engine output for all cases. Single fuel injection 
occurred at 362° for all the simulations.  For each of the injection angles, two injection 
pressures: 60 MPa and 100 MPa were tested.  Both European low sulphur diesel and soybean 
biodiesel were considered in this study.  An equivalent chemical structure of C19H35O2 was 
accepted for soybean biodiesel (Yuan, 2005).  Tetradecane, C14H30, was used to represent 
European low-sulphur diesel in the simulations.   

Simulation results were used to analyze the spray and combustion processes with 
different injection angles and injection pressures.  Figure C3.1 compares KIVA predictions 
of spray penetration (left halves) with Mie-scattering images (right halves).  The figure 
showed good agreement between KIVA prediction and experimental measurement for all the 
cases.  Stronger penetration was observed with lower injection pressure for all the injection 
angles.  The droplet radius reduced with higher injection pressure and thus improved the 
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evaporation process.  The spray evaporated completely faster with higher injection pressure, 
and therefore, reducing the spray penetration.  As seen in Figure C3.1, most of the fuel 
entered the squish region when using the conventional injector (150°).  However, a vast 
majority of the fuel was being injected towards the piston bowl with 70° injection cone 
angle.  Higher injection pressure reduced the jet penetration length as higher injection 
pressure enhanced evaporation of the fuel. 

Figure C3.2 shows the KIVA prediction of cylinder pressure and heat release rate and 
compares to experimental values for diesel. The predicted ignition time, peak heat release 
and peak combustion pressure compared well with experimental data.  Lowering the 
injection pressure lengthened the ignition delay, reduced the peak heat release and peak 
combustion pressure.  Comparing the results from different injection angles, it was observed 
that 110° injection angle produces the highest peak combustion pressure (and heat release 
rate).  Both peak pressure and heat release rate were lowest with the 70° injection angle due 
to stronger impingement on the pistol bowl.  

The predicted pressure and heat release variations for biodiesel combustion are shown in 
Figure C3.3.  As with diesel combustion, lower injection lengthened the ignition delay, due to 
slower evaporation.  However, the change of ignition delay in biodiesel was not as profound as 
diesel.  Peak combustion pressure and peak heat release rate, with the exception of the 70° 
injection angle case, tended to be lower than diesel.  Unlike diesel combustion, the peak 
combustion pressure and heat releases rate increased as the spray angle narrowed. 

 

3.1.2 Flow Dynamics and Soot Emission 
KIVA predicted fuel vapor distributions and liquid sprays within the cylinder at 372° crank 

angle are shown in Figure C3.4.  Combustion started at this instant for the 100 MPa injection 
pressure, but it was not yet observed with the lower injection pressure (60 MPa).  For spray angle 
of 150°, the spray was hitting the top of the piston bowl with part of the fuel vapor flowing into 
the squish region and the remaining flowed downward along the piston bowl wall deep into the 
piston bowl.  With injection angle of 110°, the fuel was confined within the piston bowl.  For 70° 
injection angle, the liquid spray hits the piston bowl wall, creating a film along it, the fuel then 
flowed upwards along the wall.  Some of the fuel was then pushed towards the squish region.  
Note the strong effect on flow motion of diesel fuel by raising the injection pressure to 100 MPa, 
most of the fuel was flushing towards the squish region rather than confined in the piston bowl.  
A fuel film along the wall was undesirable as the formation of a film slowed the air-fuel mixing 
process and contributed to soot emission via rich combustion.  Wall impingement was observed 
in almost all biodiesel cases and, especially at low injection pressure, a film formed along the 
piston bowl wall. 

 Soot emissions predicted by KIVA for both fuels are shown in Figure C3.5.  For both 
biodiesel and diesel, injection angle of 110° produced the highest level of emission.  From 
Figure C3.4, it was observed that combustion was confined within the piston bowl area for 
injection angle of 110°.  Most of the soot was formed within the piston bowl and the flow 
within the combustion chamber did not push soot towards the squish region.  The pollutant 
would remain in the bowl region for the duration of combustion since the piston bowl was 
deficient of oxygen.  On the other hand, for the 70° cases, although a film is formed on the 
piston bowl wall, the fluid flow within the combustion chamber helped pushing some of the 
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soot out of the piston bowl into the squish region, with abundant supply of oxygen.  Soot that 
were pushed or formed within the squish area was readily oxidized.  Thus, the level of soot 
emission was lower, compared to the case with 110° injection angle.  However, due to the 
existence of film along the piston bowl, soot emission of the 70° was still much higher than 
the 150° injection angle case. 

To better understand trend of soot emissions shown in Figure C3.5, the in-cylinder 
temperature distribution at the start of combustion is shown in Figure C3.6.  Combustion to a 
large extent occurs in the squish area and the region above the piston bowl with conventional 
injection.  On the other hand, combustion was confined within the piston bowl with injection 
cone angle of 110°, as most of the fuel was confine in that region.  Using the narrow cone 
angle spray, combustion mainly occurred along the piston bowl wall, with slight spill over 
towards the squish region.  Looking at Figure C3.7, which showed the distribution of oxygen 
and soot at various instants, it could be seen that with conventional wide angle injector, parts 
of the fuel were combusted in the squish area or in the region above the piston bowl, where 
there was abundant supply of oxygen.  Therefore, most of the soot formed during combustion 
was oxidized before the exhaust stroke, which explained the lowest soot emission levels 
observed.  Note that engine-out soot emission was mainly contributed by soot that 
remained deep in the piston bowl area.  With 110° spray angle, combustion was confined 
within the piston bowl, which was oxygen deficient.  Therefore, the majority of soot was 
formed within the piston bowl and with limited oxygen supply in the piston bowl area, it 
was more difficult for soot particles within the piston bowl to be oxidized.  This 
explained the high soot emission observed in Figure C3.5 for 110° spray angle.  Soot 
emission using a narrow angle (70° injection cone angle) was smaller than in the 110° 
case.   Recall from Figure C3.6 that combustion spilled over to the squish region, even 
when it mainly occurred along piston bowl wall.  Soot formed within the squish region 
could readily be oxidized as oxygen supply within the squish region was abundant, 
which could be seen from Figure C3.7.  In conclusion, any injection or flow control 
strategies that would push the soot from inside the piston bowl to the squish region or 
the region above the piston bowl could potentially improve soot emission. 

 

3.2 Comparing Variable Cone Angle Injection with Conventional Injection 
A variable cone angle injector that features an adjustable spray angles can extend 

the range of injection timing.  The goal of this study is to analyze and compare the 
combustion and operating characteristics of multi-injection schemes using the variable 
cone angle injector for biodiesel, diesel and their blends using simulations and to 
compare them with the conventional wide angle injector.  Three dual-injection schemes 
were considered for 500 kPa IMEP output operations of the DIATA engine with either 
the conventional injector or a variable cone angle injector.  The variable cone injector 
injects fuel at two different cone angles by utilizing two rows of nozzle holes.  In this 
study, a narrower cone angle was used in the initial injection, and a conventional wide 
cone spray was used in the main injection.  The injection pressure remained constant at 
100 MPa for all cases.  Table C3.2 tabulates the test conditions in this study.   
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3.2.1 Combustion Characteristics 
Simulation results were used to analyze the combustion process for regular diesel 

fuels with the two injectors. The pressure and heat release rate variations are shown in 
Figures C3.8 and C3.9 for main injections at 360° and 370°, respectively.  With 
conventional injections, for all the cases shown, the top-dead-center pressure was about 
4800 kPa with the conventional injector, which was the motoring top-dead-center 
pressure for the DIATA engine.  There was no visible positive heat release from the 
initial injection with conventional injector.  For Test Conditions 1A, 2A and 3A (with 
main injection at top-dead-center), ignitions were observed at 362°, about 2° crank angle 
after main injection started.  Peak heat release was about 50 J/deg. and observed at 363° 
for all the three cases.  Combustion was characterized by a strong spike, followed by a 
long tail:  signing diffusion combustion.  The spikes in the heat release curves were also 
seen in the pressure traces as a sharp increase in cylinder pressure.  The maximum 
combustion pressures were about 6100 kPa, at 10° crank angle after top-dead-center 
(when main injections start).  Main combustion in these cases was not affected by the 
initial injections. 

For cases with deferred main injections (at 370° crank angle), only weak heat release was 
observed for the initial injections in Test Conditions 1B and 2B.  No combustion was observed 
for first injection in Test Condition 3B (fuel injections at 320° and 370°).  Ignition delay for main 
injections was about two degrees crank angle for all the three cases.  As with the aforementioned 
Test Conditions 1A, 2A and 3A (with top-dead-center main injections), main combustion was 
characterized by a spike, followed by a long tail.  There was no obvious pressure rise due to 
combustion for the cases.  Maximum combustion pressures were lower than the top-dead-center 
pressure for all the three cases.  Peak combustion pressure was about 4250 kPa for 300° crank 
angle initial injection and 4500 kPa for 320° crank angle initial injection. 

Different combustion patterns were observed when variable cone angle injection was 
applied.  The most obvious difference between variable cone angle and conventional 
injection was ignition from the initial injection.  Ignition occurs at about 353° crank angle for 
Test Conditions 1A and 1B, and, at 350° crank angle for other cases.  The magnitude of heat 
release increased from about 5 J/deg to about 15 J/deg as the injection timing was pushed 
back from 280° to 320° crank angle.  This resulted in low temperature combustion and a 
breakdown of the fuel into smaller radicals, creating a more favorable environment for the 
evaporation and combustion of the fuel from the main injections.  Ignition occurred as soon 
as the main injections start for all cases with variable cone angle injections.  Diffusion 
combustion, characterized by a long tail in the heat release curve, was observed for all cases.  
Peak heat release rate was about 13 J/deg for Test Conditions 1A, 2A and 3A (main injection 
at 360°) and 15 J/deg for Test Conditions 1B, 2B and 3B (main injection at 370°).  The 
pressure rise using variable cone angle injection was more gradual than conventional 
injection.  Nevertheless, when using conventional injector with after top-dead-center main 
injection, knocking seemed to occur, as seen from the wavy looking heat-release curve, but 
the same was not observed when using a variable cone angle injector. 
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3.2.2 Engine Performance and Emissions 
Variable cone angle injections improved engine performance, as shown in  

Figure C3.10.  The indicated specific fuel consumption for with variable cone angle 
injection could be up to 10% lower than conventional injection.  This improvement was 
very likely due to the combustion after initial injection.  These involved low 
temperature combustion and breakdown of fuel molecules into radicals.  These 
reactions increased the cylinder pressure and temperature, both of which enhanced fuel 
evaporation and combustion of main injection.  This was particularly obvious from the 
heat release curves in Figures C3.8 and C3.9, where ignition for main injection occurred 
almost instantly upon variable cone angle injection.  Note that there was a short delay in 
ignition with conventional injection.  The lowest indicated specific fuel consumption was 
achieved with initial injection at 300° crank angle, for both conventional and variable cone 
angle injections.  Figure C3.11 shows the in-cylinder fuel vapor distribution for case 2A 
(with injections at 300° and 360° crank angle) in a short period before main injection.  One 
of the main differences between variable cone angle and conventional injections was the 
faster fuel evaporation with variable cone angle injection.  Fuel injected early in the cycle 
mostly evaporated by 349° crank angle, with most fuel vapor around the center of the 
chamber.  Strong evidence of combustion was observed at 354°, and there was only 
negligible amount of fuel in the cylinder upon main injection.  In contrast, there was less fuel 
vapor at 349° crank angle with most of injected fuel concentrated in the region above the 
piston bowl.  More fuel vapor was transported into the cylinder after main injection.  No 
combustion was observed by the time of main injection in this case using conventional 
injectors.  As seen from the heat release rate plots in Figure C3.8, there was no combustion 
after initial injection upon main injection at the top-dead-center, since ignition occurred at 
362° crank angle, two degrees crank angle after main injection. 

KIVA predictions of NOx, by the extended Zel’dovich mechanism for all the cases are 
shown in Figure C3.12.  Predictions of soot emission by the Hiroyasu’s model and Nagle and 
Strickland-Constable model are shown in Figure C3.13.  Variable cone angle injection 
reduces emissions for both NOx and soot in many of the listed cases, although the reduction 
may not be significant.  Most reduction occurred with top-dead-center main injections.  The 
current engine design was optimized for conventional wide angle fuel injector.  Further 
adjustments in injection timing or the design of the piston bowl may be needed for 
optimizing the operation with variable cone angle injection.  However, since variable 
cone angle injection was as efficient as conventional injection in terms of emissions, 
combining with improved fuel economy, it could be a good alternative to conventional 
injection for engine operation.  Further research in this area is the key to development of 
the technology. 

 
3.3 Variable Cone Angle Injection with Biodiesel 
3.3.1 Comparisons of Pressure and Heat Release 

Simulations were completed for all the cases lists in Table C3.3 with biodiesel to study the 
differences in the combustion process between diesel and biodiesel.  Figure C3.14 shows the 
pressure and heat release rate for cases with main injection at 360° and Figure C3.15 is for cases 
with main injection at 370°.  A small peak of heat release rate was observed at about 353° CA 
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(for initial injection at 280°) and 350° CA for all other cases, due to the initial combustion.  A 
dominant peak was shown upon main injection due to a larger amount of fuel injected during 
main injection.  Consequently, two pressure peaks were observed: one at top-dead-center and 
the other due to main injection (except Test Condition 3B for diesel, there was no second 
pressure peak due to deferred main injection).  Initial ignition was stronger and occurred 
earlier with later initial injection.  The peak was almost twice as high for Test Conditions 3A 
and 3B over Test Conditions 1A and 1B, where initial injection occurred 280°, i.e. 40° crank 
angle earlier.  Comparing the heat release rate curves for the four fuels, biodiesel had the 
longest ignition delay, which could be attributed to the lower volatility of biodiesel.  
However, the ignition delay for both the 20% and 50% biodiesel blends resembled that for 
pure diesel.  The peak heat release rate for initial injection for the blended fuel may be either 
between those for pure diesel and pure biodiesel or, in certain cases, lower than both.  Despite the 
peak heat release rate for the main injection being inversely proportional to the amount of 
biodiesel in the fuel blend, the overall combustion process for the blended fuels closely 
resembled that for pure diesel, in terms of combustion duration and burning rate.  This 
observation seemed to be related to the preferential evaporation of blended fuel.  Diesel fuel was 
more volatile than soybean biodiesel.  Therefore, the fuel vapor as diesel rich and the liquid phase 
was biodiesel rich initially.  As a result, the ignition and combustion process would initially be 
controlled by diesel fuel, which was consistent with the observations made from Figures C3.12 
and C3.13.  These results were, again, consistent with those in the literature (Hallett and Ricard, 
1992) indicating that the most volatile species controlled ignition and combustion.  
Understanding the evaporation of blended fuel was very important in these cases.  In addition, 
biodiesel also caused higher heat release with shorter combustion duration.  This indicated that 
biodiesel caused faster combustion. The extra oxygen might improve fuel oxidation thus 
accelerating the combustion process.  The long tail of the heat release curve indicated diffusion 
combustion for all the cases.  Due to the lengthier ignition delay for pure biodiesel, the top-dead-
center pressure was lowest for biodiesel and highest for diesel operations.  On the other hand, the 
peak combustion pressure, because of the strong heat release, was highest for biodiesel 
combustion and lowest for diesel combustion.  The pressure traces for diesel and biodiesel 
combustion forming the bounds for the blended fuels.  

 

3.3.2 Engine Performance and Emissions 
The indicated thermal efficiency is shown in Figure C3.16.  Thermal efficiency was a 

more appropriate scale for comparison of engine performance since it accounts for the 
different energy contents between the fuels.  Note that the heating value of biodiesel was 
approximately 15% lower than that of regular diesel.  Biodiesel and fuel blends showed 
better thermal efficiency over diesel for a given IMEP output.  The DIATA engine showed 
better thermal efficiency when pure biodiesel is used, with almost 10% improvements in 
certain cases.  This improvement was likely because of the oxygen in biodiesel that assisted 
the overall combustion process by creating extra unstable intermediate species.  Deferring 
either the initial or the main injection lowered the thermal efficiency when the engine as 
operated with biodiesel.  Since biodiesel was non-volatile, lengthening the time interval 
between injections allowed the fuel to fully evaporate and mix with air.  Therefore, the 
thermal efficiency improved when initial injection for pure biodiesel was advanced from 
320° crank angle to 280° crank angle, as this allowed better combustion for the fuel injected 
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during pre-injection.  On the other hand, extending the time interval between the two 
injections did not necessary improve the thermal efficiency for diesel application in the 
engine.  Since diesel evaporated faster than biodiesel, lengthening the time interval between 
injections may not improve the evaporation and mixing of fuel but lead to unnecessary heat 
loss.  The thermal efficiency for the blended fuels closely resembled that of diesel with top-
dead-center main injection.  With main injection at top-dead-centre, both 20% biodiesel and 
50% biodiesel blends exhibited lower efficiency than the pure fuels, with lowest efficiency 
observed for 50% biodiesel blend.  However, the 50% biodiesel blend was as efficient as 
pure biodiesel and the 20% biodiesel blend was as efficient as pure diesel for late main 
injection (at 370°), despite the combustion process for both fuels closely resembled that of 
diesel.  The different trends were due to different volatilities of diesel and biodiesel that 
affected the evaporation of fuel.   

Figure C3.17 shows the in-cylinder fuel vapor distribution at 349°, 354° and 359° 
crank angles for injections at 300° and 360° crank angle.  Combustion after initial 
injection was observed in all cases.  Comparing between pure diesel and pure biodiesel, 
the evaporation was slower for biodiesel.  Most fuel vapors concentrated in the center 
section of the combustion chamber.  Longer ignition delay was observed in biodiesel.  
Most of the fuel had been combusted the instant main injection occurs.  For blended 
fuels, the highest concentration of fuel vapor was around the fuel injector and it covered a 
smaller region when compared to the heat release for the 50% blend was lower.  At the 
instance immediately before main injection, most of the fuel injected earlier in the cycle had 
been consumed, and there were not many differences in fuel vapor distribution among the 
cases shown in Figure C3.17.   Figure C3.18 shows the component distribution for the blended 
fuels at the same time interval prior to main injection for both 20% biodiesel blend and 50% 
biodiesel blend.  This explained the lower peak heat release rate seen in Figure C3.14b.  Flame 
propagation for the 50% biodiesel blend was slower than that for the 20% biodiesel blend, 
which was consistent with the heat release rate plot in Figure C3.14b, for which the peak 
showed the component distribution for the blended fuels at the same time interval prior to main 
injection for both 20% biodiesel blend and 50% biodiesel blend.  The figures clearly showed 
that diesel, the more volatile component in the mixture, evaporated faster than soybean 
biodiesel.  At 349° crank angle, the fuel vapor was diesel dominated.  While this was expected 
for the 20% biodiesel blend, as diesel was the dominating component even in liquid phase, the 
observation was of interest for blend with 50% biodiesel by volume.  It could also be seen from 
Figure C3.18b that the component distribution was non-uniform throughout the vapor phase.  
In the area around the injector nozzle both biodiesel and diesel existed.  However, the area 
about the center of the piston bowl was mainly composed of regular diesel.  Since the fuel 
vapor was diesel-dominated, the ignition delay for the blended fuel resembles that for pure 
diesel.  Nevertheless, the whole combustion process was strongly affected by the presence of 
diesel fuel.  This showed the importance of the evaporation process, especially for mixtures 
with (vastly) different volatilities, in understanding the combustion of fuels blended with 
biodiesel. 

KIVA predictions of NOx are shown in Figure C3.19.  In general, biodiesel content 
seemed to reduce the emission level, especially for pure biodiesel and the 50% biodiesel 
blend.  However, the trend for the 20% biodiesel blend was not as clear and NOx emission 
was higher than diesel in several occasions.  Due to longer ignition delay and weaker 
heat release for biodiesel, upon main injection, the fuel was injected into a cooler 
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ambient.  As NOx formation was sensitive at high temperature, a cooler ambient upon 
main injection was very favorable condition for reducing NOx formation.  Figure C3.20 
shows the in-cylinder temperature distributions at 5°, 10° and 25° crank angles 
following start of main injection (360°, top-dead-center).  Initially, more regions within 
the cylinder fell under high temperature for biodiesel, due to the higher combustion rate 
and strong heat release.  Eventually, the area of high temperature zone became higher 
for diesel combustion well into the expansion stroke (385° crank angle).  Note that 
biodiesel combustion occurred and remained the piston bowl while it remained above 
the piston bowl and into the squish region for the diesel case.  Because of the cooler 
ambience upon main combustion phase for pure biodiesel, lower NOx emission was 
observed. 

The prediction of soot emissions from KIVA is presented in Figure C3.21.  These 
results were showing consistent trend with general observations that biodiesel had 
lower soot emission.  There were cases where the soot emission from biodiesel as over 
50% less than that from regular diesel.  Lower soot emission was always encountered 
with fuel blends, either the 20% or 50% biodiesel blend or B50.  The oxygen content in 
biodiesel assisted the oxidation of soot, resulting in lower emission. 
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Tables: 
 

 

Table C3.1 Testing conditions considered in this study. Top-dead-center corresponds 
to 360º crank angle. 

Test Condition A B C 

Injection Angle 150° 110° 70° 

Injection Pressure 60 MPa, 100 MPa 

Injection Time 362° 

Fuel Quantity Adjusted for 500 kPa IMEP 

Fuel Soybean Biodiesel, Diesel 

 

 

 

 

Table C3.2 Test conditions considered for conventional and variable cone angle 
spray simulations. Injection duration is 5° for initial injection and 9° for main injection.  

Notes  
(i) Top-dead-center corresponds to 360º crank angle.  (ii) Spray cone angle is 150°.  (iii) Spray 
cone angle for main injection is 150°; the cone angle for initial injection is 75°. 

 

 

Test Condition 1A 1B 2A 2B 3A 3B 

Initial Injection Time [°CA](i) 280° 280° 300° 300° 320° 320° 

Main Injection Time [°CA](i) 360° 370° 360° 370° 360° 370° 

Fuel European Low Sulphur Diesel 

Fuel Quantity 
Initial injection: 1.3 mm3 

Main Injection: Adjusted for 500 kPa IMEP 

Engine Output 500 kPa IMEP 

Injector Conventional injector(ii); Variable cone angle injector(iii) 

Injection Pressure 100 MPa 
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Table C3.3 Test conditions considered for variable cone spray simulations. Injection 
duration is 5° for initial injection and 9° for main injection.  

Note  
(i) Top-dead-center corresponds to 360º crank angle. 

Test Condition 1A 1B 2A 2B 3A 3B 

Initial Injection Time [°CA](i) 280° 280° 300° 300° 320° 320° 

Main Injection Time [°CA](i) 360° 370° 360° 370° 360° 370° 

Fuel 

European Low Sulphur Diesel 

Soybean Biodiesel 

20% Biodiesel Blend (B20) 

50% Biodiesel Blend (B50) 

Fuel Quantity 
Initial injection: 1.3 mm3 

Main Injection: Adjusted for 500 kPa IMEP 

Engine Output 500 kPa IMEP 

Injection Pressure 100 MPa 
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4. Continuous Thermodynamics Modeling of Biofuel Droplet Evaporation  
 

Commercial fuels are mixtures of hundreds of chemically different hydrocarbons with vastly 
different boiling points that could range from 340 K to over 700 K.  Law pointed out that liquid 
motion within the droplet, miscibility among the liquid components and relative volatilities of the 
components are the three controlling factors in the understanding of multi-component fuel behavior.   
The immensely different volatilities among the components imply significant different evaporation 
rates.  Moreover, the liquid constituents can evaporate only if it reaches the surface.  As more volatile 
species evaporates, less volatile constituents become dominating within the liquid phase.  As a result, 
the species mass fractions and temperature are no longer uniform within the droplet.  This process is 
known as preferential evaporation.  A number of vaporization models have been developed to 
represent the individual species in a multi-component mixture.  Different approaches have been 
developed to describe the diffusion process within the liquid phase.  For typical internal combustion 
engine conditions, substantial internal circulation is possible due to high relative velocities between 
the droplet and ambient gases.  This approach is practical for multi-dimensional simulations for 
engines, as thousands of droplets are needed to reasonably represent a typical fuel spray in an engine.   

In most numerical simulations, the fuel is usually represented by a single component, for 
example, tetradecane (C14H30) is usually used to represent commercially available diesel.  A major 
deficiency with this approach is that the influence of fuel composition is not accounted for, and, only 
the average evaporation behavior can be obtained.  A possible solution to this is to use a set of fuel 
constituents to reproduce the distillation curve.  An accurate representation of the fuel is essential for 
acquiring insightful information out of a simulation.  The volatility of fuel maintains a dominant 
position on spray penetration and ignition is controlled by the most volatile species in the mixture.  
However, to represent each component in a commercial fuel, consists of hundreds of component, 
using a discrete representation is impractical.  Not only every component requires a separate 
transport equation, the exact composition is in generally unknown.  As an alternative, continuous 
thermodynamics provides a more effective solution.  The mixture is characterized by a probability 
distribution function (PDF) with respect to some characterizing variable(s), for examples, molecular 
weight or boiling points.  Only a few parameters are required to describe the mixture, namely, the 
mean and variance of the probability distribution function.  This approach was first developed in 
chemical engineering and has been applied in a variety of calculations including vapor-liquid 
equilibrium, liquid-liquid equilibrium, flash boiling and characterization of hydrocarbon mass 
fraction  

In this study, a comprehensive model considering preferential vaporization of a complex fuel 
mixture using continuous thermodynamics without the infinite diffusion assumption in the liquid 
phase is presented.  This approach uses only three equations to trace the mass transfer process: one 
for the mole fraction, one for the first moment and another one for the second moment of the 
probability distribution function used to represent the mixture.  Therefore, it eliminated the need to 
trace the evolution of each component independently.  The improvement in computational efficiency 
is embedded in the mathematical formulation.  This could be a significant improvement in 
computational efficiency especially in cases of complicated mixtures.  The model consists of a gas 
phase sub-model which determines evaporation rates and heat flux, and a liquid phase sub-model 
with finite diffusion.  This model was validated with experimental data for the vaporization of 
isolated JP-4 and n-decane fuel droplets, and then it was used to analyze the vaporization behavior of 



139 
 

single droplets of gasoline and the results are compared to those obtained using a single component 
representation using iso-octane.  Finally, the proposed model is used to simulate the evaporation of 
gasoline spray, under typical engine operation conditions, to demonstrate the applicability of the 
proposed model in multi-dimensional engine simulations. 

 

4.1 Mathematical Formulations 
4.1.1 Gas Phase Equations 

A fuel mixture is described by a continuous probability distribution function, f(�), 
characterized by the molecular weight, �, of each component.  The fraction of a component is yF 
f(�i)��, where yF is the total molar fraction of fuel in gas phase, and in this study, f(�) is a �-
distribution function, which is often used to represent petroleum fractions: 

 f (�) = 
( )� 
  �
1

�� �(�)  exp ��
	

��
�
 

� 
 
�    ,                                           (4.1) 

where  is the origin, � and � are parameters controlling the shape of the probability distribution 
function, with the mean molecular weight, �1 = �� + , and the variance, �2 = ��2.  In previous 
studies, using the second moment, �2 = �2 + �1

2 , was found to be more convenient for calculations 
than using the variance.  Here, �j is the jth moment of f(w).  The transport equations for energy 
and molar fuel fraction, yF, can be obtained by integrating energy and species conservation 
equations over the probability distribution function and two additional transport equations for �1 
and �2 are achieved by performing proper weightings over the equation for fuel fraction.  The gas 
phase transport equations for droplet vaporization, using continuous fuel representation, were 
first completed by Tamim and Hallett (1995).   

The methodology is similar to previously studies within the frame work of continuous 
thermodynamics.  The vapor-phase quasi-steady solutions are given by: 

 NYf  =  Sh
2  

CvapDYf
R  ln (1 + B) ,                                       (4.2) 

 N�j = NYf  
�

�

�


��j‚R 
 

�j‚R 
 �j‚�

1 
 ( )1 + B
DYf / D�j   ,                                   (4.3) 

where Nyf is the total vapor flux, and N�j is the flux for jth moment; Dyf and D�j is the average 
diffusivity for fuel composition and jth moment, respectively, and B is the transfer number given 
by ( )yF 	 yF‚�  / ( )1 
 yF .  Note that the Sherwood number is evaluated using fuel fraction, since 
the diffusivities for composition and the moments are almost the same.  The heat flux to the 
droplet, q, is given by, 

 q = NYF 

�


�

�




�Cp ( )T� 
 TR

 exp ��
	

��
�2 NYF Cp R

kvap · Nu 
 1  
 
 �Hfg   ,                            (4.4) 

where Cp, �Hfg, kvap and Nu are the vapor phase specific heat capacity, latent heat for 
vaporization, thermal conductivity and Nusselt number, respectively. 
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4.1.2 Liquid Phase Equations 
The transient behavior of the liquid phase significantly affects the evaporation of a spray and 

thus, the vapor distribution.  In the present study, an effort is made to properly model the non-
uniformity of liquid phase due to finite diffusion vaporization rather than using the infinite 
diffusion model as in the study by Tamim and Hallett (1995).  The transport equations for the 
liquid phase are obtained with the same approach as used in the gas phase.  However, only three 
equations are considered, since the overall fuel molar fraction for liquid phase is unity.  The 
complete liquid phase equations are too complex to be solved analytically.  Previous studies on 
the liquid phase during droplet vaporization have provided a lot of knowledge and inspiration on 
the simplifications to the problem while retaining reasonable accuracy.  Internal circulation 
enhances diffusion in the liquid phase and this effect can be accounted for by an effective 
diffusivity and conductivity.  The radial bulk motion caused by heating and diffusion is 
negligible without combustion.  In contrast to the gas phase, mass diffusivity is much smaller 
than thermal conductivity in the liquid phase.  It is reasonable to assume that every component in 
the liquid phase diffuses at the same rate, although the effect of molecular weight on the 
diffusion rate is considered in the gas phase.  In addition, assuming that in a short time interval, 
molar concentration and specific heat are constant, and that the flow is symmetric since the 
effects of internal vortices are included in the effective properties, the liquid phase equations can 
then be simplified and written as:  

 Cliq 
 ��
�t  = Cliq D�

 �2 �
�r2   ,                                              (4.5) 

where the subscript liq represents liquid phase, � represents the product of fuel composition and 
moments (yf,liq �j) or temperature (T), D� is the average diffusivity (for mass diffusion) or thermal 
diffusivity (kliq / Cliq·Cp,liq).   The conductivity and diffusivities in the equations are all effective 
properties.  Symmetry imposes the boundary conditions at the droplet center, and conservation 
conditions are applied at the droplet surface, 

 ��
� ��

�r r=0
 = 0 , Cliq D� ��

� ��
�r r=R

 = NYf � 
 N� = ��  .                   (4.6) 

 

Note that, for the energy equation, �� equals to q, given by Equation (4). 

These equations are in the same form as those for a discrete multi-component fuel 
representation by Zeng and Lee (2001) if the first and second moments of the probability 
distribution function are considered as two “discrete components”.  It is possible to find a 
relation between the surface and average properties of a droplet to approximate the effect of 
finite diffusion rate in the liquid phase by using the same approach as Zeng and Lee (2001): first, 
apply the quasi-steady state assumption and obtain an analytical solution of Equation 4.5.  Then, 
obtain the transient part of the solution by separation of variables and retain only the first order 
term in the series solution. Finally, an approximate solution is derived using the initial condition.  
With this approximate solution, an expression for the difference between the surface and mean 
values can be obtained.  The time differential form of this expression is 

 d�diff
dt  = 

�2
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1
 �   ,                               (4.7) 
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where �diff = �r=R – �mean (the difference between the surface and mean values), �1 = 4.4934, 
Pev = 	RṘ / D�, Ṙ is the regression rate of the droplet and E(Pev) is the enhancement coefficient 
for droplet surface regression, which is defined by Zeng and Lee (2001) as: 
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This function is normalized to 1 at Pevap = 0 and decreases as Pevap increases.  The average 
values of the moments and temperature in the liquid phase are determined by:  

 
d
dt ( )Cliq R3 �mean  = 
3R2 N� ,                                   (4.9) 

 d
dt ( )Cliq R3 Cp‚liq Tliq‚mean  = 3R2 q .                                    (4.10) 

where the fluxes are given by the gas phase sub-model.  Thus, the surface value can be obtained.  
An effective diffusivity and conductivity correlation is used in this study.   

 

 
4.1.3 Phase Equilibrium and Properties Evaluations 

The expressions for phase equilibrium, using a linear approximation for the boiling 
temperature in terms of molecular weight (�) , Tboil (�) = aboil + bboil · �, as in Tamim and Hallett 
(1995), are given by Equations 4.11 to 4.13, in terms of problem parameters, 

 Yf,vap = 
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  ,                                               (4.13) 

where RI  is the universal gas constant, �Sfg is entropy of vaporization.  Other fuel vapor property 
correlations, such as diffusivity, thermal conductivity, specific heat and enthalpy of vaporization, 
are presented by Tamim and Hallett (1995).  Note higher order correlations for estimating the 
properties are available.  The present model involves fuel liquid properties, so the proper 
correlations are introduced.  The liquid viscosity, �, correlation is based on Orrick and Erbar 
method (1987): 

 ln � = ln 
 + ln �  ��
	

��
�A1 + 

B1
T  + ��

	
��
�A2 + 

B2
T  · � ,                                    (14) 
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where 
 represents density, and the constants Aj’s and Bj’s are given by: A1= 
6.9802, A2 = 
 
0.015, B1 = 260.7737 and B2 = 7.0587.  Sastri Method and Hayduk and Minas Method are used 
for conductivity and diffusivity correlations in the liquid phase, respectively. 

The above model was implemented into a modified version of KIVA-3V, which is a 
comprehensive multidimensional CFD code for engine modeling.  The original code was 
modified due to the two additional transport equations for gas phase quantities.  With a 
continuous fuel representation, the vapor-liquid equilibrium and liquid phase quantities are 
calculated on molar basis.  However, original KIVA is written on mass basis.  Thus, molar and 
mass basis variables are converted in each time step.  The mass distribution function, fmass(�), 
(representing mass fraction) is related to the molar distribution function, fmolar(�), (representing 
molar fraction) by Equation 4.15, 

 fmass(�) d� = 
fmolar(�)·� d�

�1‚molar
 .                                                    (4.15) 

Using the relation, mass basis moments, θj,mass, can be obtained as 

 θ j
j‚mass = 

θ j+1
j‚molar 

 �1‚molar  .                                                          (4.16) 

 

4.2 Results and Discussions 
In order to validate the present model, computations on typical n-decane, JP-4, diesel and 

gasoline droplets are presented in this paper.  The �-distribution and the set of parameters given by 
Hallett (2000) were in this study.  The initial means, �, for n-decane, JP-4 and diesel are 142.3, 113 
and 185, respectively.  The variances are chosen as 1, 27.5 and 43 for n-decane, JP-4 and diesel, 
respectively.  The developed model was first used to simulate single droplet vaporization, and the 
results were compared with the experimental data.  Finally, the proposed model is used to simulate 
spray evaporation to display its applicability in multi-dimensional engine applications. 

 
4.2.1 Evaporation of JP-4 Droplet

The proposed continuous distribution model was then applied to simulate the evaporation of a 
JP-4 droplet.  Runge et al. (1998) measured the temperature of a JP-4 droplet in air at 294 K and 
moving at 3 m/s.  This experiment showed that the droplet temperature initially dropped rapidly and 
then increased to about 293 K, due to faster evaporation of lighter components that absorbs heat from 
the liquid.  Figure C4.1 shows that the computational results agree well with the experimental data.  
Small discrepancies are possibly due to the fact that JP-4 fuel contains other hydrocarbons besides 
paraffin, and the components in the fuel are not continuously distributed like the probability 
distribution function. These reasons would naturally alter the vapor pressure behavior.  Runge et al. 
(1998) also showed computational results with a discrete thirty-three component model.  Compared 
with their results, the present model not only reduced the computational cost dramatically, but also 
improved the agreement with experiment remarkably.   

 
4.2.2 Evaporation of Diesel Droplet 
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A 50 �m diesel droplet with initial temperature of 300 K, in ambient air at 1 atm and 750 K is 
simulated with the proposed model.  Droplet surface temperature, boiling point and fraction of 
evaporated mass histories for the droplet are shown in Figures C4.2 and C4.3.  Boiling point of the 
droplet increases throughout the droplet lifetime as the composition of the droplet varies.  The 
distribution of molecular weights in the liquid phase shifts to higher mean molecular weights and 
smaller variances as the droplet vaporizes.  The overall boiling point of the droplet increases as the 
more volatile components vaporize.  Figure 3 also shows that the droplet never reaches an 
equilibrium temperature, unlike single- or multi-component and droplets, an important characteristic 
of the distillation of practical fuels using continuous thermodynamics.  The average temperature of 
the droplet is lower than its surface temperature, with the difference between increases during initial 
heating of the droplet.  The two values converge as the droplet evaporates.  As lighter, more volatile 
components vaporize; the liquid phase is dominated by the heavier, less volatile components; 
therefore, the average molecular weight and the variance of the distribution both increase 
continuously as the droplet evaporates.  Since lighter components at the droplet surface vaporize 
faster than heavier components, the composition at the surface is different from that inside the 
droplet.  Diffusion in the liquid phase occurs at a finite rate determined by fuel property, state 
parameters and relative velocity with the gas phase.  The predicted droplet life is 0.023 s. 

The difference between the composition at the droplet surface and the average composition of the 
diesel droplet when 25% and 75% of the fuel mass has evaporated is shown in Figure C4.4.  As 
lighter components evaporate, the liquid phase is made up of heavier components.  Therefore the 
mean molecular weight increases, for both surface and mean distributions, as the droplet evaporates.  
Meanwhile, the standard deviation of the distributions decreases.  Moreover, the surface distribution 
has a higher mean molecular weight than the mean distribution, for both 25% and 75% mass 
evaporation.  The lighter components on the droplet surface are readily evaporated.  On the other 
hand, the lighter components remain as liquid within the droplet, they cannot evaporate until they are 
diffused to the droplet surface.  This explains the lower mean molecular weight for the mean 
distributions.  The mean of the vapor distribution, shown in Figure C4.5, increases as the droplet 
evaporates, while the standard deviation increases, as lighter components evaporates faster.  Note that 
the vapor distribution converges towards the initial liquid phase distribution towards the end of the 
droplet life. 

The variation of distribution parameters and vapor phase surface fuel fraction are shown in 
Figures C4.6 and C4.7.  As the droplet evaporates, both mean and surface molecular weight 
increases, as light components are the first to evaporate.  The average mean predicted by the model is 
lower than surface values.  The difference between the two values increases during droplet heat-up, 
and converges towards the end the droplet life.  The standard deviation of liquid composition 
decreases through its lifetime.  The mean molecular weight of the vapor phase increases and 
converges towards the initial liquid phase distribution as expected since the vapor phase composition 
is identical to the initial liquid phase composition once the droplet completely evaporates.  The 
surface fuel vapor fraction increases rapidly initially during initial heat up process, then becomes 
steady and eventually decreases.  

 

4.2.3 Comparison of Single and Continuous Representation of Diesel 
Calculations are made for diesel droplets moving at 35 m/s into quiescent air at 900 K and 1 atm, 

with results comparing to pure dodecane droplet (C12H26), often used to represent diesel fuel in 
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engine simulations, using single component representation of identical size moving at 35 m/s into 
ambient air of identical conditions.  Figures C4.8 and C4.9 show the temperature variation of diesel 
and dodecane droplets, respectively.  The liquid phase surface and mean temperature, predicted by 
the proposed model, increase throughout the droplet lifetime as in the case of stationary droplet.  The 
boiling point also increases throughout droplet lifetime as lighter and more volatile components 
evaporates faster than heavier and less volatile components in the droplet.  Note that the droplet 
never reaches an equilibrium temperature during its lifetime.  On the other hand, for the pure 
dodecane droplet, the boiling point is constant (486 K), and the droplet reaches an equilibrium 
temperature of 448 K after the initial heating up process.  Figure C4.10 shows that the lifetime of the 
dodecane droplet is 4.5 ms, compares to 6 ms of the diesel droplet.  The droplet size history, shown 
in Figure C4.11, indicates faster evaporation of the dodecane droplet.  The variations of the mean and 
standard deviation of the droplets are shown in Figure C4.12.  The liquid phase values for diesel 
droplet increases as the droplet evaporates due to preferential evaporation of lighter components.  
The vapor phase mean increases and converges towards the initial liquid phase at the end of the 
droplet life.  Note that the mean value for both liquid and vapor phase remains constant throughout 
the droplet lifetime for the n-dodecane droplet.  These results show that the choice of fuel model can 
have a significant impact in engine calculations, in particular during the ignition, combustion and 
emissions computation cycles.  Inhomogeneous fuel-vapor composition can affect the ignition delay, 
combustion quality and pollutant formation. 

 
4.3 Summary and Conclusions 

A preferential vaporization model for complex commercial fuels has been developed using 
continuous thermodynamics.  The fuel composition is modeled using a continuous distribution 
function with three parameters, making it possible to simulate complex mixtures with a 
reasonable accuracy and computational cost.  In the developed model, a Γ-distribution with the 
set of parameters for diesel was used to compute the evaporation of a diesel droplet.  The finite 
diffusion preferential vaporization effect is modeled by solving ordinary differential equations 
for the differences between surface and average values, and finite diffusion, internal circulation, 
and surface regression are considered.  Simulations of isolated n-decane and JP-4 droplets 
vaporization agree with the experiments very well, and the present model both reduced the 
computational cost and improved accuracy significantly.  The present model was applied to 
simulation of isolated droplets with composition of typical diesel.  Computations show that the 
model can capture the main distillation characteristics of commercial fuels.  The results show 
that liquid phase model will affect vaporization behavior of the droplets.  The present 
vaporization model is zero-dimensional with a very low computational cost, while maintaining a 
satisfying level of accuracy and the underlying physics of the evaporation process.  The good 
agreements between model predictions and experimental data presented in this study show that 
multi-dimensional engine application can be done in a computationally affordable way using the 
present model. 
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5. Micro-Explosion Modeling for Biodiesel and Blends  
 

The occurrence of micro-explosion is due to the vaporization of two or more liquid components 
with different volatilities in a high temperature environment. Because of the finite mass diffusion 
velocity within the droplet, lighter components inside the multi-component droplet cannot emerge to 
the surface sufficiently fast to compensate its fast vaporization rate than the rest of components, and 
thus the mass fraction of light components inside the droplet is larger than that at the droplet surface. 
As a consequence, even though the droplet surface does not pass the boiling state, the temperature in 
some region within the droplet is likely to be higher than the local boiling point. When the 
temperature is high enough to support the nucleation, one or two bubbles are generated inside the 
droplet. Their subsequent rapid growth results in a violent explosion of the droplet. The size of the 
secondary droplets generated by micro-explosion is decreased significantly. From the practical 
viewpoint, the possible occurrence of micro-explosion has potential for making fuel atomization 
more flexible. That is, fine atomization does not need to be the primary concern in the design of the 
spraying devices and processes. In fact, it may be advantageous to have somewhat larger droplet, 
which possess sufficient inertia to penetrate the combustor interior in order to achieve optimal charge 
distribution. Upon penetration rapid gasification can then be effected through micro-explosion. 

Recently, some potential alternative substitutes of petroleum fuels, such as biodiesel, ethanol, and 
butanol, have received much attention because they are renewable and friendly to the environment 
and can possibly reduce domestic demand on foreign petroleum. Bio-fuels are generally mixed with 
petroleum-based diesel or gasoline in the commercial market. Selected thermo-physical and chemical 
properties of ethanol, butanol, soybean biodiesel, and tetradecane are tabulated in Table C5.1. Since 
the volatilities and boiling points of ethanol and diesel/biodiesel fuels are significantly different, 
micro-explosion can be expected in biofuel-diesel blends. Although butanol has a higher boiling 
point compared to ethanol, the differences between butanol and biodiesel are still significant so that 
micro-explosion in binary mixtures of butanol-soybean biodiesel and ternary mixtures of butanol-
diesel-soybean biodiesel might occur. Additionally, the use of a higher alcohol, like butanol, could 
solve the problem of fuel instability at low temperature because of the higher solubility of butanol in 
diesel/biodiesel fuels. Understanding the atomization process and dynamics of secondary droplets in 
bio-fuel and diesel blends due to micro-explosion is helpful in optimizing bio-fuel engine 
performances. 

In this study, the effects of ambient pressure, ambient temperature, composition, and initial 
droplet size on the onset of micro-explosion in bio-fuel and diesel blends are examined. Atomization 
is determined by the aerodynamic disturbances in previous works (Zeng 2000). A proposed breakup 
model based on surface energy of droplet is used in this study. The droplet breakup characteristics 
due to micro-explosion are studied under engine operation conditions. Numerical works are carried 
out by using a modified KIVA-3V Release 2 code. The thermodynamic properties of soybean 
biodiesel are calculated from BDProp and inserted into the KIVA fuel library.    

 

5.1 Mathematical Formulations 
The proposed model describes the three crucial steps in micro-explosion of a droplet: bubble 

generation, bubble growth and breakup. The homogeneous nucleation theory is used to calculate the 
generation of bubble within the droplet. After bubble generation, the modified Rayleigh equation is 
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used to describe bubble growth. Finally, the breakup process is modeled using a surface energy 
approach, which predicts the characteristics of the bubble and droplet at breakup. The Sauter mean 
radius (SMR) of secondary droplets after breakup can be calculated from the prediction of the 
breakup model. This study primarily focuses on small droplet atomization under micro-explosion and 
presents a simple approach to estimate the SMR. 

 

5.1.1 Bubble Generation 
Under the assumption of spherical symmetry, a bubble with radius Rb is assumed to be 

formed in the center of a droplet with radius Rs, according to the homogeneous nucleation theory 
shown in Figure C5.1. Based on homogeneous nucleation theory, nucleation is arisen from 
thermal fluctuation and intermolecular interaction. There is neither dissolved gas nor impurity 
within the bubble-droplet system acting as nucleation site. As a result, homogeneous nucleation 
requires a higher superheat limit. Avedisian and Glassman (1981) proposed a semi-empirical 
homogeneous nucleation rate formula shown in Equation 5.1, 

                J = � n0 kf exp ��
	

��
�


�A*

kT  ,                                                     (5.1) 

 

where J (1/time-volume) is the nucleation rate; � is the probability of nucleation; n0, the number 
density; kf, the gas collision frequency; and A* is the activation energy. The current work uses 
unity for �, which allows accurate prediction, relative to experimental measurements of the 
superheat limit.   

The number of nuclei can be calculated by integrating Equation 5.1 with respect to time over 
the control volume. The onset of micro-explosion, which signifies the instant of bubble 
generation, is determined by setting the number of nuclei to one. The exponential form on the 
nucleation rate indicates the drastic growth of the number of nuclei once the droplet temperature 
approaches the superheat limit. Therefore, the choice of the number of nuclei is insignificant in 
the determination of the onset of micro-explosion. 

The primary concern of using homogeneous nucleation theory is that heterogeneous 
nucleation, due to the existence of impurity or dissolved gas, is likely to take place in practice. 
However, the temperature at which heterogeneous nucleation happens is bounded by the 
superheat limit and the saturation temperature. In other words, heterogeneous nucleation is 
possible if the droplet temperature is between these two limits. At high ambient pressure, the 
superheat limit and the saturation temperature approach each other. This justifies the use of 
homogeneous nucleation theory in determining the nucleation temperature at high ambient 
pressure. 

After bubble generation, the initial radius of the bubble nucleus is given by the Young-
Laplace equation, 

                                    R*
b = 

2σ
Pg 
 Pl

 ,                                                           (5.2) 
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where � is the surface tension, Pg is the gas pressure in the bubble, Pl is the liquid droplet 
pressure, and Rb

* is the initial radius of the bubble. Equation 5.2 addresses the mechanical 
equilibrium between the bubble and liquid droplet. 

 

5.1.2 Bubble Growth 
The modified Rayleigh equation describes the bubble growth process,  


l �
�

�

�

Rb 
d2Rb
dt2  + 1.5 ��

	
��
�dRb

dt

2

  = Pg 
 Pl 
 
2σ
Rb

 ,                                (5.3) 

where 
l  is the liquid droplet density. The above equation states that pressure work across the 
gaseous-liquid interface (r = Rb in Figure C5.1) is converted into kinetic energy, the two terms on 
the left hand side and surface energy, the last term on the right hand side. Note that dRb/dt is the 
bubble expansion velocity. Some studies add viscous terms into the Rayleigh equation to account 
for the viscous effect during bubble expansion. Robinson and Judd (2004) showed that viscous 
effect is negligible compared to other terms throughout the parameter space in that study. 
Equation 5.3 is derived by assuming the bubble expanding in an infinite medium and thus 
excludes the finite size effect of the medium. Additional works will be needed to extend 
Equation 5.3 for a finite medium. In this study, the modified Rayleigh equation is mainly used to 
characterize the bubble expansion rate. It also gives the estimation of the Weber number at 
droplet surface in a small bubble-droplet system. 

 

5.1.3 SMR of Secondary Droplets 
Consider a bubble-droplet system with bubble radius Rb, droplet surface radius Rs, and 

bubble expansion rate (Vb), written as dRb/dt in Equation 5.3, at the instant of breakup; the SMR 
of the secondary droplets can be obtained from conservation equations, assuming the system is 
spherical symmetric. Current model describes the size distribution of the secondary droplets 
using a generic probability distribution. Replacing the bubble expansion rate Vb by droplet 
surface expansion rate Vs in the conservation of mass and rewrite the SMR equation in terms of 
void fraction, � = R3

b / R
3
s , (0 � � < 1 in bubble-droplet system), and surface Weber number, 

Wes = 
l RsV
2
s , the SMR equation then becomes: 

SMR
1 = 
1
Rs
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 Wes  .                   (5.4) 

Note that Rs, �, and Wes in Eq. CSX(4) are unknowns. Assuming that liquid mass is 
approximately conserved during bubble expansion, R3

s0
 � R3

s  
 R3
b , droplet surface radius, Rs, can 

then be expressed in terms of  the droplet radius right before the onset of micro-explosion, Rs0, 
and  void fraction �,  

                              Rs = Rs0

( )1 
 �
1/3 ,                                             (5.5) 

where Rs0 refers to droplet surface radius at � = 0. Since the initial radius of bubble at the onset 
of micro-explosion is much smaller than droplet size, i.e. � � 0, Rs0 can also be regarded as the 
droplet surface radius at the onset of micro-explosion. Since the time elapsed between bubble 
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generation and droplet breakup is fairly small relative to droplet lifetime, the assumption of 
liquid mass conservation during bubble growth can be made.  Substituting Equation 5.5 into 5.4, 
the SMR equation becomes: 

 SMR
1 = 
( )1 
 �

1/3

Rs0
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 Wes  .            (5.6) 

Once Rs0 is known and � and Wes are determined, the SMR can then be estimated.  

 

5.1.4 Breakup Criterion: Minimal Surface Energy (MSE) 
A breakup model is derived to determine the onset of micro-explosion. The key concept of 

this breakup model is the surface energy, which will be shown proportional to Gibbs free energy, 
of the bubble-droplet system by assuming breakup takes place at some unknown � and Wes. Then 
the minimal surface energy (MSE) in the � and Wes domains are used to determine the most 
probable � and Wes for breakup.   

To relate the Gibbs free energy and surface energy using a thermodynamic relation between, 
assuming constant surface tension and mass, and the system remains isothermal and quasi-steady 
within a differential expansion. The differential form of Gibbs free energy of the bubble-droplet 
system takes the following form, assuming negligible temperature change, 

                      dG = V dP + � dA ,                                                 (5.7) 

where  

 V dP = 43 � R3
b dPg + 43 � ( )R3

s 	 R3
b  dPl ,                        (5.8) 

and 

                 � dA = 4� � d ( )R3
b + R3

s  .                                          (5.9) 

Under quasi-steady state assumption, dPl and dPg can be obtained from the Young-Laplace 
equation at Rs and Rb.  Finally, dG can be expressed by  

                             dG = 
2
3 � dA .                                                    (5.10) 

The Young-Laplace equation considers mechanical equilibrium across the gas-liquid interface, 
which is an appropriate approximation for a small bubble-droplet system under high ambient 
pressure where the pressure and surface forces are the dominate terms during bubble expansion. 
The isothermal assumption is usually good because the droplet temperature is nearly constant 
within the differential expansion if the ambient temperature is constant. Equation 5.10 shows that 
the surface energy of the system is proportional to Gibbs free energy. In other words, the system 
attains the minimum of Gibbs free energy as long as the minimum of surface energy is achieved.  

The initial surface energy, SE0, of the system right before the onset of micro-explosion (at � 
= 0) is 

                SE0 = 4� R 2
s0 � .                                                (5.11) 

The surface energy of the system at some � before breakup is 
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         SE1 = 4� R2
s ( )1 + �2/3  � = 4� R 2

s0 
1 + �2/3

( )1 
 � 2/3 � .                     (5.12) 

To describe the surface energy of the system immediately after breakup at some � and Wes, 
assume the secondary droplets obey a separable and spherically symmetric probability 
distribution function,  

                   f = f(r, �, �) = fr(r) f�(�) f�(�) .                                          (5.13) 

Then the total surface energy after breakup becomes 

SE2 = N 
��
�

 

 
 ��
�

 

 
  4�r2σ fr(r) f�(�) f�(�) dr d� d� = 4� σ N

��
�

 

r2 fr dr           (5.14) 

where N is the number of secondary droplets and r denotes the radius of a secondary droplet. The 
mass conservation gives: 

 
4�
3  
l ( )R3

s 	 R3
b  = 

��
�

 
 N 

4�
3  
l r3 fr(r) dr .                                     (5.15) 

To rewrite SE2 in the form of Equation 5.12, divide Equation 5.14 by 5.15 and substitute 
Equation 5.6 for SMR, defined as 
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r3 fr(r) dr /��
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r2 fr(r) dr .                                                   (5.16) 

To compare the surface energy at various � and Wes, normalize Equation 5.12 and 5.16 by 5.11, 
gives: 
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Equation 5.17 presents a non-dimensional form of surface energy as a function of void fraction if 
there is no breakup; while Equation 5.18 depicts the minimal surface energy ratio if breakup 
takes places at some void fraction, �, and Weber number, Wes. Equation 5.17 is a monotonically 
increasing function in SE1/SE0 with respect to �; while Equation 5.18 has minimum values in 
SE2/SE0 over the � and Wes domains. The � and Wes which produce minimal SE2/SE0 are referred 
to the possible void fraction and Weber number for breakup in this work. The SMR for the 
secondary droplets can then be estimated by substituting the � and Wes that produce the minimal 
SE2/SE0 into Equation 5.6.  

 

5.2 Results and Discussions 
A numerical study is conducted to exam the effects of ambient pressure, ambient temperature, 

and composition of the mixture on the onset of micro-explosion. The effect of biodiesel on micro-
explosion is then studied by comparing the results for ethanol-tetradecane and ethanol-biodiesel-
tetradecane droplets. The onset of micro-explosion is referred as bubble generation, which is a 
prerequisite of micro-explosion. The droplet size decreases upon evaporation while the nucleation 
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process is initiated. Therefore, micro-explosion can be characterized by the normalized onset radius 
(NOR), the ratio of droplet radius at the onset of micro-explosion to the initial droplet radius, 
assuming that the time elapsed between the onset and final breakup of the droplet is negligible 
relative to the droplet lifetime . The NOR represents the possibility of micro-explosion: a large NOR 
implies that micro-explosion is more likely to take place and vice versa.  Based on the spherical 
symmetry assumption, the bubble-droplet system is simplified to a one-dimensional problem.   

 
5.2.1 Effects of Ambient Pressure 

A set of calculations is done on butanol-soybean biodiesel and butanol-diesel-soybean biodiesel 
blends droplets at different ambient pressures. Initial droplet radius is 300 μm, initial liquid 
temperature is 300 K, and ambient temperature is 2300 K, which is about the adiabatic flame 
temperature for typical hydrocarbons. 

Figure C5.2 shows the pressure effect with different compositions at 2300K ambient 
temperature. For both compositions, the optimum pressure is around 10 bar. At low pressure 
condition, when increasing pressure, the required super hear degree will decrease, and micro-
explosion is more possible to occur. When further increasing pressure, the volatility difference 
between components will become smaller, so micro-explosion is suppressed. It is also shown that 
with the same butanol content, increasing biodiesel amount will enhance micro-explosion because of 
biodiesel’s higher boiling point. 

 
5.2.2 Effects of Ambient Temperature 

Figure C5.3 shows the effect of ambient temperature on the onset of micro-explosion for a 20% 
butanol-80% soybean biodiesel droplet, and a 20% butanol-60% soybean biodiesel-20% diesel 
droplet with a fixed ambient pressure 20 bar. When ambient temperature is increased from 1000 K to 
2300 K, the NOR is decreased by about 40%. This may be because the evaporation is stronger for 
higher ambient temperature, which ends up with smaller NOR. No micro-explosion is observed 
during the droplet lifetime with ambient temperature less than 1000 K. It indicates that if the ambient 
temperature is too low, the heat transfer rate will not be fast enough for the droplet to reach the 
superheat limit.  

 

5.2.3 Effects of Composition 
Figure C5.4 shows the effect of composition of butanol-soybean biodiesel-diesel droplets with 

initial radius of 300 �m, ambient pressure 10 bar, ambient temperature 2300 K. The optimum 
composition for micro-explosion is 50% butanol-50% soybean biodiesel. Adding biodiesel content to 
the ternary mixture enhances the possibility of micro-explosion, at any given mass fraction of 
butanol. From Table C5.1, adding biodiesel to the mixture increases the difference in volatility and 
boiling point among the components and micro-explosion is more possible to occur. 

 

5.2.4 Micro-explosion and SMR of Secondary Droplets 
From the simulation results of Equation 5.3, Wes is about of O(10) for droplets with initial 

radius ranges from 10 μm to 50 μm and the aforementioned ambient conditions. Generally 
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speaking, larger droplets tend to reach higher Wes during bubble expansion because of the larger 
dimension. To decide the possible � upon breakup at any given Wes, the non-dimensional 
minimal surface energy after breakup, SE2/SE0, in Eq. CSX (18) or simply called minimal 
surface energy ratio (MSER) hereafter, is plotted against � and Wes, as shown in Figure C5.5.  

It can be seen from Figure C5.5 that MSER reaches high values at both small and large �, 
which means neither small nor large � is favorable for droplet breakup. However, it should be 
noted that at very small Wes, like the simulated cases in this study, the MSER can occur at small 
�, which is not intuitive according to conventional concept.  As far as a small droplet is 
considered, a small � still ends up with a small droplet thickness, which equals to Rs 	 Rb, due to 
its small Rs, which provides a reasonable explanation of the small � upon breakup for a small 
droplet.  

Figure C5.6 shows � and the corresponding Wes and SMR/Rs0 at the MSER in Figure C5.5. 
SMR/Rs0 is calculated from Equation 5.6 by substituting possible � and Wes at breakup. At Wes of 
10, the possible � at breakup is 0.218. As Wes increases to 200, referring to a large droplet case, 
the possible � at breakup becomes 0.513, which is similar to the measurements in fuel jet breakup 
experiment by Suma and Koizumi (1977) and the empirical breakup model in flash boiling by 
Kawano et al (2006). Suma and Koizumi’s experimental data of � at breakup range from 0.51 to 
0.53. It is interesting to point out that, further reduction in the SMR is possible if Wes increases, 
as shown in Figure C5.5. This shows that micro-explosion may be more effective in atomizing 
large droplets.  
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Tables: 
 

Table C5.1.  Selected thermo-physical and chemical properties for ethanol, soybean 
biodiesel and tetradecane 
 

 Butanol Biodiesel Tetradecane 

Density [kg/m3] (298 K) 810.0 885.0 759.6 

Boiling Point [K] 400 627 527 

Heat of Vaporization [kJ/kg] 430 320 243 

Viscosity [g/cm�s] (313 K) 0.030 0.040 0.017 

Surface Tension [dyne/cm] (293 K) 24.9 32.5 26.8 

Vapor Pressure [mmHg] (353 K) 6.7 ~0 2.775 
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6. Soot Modeling for Low Temperature Combustion 
 

Due to the aggravation of world-wide environmental pollution, the US Environmental 
Protection Agency (EPA) implemented more stringent standards for heavy-duty diesel engine 
emissions. The tailpipe particulate matter (PM) emissions was set at 0.01 g/bhp hr in the 2007 
standard of EPA, only one tenth of the allowed value in  the 1998 standard (0.1 g/bhp hr). In 
order to meet this challenging emission target, diesel engine designers adopted various strategies 
such as exhaust gas recirculation (EGR), ultra high-pressure injection, air or water injection, and 
particulate filter (DPF) for soot control.  

Moreover, the multi-dimensional engine modelling was also exploited to visualize soot 
distribution characteristics, and then to find the effective approach for soot suppression. In 
engine simulation, the Hiroyasu’s two-step soot model, which combined the Hiroyasu soot 
formation model with the Nagle and Strickland-Constable (NSC) soot oxidation mode (Hiroyasu 
et al. 1983), was commonly employed due to its ease of implementation into CFD codes. The 
model used a single-step simplistic high-temperature reaction to describe the soot formation 
process.  The formation rate in the Arrhenius form is expressed by the equation proposed by 
Hiroyasu et al (1983). 

dMsoot
 dt  = Af Mfuel p0.5exp��

	
��
�Ef

RT                                  (6.1) 

where Msoot, Mfuel, p, T, and R are the soot mass, fuel vapor mass, pressure, temperature, and 
the universal gas constant, respectively. The activation energy, Ef, is assumed to be constant at 
5.23×104 [J/mol], obtained by empirical curve fitting. Adjusting the pre-exponential factor, Af, 
the calculated soot yields can partially match with the experimental data.   

Nevertheless, soot formation and oxidation processes in real engines are complicated 
mechanisms that involve sophisticated particle dynamics and gas phase chemistry. Through 
either pure or oxidative pyrolysis, small hydrocarbons, especially acetylene (C2H2) was formed 
from the hydrocarbon fuels under fuel-rich conditions. Then large hydrocarbon molecules, such 
as polyynes and polycyclic aromatic hydrocarbons (PAHs) were built up, which were usually 
regarded as molecular soot precursors. At the same time, soot particles initially formed through 
inception of the molecular soot precursors sequentially underwent surface growth through 
gathering growth agents from the gas phase and coalescence coagulation to form larger particles. 
After competition with surface oxidation process, which depletes carbon mass from the soot 
surface, soot particles turn out to be chain-like aggregates. 

Lack of the particle growth and dynamics, as well as over simplification of the gas phase 
chemistry, the Hiroyasu-NSC soot formation and oxidation model is destined to be limited in 
predicting soot distribution. Especially after the applications of new control strategies, such as 
very early/late injection, multiple injections, high EGR rate and reduced compression ratio,  low 
temperature reactions  control the soot formation process. In order to obtain fundamental 
understanding of soot formation and oxidation, a multi-step phenomenological soot model, 
including fuel pyrolisis, acetylene and soot precursor formation and oxidation, soot particle 
inception, coagulation, surface growth, oxygen-assisted surface oxidation and hydroxyl induced 
surface oxidation was implemented into the KIVA – 3V Release 2 code to simulate the 
combustion and soot distribution in diesel engine.   
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6.1  Experiments Conducted Using Pure Diesel 
6.1.1 Engine Specification 

The experiments were conducted in a Ford Lion 2.7L V6 diesel engine, with a common-rail 
direct-injection system, using a piezoelectric, 6-nozzle injectors. The original variable geometry 
turbocharger (VGT) is replaced by a heated intake system with a compressor to provide the 
sufficient intake flow rate, and an electrical valve is also installed to restrict the flow in the 
exhaust pipe, then to supply enough backpressure for the high mount of EGR. Engine 
specifications are tabulated in Table C6.1.   

 

6.1.2 Measurement Method 
Engine load was acquired by an eddy-current dynamometer, and brake mean effective 

pressure (BMEP) is consequently calculated. The pressure transducer is installed in one of the 
six cylinders to monitor the variation of in-cylinder mean pressure. The intake fresh air 
temperature, exhaust gas temperature, and EGR coolant temperature, were measured for 
simulation accuracy.  Staples were taken directly through the raw exhaust gases. Emissions of 
NOx were measured using a Horiba MEXA-720NOx non-sampling type meter. Carbon 
monoxide and carbon dioxide were measured with a Horiba MEXA-554JU exhaust gas analyzer. 
Soot emissions were obtained by comparing and characterizing the filter paper, used for 
collecting sample exhaust gas, against the standard sample 

 

6.1.3 Operating condition 
In this study, engine operations at two engine speeds, 1000 and 1500 rpm, and two loading 

conditions, 300 and 500 kPa IMEP output, were investigated.  The EGR ratio was 50% for the 
300 kPa IMEP cases and 40% for the 500 kPa IMEP cases.  All these cases are at steady state 
conditions. The injection timing of all these cases was set at their default condition, the original 
injection specifications provided by Ford.  The start of injection tends to advance with higher 
speed and higher engine load, while EGR rate decreases with higher injected fuel quantity. 

 

6.2 Computational Results of the Combustion of Pure Diesel 
In order to ensure the computation efficiency, a 60° sector mesh was selected to simulate one 

of the six spray jets from the six nozzle holes. The CFD code used in the simulations is a 
modified version of the KIVA-3V code. Several physics and chemistry sub-models developed by 
University of Illinois at Urbana and Champaign have been implemented in the code. These sub-
models include the “Shell” model for ignition, the laminar-and-turbulent characteristic time 
combustion model for post-ignition combustion, the Zel’dovich model for NO formation, the 
RNG k–� model for low Mach-number turbulent flow modeling, a ‘blob’ injection model for fuel 
parcel injection, and the Rayleigh–Taylor model for spray atomization and droplet breakup, a 
droplet wall impingement model, a crevice model for piston-ring flow. The nine-step 
phenomenological diesel soot model described in the preceding section has been implemented 
into the ERC KIVA-3V code for modeling soot formation and oxidation processes in engines as 
well. 
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The multiple-step phenomenological soot model applied in this research is based on the work 
of Tao et al. (Tao et al. 2009). For ease to couple with CFD codes, all incorporated reactions are 
expressed by global form. And the basic structure of the phenomenological soot mode is shown 
in Figure C6.1. 

 

6.2.1 Comparisons of Pressure, Heat Release Rate and Temperature  
The predicted in- cylinder mean pressure and heat release rate were compared with 

experimental measurements. As shown in Figures C6.2 to C6.5, the predicted in-cylinder 
pressure compared well with the measurement data. The modified KIVA predicted the main 
combustion characteristics, including ignition time, peak combustion pressure and peak heat 
release rate well. The slight discrepancies in the heat release rate prediction might cause by the 
lower heat conduction and lack of heat radiation in KIVA program.  

 

6.2.2 Soot Emissions 
Figure C6.6 shows the simulation results from the MSPS model of the normalized soot 

emissions of pure diesel under four different operating conditions.  As shown in the figure, the 
model predicted the emission trend correctly. Soot was mainly generated in mixing controlled 
combustion mode. Its formation and oxidation process are combined complicated physical 
process with sophisticated non-liner chemical kinetic mechanisms, therefore it is affected by 
several factors including the injection time, fuel quantity, ignition duration, combustion 
temperature, pressure and other parameters other than the model itself. It is almost impossible to 
achieve the quantity agreement for modeling results with experimental data. But it is important 
to show the accuracy changing trend for researchers to find the reduction potential of soot 
emissions through modeling tools.   

 

6.2.3 Effect of Injection Timing 
Five cases with injection timing from -2 ° CA to 6 °CA ATDC were selected and simulated 

by the MSPS model to investigate the effects of main injection timing on soot emission. The 
default main injection timing is set at 2 °CA after top dead center. Except for the main injection 
timing, the five cases were modelled using the same operation parameters: 1500 rpm, 300 kpa 
IMEP, 50% EGR and 2.5 swirl ratio.  

Figures C6.7 to C6.9 compared the simulated in-cylinder pressure, heat release rates and 
temperatures of the five cases. It is clearly shown that the advanced injection timing case, which 
has higher pressure peak, also has higher peak values of heat release rates and temperature. 
However, it will remain a lower in-cylinder, temperature at the end of the combustion. With 
earlier injection, the combustion started closer to the top dead center within a higher pressure 
environment. Therefore, the combustion flame is easier to propagate into unburned mixture, and 
the break up, atomization and evaporation of the fuel droplet were enhanced by violent 
turbulence flow and higher temperature as well. But the higher temperature will result in higher 
heat loss, which is probably the reason for a lower in-cylinder temperature pressure and heat 
release rate at the end. 
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Figure C6.10 shows a steady increase in the predicted soot histories with different injection 
timing form -2 °CA to 6 °CA ATDC by MSPS model. The soot here was normalized by the soot 
quantity with default injection timing (1.89 °CA ATDC). The lowest soot is observed in the 
advanced 4 °CA injection timing case, which illustrates that the soot should be increase with the 
injection timing retarded. 

In order to clarify the injection timing effect on the combustion and soot emissions, the 
transient mass distribution of total mass soot,  acetylene (C2H2), soot precursor oxygen (O2) and 
OH radical for all five cases are displayed. When the SOI was retarded, the soot mass achieved 
its peak later, but a little higher peak value.  These features are consistent with the history of 
temperature. As shown in Figure C6.9, the in-cylinder temperature is lower as the injection 
timing was retarded until the end of the fuel pyrolysis process. The lower temperature prolonged 
the control time of the low temperature reaction mechanism, resulting in a later activation of 
pyrolysis reaction and thus a slower and less formation of acetylene. But the soot precursor 
didn’t share the same characteristics with the acetylene. As the injection timing retarded, the total 
soot precursor increased initially to reach its peak at default injection timing, and then began to 
drop step by step. For retarded injection ( SOI= 4 °CA and 6 °CA),  the in-cylinder temperature 
began to be reverse to be higher at around 390 °CA crank angle, a closer time for soot precursor 
to reach its peak. Therefore, the soot inception reaction was strongly improved and hence 
suppressed growth of the soot precursor in retarded injection timing cases. Although the 
oxidation was also encouraged by the higher temperature at this time, as shown in Figure 
C6.11d, it cannot offset the rapid production of soot from soot inception reaction. The total soot 
mass was dominated by soot formation process through the comparison between figures listed in 
Figure C6.11. 
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Tables 
 
 

Table C6.1.  Specifications of Ford Lion Engine 
 

engine type V-6, 4-stroke diesel 

bore and stroke (mm) 81 x 88 

displacement per cyl. 
(cm3) 

453.46 

compression ratio 17.3:1 

combustion system direct injection 

EGR high-pressure, water-
cooled 
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Figure C6.3.  Comparison of computational and experimental in-cylinder and heat release 
rate for 1000 rpm 500 kpa IMEP with 40% EGR 
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Figure C6.4.  Comparison of computational and experimental in-cylinder and heat release 
rate for 1500 rpm 300 kpa IMEP with 50% EGR 
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Figure C6.5.  Comparison of computational and experimental in-cylinder and heat release 
rate for 1500 rpm 500 kpa IMEP with 40% EGR 
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Figure C6.6.  Comparison of computational and experimental soot for case 1: 1000 rpm 300 
kpa IMEP with 50% EGR,case 2: 1000 rpm 500 kpa IMEP with 40% EGR, case 3: 1500 
rpm 300 kpa IMEP with 50% EGR, case 4:1500 rpm 500 kpa IMEP with 40% EGR 
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Figure C6.7.  Predicted in-cylinder pressures at SOI= -2 °CA, 0 °CA, 2 °CA (default), 4 
°CA,  and 6 °CA ATDC 
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Figure C6.8.  Predicted heat release rates at SOI= -2 °CA, 0 °CA, 2 °CA (default), 4 °CA,  
and 6 °CA ATDC 
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Figure C6.9.  Predicted in-cylinder temperature at SOI= -2 °CA, 0 °CA, 2 °CA (default), 4 
°CA,  and 6 °CA ATDC 
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Figure 6.10.  Predicted transit distribution of total soot mass at SOI= -2 °CA, 0 °CA, 2 °CA 
(default), 4 °CA,  and 6 °CA ATDC 
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Figure C6.11.  Predicted transit distribution of (a) total soot mass, (b) total acetylene 
(C2H2), (c) total soot precursor, (d) total oxygen (O2), (d) total OH radical at SOI= -2 °CA, 
0 °CA, 2 °CA (default), 4 °CA,  and 6 °CA ATD 
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D. METAL ENGINE EXPERIMENTS 

1. Introduction 
 Biodiesel has become a common alternative fuel for use in compression-ignition engines.  In 
the United States, biodiesel is predominantly produced from soybeans and blended into 
petroleum diesel, providing a more renewable fuel with reduced emissions of certain pollutants, 
specifically soot, hydrocarbons (HC), and carbon monoxide (CO).  Though soybean-derived 
biodiesel is somewhat limited in quantity due to land constraints and the inevitable debate of 
food versus fuel, next-generation feedstocks such as algae are being researched and may provide 
a much more substantial supply of biodiesel.  These advances on the production end of biodiesel 
must be matched with advances in utilization.  Control modules for compression-ignition engines 
are typically optimized for use with petroleum diesel.  However, biodiesel has different fuel 
properties which alter an engine’s combustion characteristics.  Therefore, the first part of the 
current study aims to optimize certain engine control parameters for use with biodiesel. 

 At the same time, increasingly strict emissions regulations have prompted much research on 
strategies to reduce engine emissions.  For compression-ignition engines, soot and oxides of 
nitrogen (NOx) are the typical problematic pollutants.  In conventional diesel combustion, these 
pollutants are particularly difficult to manage due to a soot-NOx tradeoff, whereby reduction of 
one pollutant generally results in an increase of the other.  As a result, engine companies 
typically rely on aftertreatment systems in order to meet emissions regulations for soot and NOx.  
Meanwhile, research has shown the potential for simultaneous reduction of soot and NOx in a 
combustion strategy known as low temperature combustion.  This strategy has its own set of 
issues to resolve, as HC and CO emissions tend to be higher, and combustion phasing may be 
unstable from cycle to cycle.  Given that biodiesel tends to reduce HC and CO emissions, a study 
of biodiesel combustion in the low temperature combustion regime is a logical choice for the 
second part of this study. 

 With this in mind, the remainder of this document is broken down as follows.  First, a 
literature review of research relevant to this topic is presented.  Next, the experimental 
methodology is presented, including a description of the engine setup, overview of measurement 
equipment, and explanation of experimental procedures.  Following that, results and discussion 
will be presented for the conventional combustion optimization as well as the low temperature 
combustion study.  Finally, conclusions of this study and suggestions for further work related to 
this engine will be offered. 

 

2. Literature Review 
2.1 Conventional Diesel Combustion 
 The fundamental aspects of diesel engines must be studied before any advanced work may be 
done in the area.  Emphasis is given to the direct injection diesel engine, as it is most prevalent 
and relates to the test engine utilized in this study.  Starting at the most basic level, a brief 
operating description of the diesel engine is given here.  Air is inducted into the cylinder and 
compressed, creating a high pressure and temperature environment.  As the piston approaches 
top dead center (TDC), fuel is injected into the cylinder.  The fuel partially atomizes and 
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vaporizes in the hot environment before self-igniting.  The ensuing combustion can vary widely 
in character depending on the amount of mixing that occurs prior to auto-ignition. 

 Diesel combustion in general is an unsteady, heterogeneous, and quite complex phenomenon.  
For typical metal engines, it is difficult to know exactly what goes on during the combustion 
process.  In-cylinder pressure transducers provide some information about the heat release as a 
whole, and are an important tool in engine research.  Using the in-cylinder pressure data, the 
apparent heat release rate may be calculated, taking into account heat transfer to the chamber 
walls, by way of first law analysis.  Robust calculations have been made possible through a 
wealth of literature on the subject, as described in [1].  A typical heat release rate plot for a direct 
injection diesel engine is shown in Figure D2.1.  As indicated in the diagram, the heat release 
process may be divided into four general parts.  First, the period after the start of injection (SOI) 
but before the start of combustion is known as the ignition delay.  During this phase, fuel 
atomization and vaporization is occurring, and a dip into negative territory may be seen on the 
heat release rate diagram due to the energy required for vaporization.  Next comes the premixed 
combustion phase, which is characterized by a rapid increase in heat release rate.  Following the 
premixed combustion phase, mixing-controlled combustion occurs.  Here, the rate of heat release 
is controlled by how quickly the remaining fuel-air mixture becomes available for burning.  
Finally, during the late combustion phase, little fuel remains in the cylinder, and the heat release 
rate becomes much lower.  During this phase, kinetic rates are slowing as well due to the 
expansion process and consequently lower temperatures. 

 Beyond the in-cylinder pressure and calculated heat release rate, additional information about 
the combustion process is difficult to obtain using a typical metal engine.  Constant volume 
combustion chambers and optically-accessible diesel engines have enabled much more insight 
into the combustion process through a wide variety of combustion imaging and laser diagnostic 
techniques.  Recently, a conceptual model for diesel combustion has been proposed [3,4].  A 
diagram corresponding to this conceptual model is shown in Figure D2.2.  According to the 
model, after the fuel is injected into the hot ambient air, fuel vaporization takes place in the 
periphery of the liquid jet.  The jet is enclosed by the air-fuel mixture as it penetrates further into 
the chamber.  Auto-ignition occurs in the downstream portion of the jet in multiple points.  At 
the same time, poly-cyclic aromatic hydrocarbon (PAH), a precursor of soot, is formed.  Heat 
release from the fuel-rich mixture in the leading portion of the jet causes the premixed 
combustion.  Meanwhile, diffusion combustion begins at the periphery of the fuel jet between the 
premixed combustion zone and the surrounding air.  At the end of the premixed combustion, 
mixing-controlled combustion becomes dominant, and the main soot zone forms.  At this point, 
the jet is almost fully developed, and the combustion reaches a quasi-steady condition as 
illustrated in Figure D2.2.  It is during diffusion combustion that most of the soot is formed.  
Note that soot undergoes oxidation within the cylinder, and only a fraction of the soot produced 
is emitted in the engine exhaust.  Oxides of nitrogen (NOx) also form during the diffusion 
combustion phase due to the high temperatures associated with near-stoichiometric combustion. 

 The primary pollutants resulting from the diesel combustion process, therefore, are NOx and 
particulate matter, which is in part composed of soot.  Emissions of carbon monoxide and 
unburned hydrocarbons are generally rather small for diesel engines because the overall air-fuel 
ratio is sufficiently lean of stoichiometric.  However, as the air-fuel ratio approaches its 
stoichiometric value, these emissions become more significant and need to be accounted for.  A 
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more detailed analysis of NOx and particulate matter emissions is included below, as these are 
the pollutants of focus in the current study. 

 The nitrogen oxide reaction mechanisms are relatively well known, and have been 
summarized in many sources, including [5].  A summary of the basic concepts is included here.  
The primary nitrogen oxide emitted from most combustion sources is nitric oxide (NO).  There 
are three major sources of NO formed in combustion:  oxidation of atmospheric nitrogen via the 
thermal NO (Zeldovich) mechanism, prompt NO mechanisms, and oxidation of nitrogen-
containing organic compounds in fossil fuels via the fuel NO mechanism.  The thermal NO 
mechanism is comprised of three reactions, whose rate constants have been accurately measured 
over a wide temperature range.  Using these reactions, an equation may be written for the 
maximum NO formation rate.  The resulting equation shows NO formation rate to be strongly 
dependent on burned gas temperature and dependent to a lesser degree on the oxygen 
concentration in the burned gas.  In internal combustion engines, NO formed in the previously 
described processes begins to decompose after it is formed.  However, as the piston expands and 
the cylinder temperature is reduced, NO decomposition is frozen at some point in the cycle, and 
the remaining quantity is emitted in the exhaust.  For diesel engines, the high temperature burned 
gases mix with the remaining cooler air, reducing the cylinder temperature to a greater extent 
than gasoline engines.  Therefore, the NO decomposition is lower, and relatively more NO is 
emitted in the exhaust. 

 Soot formation in diesel engines, meanwhile, is less well understood.  Soot particles are 
thought to be formed in the locally rich region of combustion, where high temperature causes 
thermal cracking of the fuel.  The general consensus is that the molecular precursor of soot forms 
in the process of breakdown and rearrangement of the fuel molecules, or pyrolysis [6].  As a 
result of pyrolysis, PAHs are formed, which subsequently generate soot particles through 
condensation, polymerization, and dehydrogenation.  The newly-formed soot particles then grow 
in size through the addition of gas phase species like acetylene and PAH.  Meanwhile, particle-
particle collisions cause the soot particles to stick together, and coagulation takes place.  Next, 
the amorphous soot particles are converted to a more graphite carbon material.  Eventually, the 
soot particles go through an oxidation process.  Soot formation is dominant in the initial 
combustion phase, during the premixed combustion and the beginning of diffusion combustion.  
However, in later portions of the cycle, soot oxidation becomes more prominent.  Soot oxidation 
may be controlled either by the kinetics of the reaction or by surface diffusion, depending on the 
size of the particles.  Higher in-cylinder temperature increases the oxidation rate during the late 
cycle, and only a small fraction of the initially formed soot is emitted in the exhaust [7]. 

 The soot described above is only a portion of the regulated pollutant known as particulate 
matter.  Particulate matter emitted from a typical diesel engine is composed of two types of 
particles:  (1) fractal-like agglomerates of primary particles 15–30 nm in diameter, composed of 
carbon and traces of metallic ash, and coated with condensed heavier end organic compounds 
and sulfate; (2) nucleation particles composed of condensed hydrocarbons and sulfate [8].  An 
artist’s representation of particulate matter according to this description is shown in Figure D2.3. 

Measurement and characterization of this pollutant has become increasingly complex as 
engine-out emission levels continue to be regulated lower.  In general, composition measurement 
is performed through offline chemical analysis.  The collection substrate is first prepared before 
sampling the exhaust from the engine via a dilution tunnel.  The particulate matter must then be 
removed from the substrate prior to chemical analysis.  Conventional particulate matter mass 
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measurements are made simply by passing a steady flow of diluted exhaust through a filter and 
recording the mass increase of the filter at the end of the test.  Though this provides the overall 
particulate matter mass, it is not sufficient for chemical analysis [9].  No one system is sufficient 
to fully characterize the particulate matter.  Rather, a wide variety of test equipment, each 
capable of characterizing certain components, is utilized to obtain the full characterization of 
particulate matter.  Due to the complexity and cost associated with full characterization, it will 
not be performed in the current study.  Instead, the soot portion of particulate matter will be 
measured using a simple but well-developed filter paper method, as described in the 
measurement devices section.  However, it is important to recognize the many constituents 
which fall under the category of particulate matter and acknowledge the limitations of the 
measurements made in this study. 

 

2.2  Exhaust Gas Recirculation 
 Several modifications to the diesel engine have been made in recent years.  A shift has been 
made from indirect to direct fuel injection, and high pressure common rail fuel systems [10] have 
become common.  These advancements have helped to control engine noise, improve fuel 
economy, and reduce emissions [11].  For further control of NOx emissions, however, the use of 
cooled exhaust gas recirculation (EGR) has been adopted.  In a cooled EGR system, a portion of 
burned exhaust gas is taken from the exhaust stream, run through a heat exchanger to reduce its 
temperature, and reintroduced at the intake of the engine.  This has several effects on the 
combustion process, as described in [12].  The first consequence of EGR is the dilution effect.  
Since the exhaust gas contains CO2 and H2O, and therefore less oxygen, the oxygen 
concentration in the inlet charge is reduced.  Studies have shown that by varying intake oxygen 
concentration, changes to the flame temperature had a major influence on NOx emissions 
[13,14].  The next consequence of EGR is the thermal effect.  Because the burned exhaust gas 
has a higher specific heat capacity than the fresh air it displaces, the in-cylinder temperature is 
lowered, thereby decreasing NOx [15,16].  However, some have suggested that the effect of 
higher specific heat capacity is only a secondary effect compared with the reduction in oxygen 
concentration, and that the thermal effect of EGR is offset by the rise in inlet charge temperature 
associated with EGR [17].  A third consequence of EGR is the chemical effect, suggesting that 
dissociation of the CO2 introduced by EGR under the high temperatures of combustion may 
change the combustion process.  Specifically, atomic oxygen is produced, which could increase 
NOx formation according to the Zeldovich mechanism [18].  Additionally, it has been suggested 
that the dissociation of CO2 causes a reduction in soot production due to a longer ignition delay 
and a greater fraction of premixed combustion [19].  Finally, addition of EGR increases the 
intake charge temperature.  Studies have found that introducing EGR cooling reduces NOx but 
increases unburned hydrocarbon emissions, though at high levels of EGR, NOx emissions are 
less sensitive to EGR temperature [16]. 

  Negative aspects of EGR include decreased combustion efficiency and increased production 
of particulate matter [12].  In addition, EGR can potentially affect the durability of the engine 
due to corrosive products in the recirculated exhaust gas.  It is important to note that exhaust gas 
composition from a diesel engine varies depending on the composition of the fuel utilized.  The 
exhaust products of biodiesel, for example, are different from those of diesel.  These differences 
may have an effect on the combustion process when exhaust gases are brought back to the intake 
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through EGR.  The current study will, among other things, attempt to provide some information 
on how engine emissions vary with EGR ratio when using biodiesel fuel. 

 Zheng et al [20] review the various methods of EGR implementation on modern diesel 
engines.  EGR may be achieved either by retaining exhaust gas in the cylinder through control of 
the valves (internal EGR), or by installing a connection between the exhaust system and intake 
system and providing a pressure differential to drive the flow (external EGR).  For turbocharged 
engines, external EGR systems fall into one of two categories, low pressure loop EGR or high 
pressure loop EGR.  In a low pressure loop EGR system, exhaust gas is routed from a point 
downstream of the turbocharger turbine, through a heat exchanger, to the inlet of the 
turbocharger compressor.  The flow of exhaust in this system is driven by a pressure differential 
between the turbine outlet and compressor inlet which is typically present without modification.  
If necessary, the tailpipe pressure may be elevated by throttling the exhaust.  A schematic of this 
type of EGR system is shown in Figure D2.4.  The low pressure loop EGR system has been 
somewhat limited in application, as conventional compressors and intercoolers are not designed 
to endure the temperature and fouling of Diesel exhausts [20]. 

 A second external EGR option for turbocharged diesel engines is the high pressure loop.  In 
this system, exhaust gas is routed from a point upstream of the turbocharger turbine, through a 
heat exchanger, to a point downstream of the turbocharger compressor.  Care must be taken to 
size the turbocharger appropriately to ensure a pressure differential sufficient to drive the EGR 
flow in this case.  A variable geometry turbocharger (VGT) is often used with high pressure loop 
EGR systems to ensure proper driving pressure without sacrificing engine performance [20].  A 
diagram of a typical high pressure loop EGR system is shown in Figure D2.5.  In this type of 
system, control of the EGR valve and VGT are closely related [21].  Consider a scenario in 
which the EGR valve is completely open, but an insufficient level of EGR is obtained.  Adjusting 
the VGT to give a smaller flow area in the turbine will result in a higher pressure upstream of the 
turbine and a lower pressure downstream of the compressor, resulting in a higher pressure 
differential to drive EGR flow.  The amount of EGR may then be controlled by adjusting the 
EGR valve.  In the same sense, consider a scenario in which the EGR valve is almost closed, but 
the amount of EGR is too high.  Adjusting the VGT to give a larger flow area in the turbine will 
result in a lower pressure upstream of the turbine and a higher pressure downstream of the 
compressor, reducing the pressure differential and decreasing the EGR flow.  The flow rate of 
fresh air into the engine may be measured and used to approximate the amount of EGR since the 
recirculated exhaust gas displaces a portion of the fresh air flow.  Target values for the fresh air 
flow rate at different speed and load conditions may be chosen, set into the engine control 
module (ECM), and used to provide the desired EGR levels throughout the operating range of 
the engine.  Of course, this is a simplified explanation of a complicated system, but it is meant to 
give a general background on the control of high pressure loop EGR systems such as the one 
used in this study. 

 

2.3  Low Temperature Combustion 
 Meeting emissions requirements while improving fuel economy has led engine 
manufacturers and researchers to develop new combustion techniques for simultaneous reduction 
of NOx and soot emissions.  A few of these techniques have been implemented in production 
engines.  One successful technique, known as MK combustion, relies on high swirl and long 
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ignition delays with high exhaust gas recirculation and retarded injection timings to develop a 
highly premixed combustion [22].  Another successful technique is referred to as UNIBUS.  This 
technique relies on early injection using a pintle injector with short duration to obtain well-mixed 
conditions prior to ignition [23].  These are examples of commercially-implemented low 
temperature combustion techniques.  There are concerns being addressed considering low 
temperature combustion, including higher UHC and CO emissions, cycle-to-cycle and cylinder-
to-cylinder variations, and extending the operating range to the full range of engine load [24].  
Nonetheless, it is a promising technique for meeting strict emissions regulations. 

 As discussed earlier, with conventional diesel combustion, a portion of the fuel typically 
mixes with air prior to ignition, but ignition occurs before the fuel is fully mixed.  The fraction of 
fuel not consumed in the premixed combustion burns in a diffusion flame at near-stoichiometric 
conditions.  It is in this diffusion flame where soot is primarily formed, and the high 
temperatures associated with near-stoichiometric combustion promote the formation of NOx as 
well.  By contrast, low temperature combustion, as its name suggests, is characterized by overall 
cooler combustion temperature, in which NOx and soot emissions are avoided to a large extent. 

 Low temperature combustion is characterized by a two-stage combustion, including low-
temperature oxidation and high-temperature oxidation.  Auto-ignition is controlled by the low 
temperature oxidation, expected to occur at a temperature less than 950 K, while the bulk of the 
energy is released during high temperature oxidation, expected to occur at a temperature greater 
than 1000 K [25].  Some chemiluminescence can be seen during the low-temperature oxidation 
process, and weak flame propagation can be seen through the mixture [26].  The cool flame or 
low temperature oxidation process can be described by a kinetic mechanism according to 
Semenov [26].  This kinetic mechanism consists of four steps:  chain initiation, chain 
propagation, branching degeneration, and chain termination.  These mechanisms have been 
partly confirmed through various Laser Induced Fluorescence measurements in optically-
accessible diesel engines [27,28].  Meanwhile, the high temperature oxidation of fuels such as 
diesel is characterized by three overlapping processes:  conversion of alkanes to alkenes, 
conversion of alkenes to carbon monoxide, and conversion of CO to CO2, in which the bulk of 
the energy is released. 

 

2.4 Biodiesel Production and Life-Cycle Analysis 
 Biodiesel is defined as the monoalkyl esters of vegetable oils and animal fats [29].  It is 
produced from raw oil or fat through a process called transesterification.  Transesterification is 
the reaction of an oil or fat with an alcohol, typically catalyzed with alkalis, acids, or enzymes, to 
form esters and glycerol [30], as shown in Figure D2.6.  By processing raw oils and fats in this 
way, a fuel is obtained which has properties quite similar to those of conventional petroleum 
diesel.  The resulting product may then be utilized in a typical diesel engine with little or no 
modification. 

 In the United States, biodiesel is typically produced through the transesterification of 
soybean oil.  Several studies have aimed to address the net social benefit of soybean-derived 
biodiesel by carrying out a thorough accounting of the direct and indirect inputs and outputs for 
its full production and use life cycle.  A recent study estimates that soybean biodiesel provides 
93% more usable energy than the fossil energy needed for its production and reduces greenhouse 
gases by 41% compared with diesel [31].  Another study shows that soybean biodiesel provides 
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net life cycle reductions of carbon monoxide (34.50%), total particulate matter (32.41%), and 
oxides of sulfur (8.03%) compared with petroleum diesel [32].  Clearly, there are benefits 
associated with replacing a portion of petroleum diesel with soybean biodiesel. 

 At the same time, soybean biodiesel has some limitations.  Life cycle emissions of oxides of 
nitrogen were found to be 13.35% higher than for petroleum diesel due to higher tailpipe 
emissions [32], which will be discussed in more detail later.  Perhaps more importantly, it cannot 
be produced in quantities large enough to offset a significant portion of diesel fuel consumption.  
One study reports that if all of the 2005 U.S. soybean production was devoted to producing 
biodiesel, it would have offset 6.0% of U.S. diesel demand, and taking into account the energy 
required to produce biodiesel, the switch would provide a net energy gain equivalent to just 2.9% 
of U.S. diesel consumption [31].  While this may be beneficial, different feedstocks must be 
found in order to replace any significant portion of diesel consumption. 

 To this end, several alternative feedstocks for biodiesel have been studied.  A recent review 
[33] compiled experimental data on the potential productivity of various biodiesel feedstocks 
(see Figure D2.7).  The feedstock with the highest potential for biodiesel productivity was 
reported to be microalgae.  Production of biodiesel from this feedstock is not yet commercialized 
to any large extent because it is currently not economically competitive with petroleum diesel 
[33].  Ongoing research hopes to reduce production costs and refine the cultivation, harvesting, 
biomass processing, and oil extraction processes to realize the large potential for biodiesel 
production that microalgae holds.  Further investigation into the production side of biodiesel is 
outside the scope of this study.  However, the information provided here gives a general 
background on where the fuel comes from, demonstrates the positive life cycle impacts of 
current biodiesel production, and offers evidence that biodiesel may be a feasible alternative 
energy source for years to come, albeit the primary feedstock will likely change. 

 

2.5  Biodiesel Combustion 
 When used in unmodified conventional diesel engines, biodiesel has been shown to reduce 
tailpipe emissions of soot, unburned hydrocarbon, and carbon monoxide relative to petroleum 
diesel [34].  However, it also tends to increase tailpipe emissions of oxides of nitrogen [34].  
Given the increasingly severe emissions regulations, this is a problem to be overcome before 
biodiesel can be implemented to a larger extent.  Several studies have aimed to account for this 
increase in NOx, and several explanations have been given.  One hypothesis relates to the higher 
bulk modulus of biodiesel compared with petroleum diesel [35].  By this hypothesis, the increase 
in bulk modulus and resulting increase in the speed of sound causes pressure waves between the 
pump and injector to move more quickly, causing the injector needle to lift earlier.  The injection 
timing is thereby advanced for engines equipped with pump-line-nozzle fuel injection systems, 
contributing to higher NOx emissions due to higher in-cylinder temperatures.  However, in 
engines with common-rail fuel systems, this phenomenon has been shown not occur [36].  
Another hypothesis suggests that the formation of prompt NOx is higher for biodiesel, suggested 
to be due to a higher concentration of fuel-derived radicals which are relevant to prompt NOx 
production [37].  Still others suggest that, since biodiesel tends to contain more molecules with 
double bonds, it burns with a slightly higher adiabatic flame temperature, thereby causing the 
increase in NOx [38].  Finally, it has been suggested that soot radiation from the flame zone may 
be able to lower the diffusion flame temperature, thereby reducing NOx emissions [39,40].  As 
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biodiesel has been shown to produce less soot than diesel, less soot radiation can be expected, 
resulting in a higher flame temperature and higher NOx emissions. 

 To add further complication, biodiesels produced from different feedstocks are known to 
have different chemical compositions which affect the relevant fuel properties.  In general, 
cetane number, heat of combustion, melting point, and viscosity of neat fatty compounds were 
found to increase with increasing chain length and decrease with increasing unsaturation [41].  
Biodiesels produced from a variety of feedstocks were tested in a heavy-duty truck engine to 
determine the impact of biodiesel chemical structure on NOx and particulate matter emissions 
[42].  NOx emissions were found to increase with increasing density or decreasing cetane 
number.  Increasing the number of double bonds was found to increase NOx emissions as well.  
For fully saturated fatty acid chains, NOx emissions increased with decreasing chain length.  
Particulate matter emissions, on the other hand, were hardly influenced by the aforementioned 
structural factors.  Given the variability of fuel properties and the resulting impact on engine 
emissions, studies have been carried out intending to find an optimum fatty ester composition to 
address all fuel property issues simultaneously [43].  This type of information can be used to 
guide the development of future biodiesel feedstocks with the end use in mind.  For the current 
study, only soybean-derived biodiesel is utilized, but it is important to acknowledge the wide 
variety of chemical compositions associated with the term ‘biodiesel’ and recognize their effects 
on fuel properties and emissions. 

 Another effect of biodiesel on combustion and emissions is related to the engine’s control 
module (ECM).  Modern diesel engines utilize complex electronics to measure and control a 
variety of parameters affecting the combustion process.  Control parameters are chosen 
experimentally for the full range of speed and load conditions and written to the ECM.  The 
engine can then reference this data to determine how best to run under certain conditions.  The 
two variables characterizing an engine operating condition are typically rotational speed and 
torque.  The engine is typically equipped with a speed sensor, but has no direct measure of 
torque.  Instead, the torque is characterized by the amount of fuel injected into the cylinders, 
which has been a simple but effective method.  The problem arises when fuels of different 
energy content are utilized in the engine.  An engine optimized to run on diesel will run 
differently when fueled with biodiesel, for example, because the lower heating values of these 
two fuels are different.  This effect was studied in a precisely controlled single-cylinder engine 
fueled with a 20% volumetric blend of biodiesel in diesel [44].  This study reported that when a 
production diesel engine was fueled with biodiesel blends, injection timings changed due to the 
inability of the production ECM to adjust to the change of fuel heating value and hence the 
assumed engine torque was higher than it actually was.  The assumed higher engine torque 
caused the ECM to work at a different operating point, and consequently changed the injection 
timings and the EGR rate.  At higher load, NOx emissions were found to increase by 3% to 4% 
as a result of the changes in engine parameters. 

 

3. Experimental Methodology 

3.1 Experimental Setup 
 A Ford Lion 2.7L V6 compression-ignition engine is used in this study.  This production 
engine is equipped with common rail injection system, piezoelectric injectors, variable geometry 
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turbocharger, and a high pressure cooled EGR system.  Detailed engine specifications are shown 
in Table D3.1. 

 A large portion of the engine has previously been set up, and much of the following 
experimental setup is referenced from the thesis of Tien Mun Foong [45].  The Ford Lion engine 
was set up on an engine test bench and coupled with an eddy-current dynamometer.  Various 
engine subsystems were set up to enable operation of the engine in a laboratory setting, as will be 
discussed below.  The VGT normally used on the engine was not installed.  Instead, a 
compressed air system was chosen to provide dry, heated, and pressurized intake air.  A flow 
restricting valve on the exhaust allowed for proper functioning of the high pressure loop EGR 
system.  The fuel supply and return for the engine were set up using lines resistant to the 
corrosive nature of biodiesel.  The engine was instrumented with a variety of data acquisition 
(DAQ) devices, including thermocouples and pressure transducers for monitoring relevant fluid 
properties.  An in-cylinder pressure transducer was installed in place of the glow plug in one 
cylinder to monitor the combustion process and enable calculation of apparent heat release rate.  
The other five glow plugs remain in the engine, but have been disabled by removing their wires.  
A LabVIEW program was developed to monitor these various DAQ devices.  An engine control 
module specifies and controls various operating parameters for the engine, including injection 
timings, injection durations, fuel rail pressure, intake manifold pressure, and amount of EGR.  
By default, the ECM operates according to Ford specifications.  The common rail fuel system 
provides fuel at pressures ranging from 220 bar to 1650 bar, depending on engine operating 
conditions.  Fuel is delivered to the cylinders using 6-nozzle piezoelectric injectors, capable of 
anywhere from 1 to 6 injections per cycle.  Up to two pilot injections, two main injections, and 
two post injections may be utilized with this injection system, but the default injection strategy 
for this engine utilizes only one pre-injection and one main injection.  ETAS INCA software was 
installed and connected to the ECM to enable monitoring and changing of the various 
parameters.  It should be noted that enabling additional injections is not as simple as populating 
the tables found in INCA.  Further advice from Ford should be sought if studies with additional 
injections are desired.  The pre-injection, however, may be disabled to allow for single-injection 
studies.  No exhaust aftertreatment devices are installed on the engine, and all emissions 
measurements are taken on the raw exhaust gases coming from the engine.  To facilitate 
operation of the engine in a research environment, a variety of subsystems have been built and 
installed.  Air supply, fuel supply, coolant, starting and motoring, and data acquisition and 
control systems were installed, as illustrated in Figure D3.1.  These systems will be described in 
more detail below.  Data acquisition and control is accomplished from a room adjacent to the test 
cell.  Many of these engine subsystems were built or modified by Mark Paul or Tien Mun Foong, 
and can be referenced in their theses [46,45]. 

 

3.1.1 Air Supply 
 The Ford Lion engine is normally equipped with a variable geometry turbocharger, but this 
has been removed in favor of a pressurized and heated intake air system to allow for better 
control of inlet air conditions.  As described in the literature review, high pressure EGR systems 
such as this typically rely on a VGT to provide sufficient backpressure or exhaust flow 
restriction to drive the flow of exhaust gases through the EGR coolers and into the intake 
manifold.  When using pressurized intake air, and having the exhaust at atmospheric pressure, 
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little or no exhaust will be recirculated to the intake manifold.  To correct this problem, an 
adjustable valve was installed in the exhaust pipe, allowing the flow to be restricted and 
sufficient backpressure to be created to drive the EGR flow. 

 The air supply system shown in Figure D3.2 was previously built for the Direct-Injection 
Natural Gas (DING) engine in the 1990’s, and is capable of supplying clean, dry intake air at a 
specified temperature and pressure with a maximum flow rate of 7.36 m3/min at standard 
conditions.  The first component in the air supply system is an Ingersoll-rand SSR XF60 air 
compressor located in the lab bay area.  The output pressure of the compressor cycles between 
621 kPa and 689 kPa, as the compressor is set to turn on and shut off at these levels.  From the 
compressor, the air supply is routed to the engine lab by way of 2” galvanized pipes.  The 
pressure is then regulated down to 345 kPa by a heavy-duty air line regulator in order to 
minimize pressure fluctuations.  The intake pressure to the engine is finally controlled by a 
Valtek Mark 1 air pressure controller.  The valve was modified to optimally supply an intake 
pressure that ranges from 89 to 269 kPa and the maximum intake mass flow rate is 7.36 m3/min 
at standard conditions.  Pressure gauges are installed both upstream and downstream of the valve 
so that the pressure drop across the valve can be estimated.  A brass ball valve is available 
upstream of the valve to shut down the air supply if service is needed.   

 The Valtek pressure regulator is controlled by a LabVIEW program.  This program first 
monitors the air pressure using a Setra 280E (0-250 psia) pressure transducer installed upstream 
of the engine intake manifold.  The transducer has a piston-type snubber installed in order to 
reduce pressure pulsation.  Using a PI (proportional-integral) control, the program then outputs a 
4 to 20 mA signal to the controller depending on the required air pressure that the user sets.  
With a signal of 4 mA, the pressure controller will be partially open.  With a signal of 20 mA, 
the pressure controller will be fully open.  Under certain conditions (low speed and high EGR), it 
is possible that the flow rate demanded by the engine is lower than the minimum flow rate 
through the pressure controller (4 mA signal).  In these cases, the intake pressure will rise and 
eventually even out at a value higher than desired.  For this reason, cases of low speed and high 
EGR were typically run naturally-aspirated using atmospheric air from the test cell. 

 An Odgen ACK5A 9kW circulation heater is used to simulate the inlet temperatures seen on 
turbocharged engines.  An Omega SCR71Z-260, 60 A, 240 VAC single-phase power controller 
is coupled to the heater to provide the required amount of heating during engine operations.  A PI 
control for the heating system is set up in the engine instrumentation LabVIEW program.  A 
thermocouple is mounted upstream of the engine intake manifold, allowing LabVIEW to monitor 
the intake air temperature.  The program subsequently outputs a 4 to 20 mA signal to the heater 
controller.  The silicon-controlled rectifier heater controller then switches the power to the heater 
on and off according to the output signal from LabVIEW.  When LabVIEW supplies the 
minimum current, 4 mA, to the controller, the power to the heater will be completely turned off.  
With the maximum current, 20 mA, supplied to the controller, the heater will be turned on all the 
time.  For supply currents between 4 mA and 20 mA, the controller will turn the heater on for a 
given number of cycles and then off for a given number of cycles.  The heater controller runs 
with zero voltage switching to allow for low noise operation.  Details about the LabVIEW 
controls of the valve and the heater will be discussed in the Data Acquisition and Control 
section.  Following the heater, the compressed and heated air enters a Hankinson 1-micron air 
line filter (Model T850-24-5 G) where water, oil, and oil/water emulsions are removed.  From 
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here, the air supply is routed to the intake manifold of the engine using flexible couplers and 
PVC pipe. 

 The engine exhaust coming from the manifolds is routed through braided steel flexible 
couplers which isolate engine vibrations from the exhaust pipe.  These come together into a 2” 
iron pipe, at which point a ball valve is installed to allow restriction of the exhaust flow.  A 
turnbuckle connected to the valve handle enables fine adjustment of the valve and ensures that 
the valve does not change position unexpectedly.  The exhaust then flows through another 
section of 2” iron pipe, a section of 3” iron pipe, and a muffler (Model Maxim M51 Silencer) 
hanging from the ceiling of the engine lab.  From here, the exhaust flows through a final section 
of iron pipe before exiting the building through a stack on the roof.  Instrumentation on the 
exhaust includes a J-type thermocouple installed at the outlet of the left exhaust manifold of the 
engine.  Ports for exhaust gas analysis are available in the section of iron pipe near the engine.  
The sampling points for the exhaust gas analyzer and soot measurement system, as well as the 
sensor head for the non-sampling type NOx meter are located here. 

 

3.1.2 Fuel Supply 
The fuel supply system consists of a fuel pump, fuel filter, and radiator.  Biodiesel is known to 
be incompatible with certain materials such as rubber and brass, and a long-term usage of 
incompatible materials in a biodiesel engine will result in material degradation or corrosion over 
time.  The fuel system was built to be fully biodiesel compatible through careful selection of 
lines and fittings.  A schematic of the fuel supply system is shown in Figure D3.3.  Fuel is first 
drawn from the tank using an in-line 12V transfer pump, which is capable of delivering up to 125 
psi of fuel pressure.  Under normal usage the fuel pressure is about 40 to 50 psig.  The fuel then 
enters a small 3-pass fluid cooler made by Flex-a-lite (part number FLX-4116).  This is needed 
because the fuel returning to the tank is quite hot due to the energy input by the high pressure 
pump.  From the radiator, the fuel goes through a Caterpillar 1R-0751 High Efficiency Fuel 
Filter to keep contaminants out of the high pressure pump.  The fuel filter is positioned for ease 
of service on the engine test cell.  Fuel then arrives at the high pressure pump, which is driven by 
the engine.  A portion of the fuel is utilized by the engine, while the remainder flows back to the 
tank.  The fuel tank (part number SUM-290101) from Summit is capable of storing a total of 5 
gallons of fuel and it is made of high-density polyethylene, which is biodiesel compatible.  The 
fuel lines are 3/8” in size and are made of nylon, while the fittings are all metal. 

 

3.1.3 Coolant 
 The coolant system, shown in Figure D3.4, is a closed loop system that circulates coolant 
through the engine at a volumetric flow rate of 114 L/min.  The coolant is a mixture of water and 
Caterpillar 3P-2044 supplemental coolant additive, which inhibits rust and corrosion, and 
prevents scale deposits.  Coolant is stored in a vessel measuring 31 cm in diameter and 64 cm in 
height.  A Price Pump Company EC E100B centrifugal pump circulates the coolant within the 
closed loop.  In order to prevent air from entering the pump and to deal with suction lift 
problems, the pump is placed below the coolant level of the vessel.  The pump has an outlet 
pressure of 207 kPa, resulting in a flow rate of 114 L/min.  A 0 to 60 psig gage is installed at the 
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outlet of the pump.  From the pump, the coolant enters the Young Radiator Company F-302-EY-
1P single-pass shell-and-tube heat exchanger for cooling purposes.  Engine coolant flows on the 
tube side, while building water flows on the shell side to lower the coolant temperature.  The 
flow of building water is controlled by a pneumatic temperature control system to maintain a set 
constant coolant temperature. 

 The coolant then flows from the heat exchanger to the engine through copper and steel pipes.  
Typically, the coolant would flow first through the engine block, including various coolant 
passages and a heat exchanger for engine oil cooling.  Then, a portion of the coolant would run 
through the EGR coolers before going back to the radiator.  To allow for better cooling of the 
recirculated exhaust gases, coolant flow from the heat exchanger was split so that a portion goes 
to the engine block and a portion goes directly to the EGR coolers.  A ball valve on the line to 
the engine block allows adjustment of the fraction of coolant flowing through each path.  Coolant 
outlets from the engine block and EGR coolers are then routed back to the storage vessel.  To 
monitor coolant temperature, a J-type thermocouple is mounted at the outlet of the engine 
coolant. 

 

3.1.4 Starting, Motoring, and Power Absorbing 
 The starting, motoring, and power absorbing system is an important subsystem of the engine 
as it provides the ability to start the engine, motor the engine at a given speed, apply a load to the 
engine while it is running at a given speed, and change the engine speed at a given load.  The 
components making up this system include a Midwest Dynamometer 310, Dyne Systems DYN-
LOC IV controller, a flywheel assembly, a Baldor electric motor, and an Asea Brown Boveri 
(ABB) adjustable frequency alternating current drive.  Figure D3.5 illustrates the overall starting, 
motoring, and power absorbing system. 

 The Midwest Dynamometer 310 is connected to the flywheel of the engine through a Model 
1810 drive shaft assembly made by Johnson Power.  The eddy-current dynamometer is rated for 
a maximum power of 300 hp at speeds between 2500 and 6000 rpm.  Building water flows 
through the dynamometer for cooling and exits into a drain pan mounted below the 
dynamometer.  The flow rate of cooling water can be adjusted using a ball valve located on the 
north wall of the engine lab.  Depending on the power being absorbed, the flow rate of cooling 
water can be fairly small as long as the water pressure is high enough to engage the water 
pressure safety switch and close the dynamometer controller circuit.  This is to protect the 
dynamometer from overheating by loading the engine without proper cooling.  With the 
dynamometer operating at its maximum rated power, the cooling water flow rate should be 22 
gpm.  Cooling water is pumped out of the drain pan using a Little Giant 1/6 hp submersible sump 
pump, which is capable of a maximum flow rate of 77 L/min and is turned on and off 
automatically according to the water level.  Care must be taken not to open the building water 
ball valve too much, as the flow of water into the dynamometer can exceed the maximum flow 
rate of the sump pump, causing water to flood the test cell.  To monitor the cooling water 
temperature, a thermocouple is installed near its outlet from the dynamometer.  The maximum 
temperature of the cooling water should not exceed 60° C. 

 A Dyne Systems DYN-LOC IV controller is placed in the engine control room and 
connected to the field wires of the dynamometer to allow for control of engine speed or load.  
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Engine speed is sensed by an Electro Kinetics 3030 AN25 magnetic sensor which produces a 
quasi-sinusoidal signal from a rotating 60-toothed wheel spinning at the same speed as the 
engine.  Meanwhile, a Lebow Products Model 3132 load cell with a maximum capacity of 4450 
N is used to determine the torque being produced by the engine.  From these devices, the 
controller computes and displays the engine speed, torque, and power.  Analog outputs on the 
back of the controller pass the engine speed and torque information to LabVIEW for further 
engine control and management.  This will be discussed in details in the Data Acquisition and 
Control section.      

 The Midwest Dynamometer 310 is capable of absorbing but not motoring, so a starting and 
motoring system was integrated into the dynamometer setup.  The dynamometer is connected to 
a 30-hp Baldor high-efficiency electric motor through a custom clutch assembly.  The clutch is 
an International Harvester 915 combine clutch, which is mounted on a custom shaft and is 
engaged or disengaged using a 12 VDC power supply switched from the control room.  The 
electric motor is rated for a speed of  1760 rpm at a frequency of 60 Hz and a normal operating 
current of 38 A at 460 VAC.  Speed control of the motor is achieved using an ABB variable 
frequency drive, which can output a frequency between 0 and 120 Hz, and is capable of 
supplying a momentary torque boost of up to 72 A when starting the engine from a stationary 
position.  If the torque boost is used for more than 1 min, the electric motor will tend to overheat.  
An ABB SAGS 700 PAN remote control for the variable frequency drive is installed in the 
engine control room for safer, remote operation.  The ABB variable frequency drive is 
configured such that the engine is motored at 800 rpm. 

 

3.1.5 Data Acquisition and Control 
 Data acquisition devices such as thermocouples and pressure transducers, as well as 
computer-based measurement and control, comprise the data acquisition and control system.  A 
schematic of this system is provided in Figure D3.6.  A National Instruments signal conditioning 
chassis (Model SCXI-1000) was installed to amplify, filter, and isolate the signals.  In addition, it 
serves as a switching system which multiplexes the signals from all thermocouples and pressure 
transducers into a single channel on the data acquisition (DAQ) board.  In this way, only two 
input channels are needed even though there are more than six input signals.  The chassis houses 
two different modules and a feedthrough panel.  One module (Model SCXI-1100) is a 32-
channel differential multiplexer/amplifier used primarily for signal conditioning and switching 
related to the thermocouples.  A terminal block (Model SCXI-1303) is included with this 
module, which is used to provide an accurate measurement of the cold-junction reference voltage 
for the thermocouples through a built-in temperature sensor.  Six J-type thermocouples are 
connected to this module, as illustrated in Figure D3.7.  The second module (Model SCXI-1120) 
has eight isolated input channels and is used for signal conditioning all pressure transducers 
except the in-cylinder pressure transducer.  A connection diagram for the pressure transducers is 
also shown in Figure D3.7.  A feedthrough panel (SCXI-1180) passes all unconditioned signals 
directly to and from the DAQ board, which will be discussed in more detail below.  The 
unconditioned signals include the in-cylinder pressure transducer, engine speed and torque from 
the dynamometer, and the pedal signals to the engine to control the load and speed. 

 A PC-based computer system was set up for the data acquisition and control system.  The 
computer contains two National Instruments devices, including a 16-channel data acquisition 



185 
 

board (Model PCI-MIO-16E-4) and a 2-channel analog current output card (Model PC-AO-
2DC).  The analog current output card controls the air intake system for the engine, while the 
remaining signals are processed using the data acquisition board.  Signals acquired by the data 
acquisition board come from the thermocouples, pressure transducers, dynamometer, and shaft 
encoder.  At the same time, the board generates output voltages to simulate the accelerator pedal 
position.  The data acquisition board also works as a bridge of communication between computer 
and signal conditioning chassis.  Meanwhile, the analog current output card generates the current 
necessary to control the intake air pressure valve and the heater.  Each of these systems requires 
a control current between 4 and 20 mA.  To provide the accelerator pedal position to the engine, 
a physical pedal was originally purchased from a Land Rover dealer.  This approach, however, 
was cumbersome, and the pedal position is now simulated in LabVIEW.  Two pedal signals are 
sent by LabVIEW to the ECM.  The first signal ranges from 0.732 to 3.774 V, while the second 
signal is just half of the first.  These signals are delivered by LabVIEW to the ECM via the 
feedthrough panel mentioned above.  An AVL pressure transducer (GU13P) is used to measure 
in-cylinder pressure for cylinder #6.  The transducer has a bore of 3 mm and fits into the glow 
plug hole using a glow plug adaptor, also made by AVL.  The transducer has a sensitivity of 
15.37 pC/bar, and was recently calibrated on 12/09/2008.  To install the transducer into the glow 
plug adaptor, a custom-made wrench with a hex size of 4 mm has to be used.  The pressure 
transducer is connected to a Kistler charge amplifier (Model 5004) to amplify the signal, which 
is then passed to the data acquisition board for further processing.  A BEI shaft encoder (Model - 
BEI H25D-SS-1440-ABZC-7406R-LEB-SM18) is used to determine the engine timing for 
proper measurement of in-cylinder pressure.  The shaft encoder provides ¼ crank angle degree 
resolution, and thus outputs 2880 pulses per engine cycle.  It also outputs a signal corresponding 
to TDC for each engine revolution.  The shaft encoder is mounted to the crank shaft at the front 
of the engine.  LabVIEW 8.6, an object-oriented programming language, is used both for data 
acquisition and control.  A virtual instrument program called Engine_Control_022709.vi was 
developed to monitor and control the inputs and outputs of the boards, acquire and record data, 
and compute engine performance parameters.  The program is made up of 3 main sections:  low-
speed data acquisition, high-speed in-cylinder pressure data acquisition, and control signal 
generation.  For low-speed data acquisition, the program monitors and acquires the data of all 
steady-state inputs, including temperatures, torque and engine speed from the dynamometer, and 
intake pressure.  The second section of the code performs the high-speed data acquisition for in-
cylinder pressure data.  When the acquisition button is pressed, the pressure data acquisition will 
start when the computer receives a TDC pulse from the shaft encoder.  Pressure data are then 
recorded for the full engine cycle as triggered by the shaft encoder.  A post-processing code 
calculates the corresponding cylinder volume based on the crank angle at which the pressure is 
acquired, and also average and adjust the data by incorporating the effect of the intake pressure.  
Expansion, compression, and pumping work are then calculated from the averaged pressure data.  
The last section of the program involves signal generation for the external devices.  Four output 
signals are generated, two of which are supplied to the ECM for simulation of the pedal position.  
The other two signals are generated by PI (proportional-integral) controls to maintain the intake 
air pressure and temperature at the chosen values. 

 A separate DAQ system was developed for averaging and recording emissions and fuel 
consumption measurements, making some calculations, and writing the results to a data file.  
Results from the exhaust gas analyzer and NOx meter had previously been written down 
manually, which proved to be an inefficient and error-prone method.  A shortage of analog input 
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channels prevented the analog output channels of these units from being wired into the existing 
DAQ system.  Instead, they were wired into an additional DAQ card (National Instruments PCI-
MIO-16E-4) on a separate computer, and another LabVIEW program (emissions_v5.vi) was 
developed for averaging the results, making calculations, and saving the data to a text file. 

 Analog outputs from the Horiba MEXA-554JU and Horiba MEXA-720NOx were wired into 
analog input channels on the DAQ card by way of a connector block (National Instruments 
CB68LP).  The exhaust gas analyzer outputs an analog signal ranging from 0-1 V for each of 
four measurements, corresponding linearly with concentration through the measureable range.  
These ranges are 0-10,000 ppm for HC, 0-20% for CO2, 0-10% for CO, and 0-25% for O2.  The 
NOx meter outputs an analog signal ranging from 0-5 V corresponding to 0-5000 ppm NOx.  
The program starts by prompting the user to connect the exhaust gas sampling line to the 
analyzer, ensure that the analyzer is drawing a sample, wait for measurements to stabilize, and 
then press a button to continue.  The program then reads in the analog signals once every 100 ms 
for a user defined number of iterations.  It multiplies the voltage signals according to their 
respective scaling factors to obtain concentration data and outputs this to the front panel of the 
LabVIEW program.  While the program is outputting instantaneous emissions values, it is also 
averaging them using a feedback loop and the iteration number.  Once it has finished reading in 
exhaust emissions, it prompts the user to switch the sampling line to the mixed intake (fresh air 
and EGR) stream, and gas composition for the mixed intake air is obtained.  Various calculations 
are then carried out based on these data.  Specifically, emissions measurements from the exhaust 
gas analyzer are corrected to account for water content, and EGR ratio is calculated based on 
CO2 measurements.  At this point, instantaneous emissions are plotted to ensure that 
measurements were taken during steady-state operation. 

 Meanwhile, digital output signals from the liquid level sensors of the fuel consumption 
measurement system are wired into digital input channels on the DAQ card by means of the 
same connector block.  Another loop in the same LabVIEW program detects when the fuel falls 
below the first liquid level sensor based on the digital voltage signal, and a timer is started.  Once 
the fuel drops below the lower liquid level sensor, the timer is stopped.  The sampling tank may 
then be refilled to take additional measurements.  The first measurement is thrown out due to 
observed inconsistency, and the remaining measurements are averaged.  Therefore, at least two 
measurements of fuel consumption should be made for each engine operating condition.  The 
fuel flow rate is then calculated based on the known sample volume and the user-supplied fuel 
specific gravity.  When the desired number of measurements has been taken, the fuel flow rate 
and all emissions data are written to a text file.  This file may be opened using a spreadsheet, 
allowing easy access to the data for further calculations and plotting. 

 To establish communication with the engine ECM, ETAS INCA is installed in a second 
computer.  INCA is used for the development and calibration of control and diagnostic 
parameters in engine ECM’s, and allows data acquisition and real-time recording of many engine 
operating parameters present in the ECM.  An ETAS ES580 interface card provides the hardware 
connection between computer and ECM.  This PCMCIA interface card is installed in one of the 
PCI slots on the motherboard using a PCMCIA-to-PCI converter.  The setup of the ECM control 
and management system is shown in Figure D3.8. 

 The ECM works by first receiving inputs from all the sensors placed around the engine. From 
there it processes the signals using its internal calibrations, and then outputs the necessary 
control signals for proper engine operation.  This particular ECM is different from production 
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ECM’s in that it can be reconfigured.  In other words, the internal calibrations of the ECM can be 
changed as desired by the user.  The engine runs with the default calibrations supplied by Ford 
until a connection is established between INCA and the ECM, at which point the various 
calibrations can be modified.  An incomplete list of INCA parameters found useful for this study 
is included in Appendix A. 

 

3.2Test Fuels 
3.2.1 Conventional Combustion Study 
 The fuels used in this study are U.S. ultra-low sulfur diesel (B0), soybean biodiesel (B100) 
and blends of the two.  B20 (20% vol biodiesel and 80% vol diesel) and B50 (50% vol biodiesel 
and 50% vol diesel) were obtained through splash-blending.  The ultra-low sulfur diesel was 
obtained through a local fuel supplier (Illini FS), who provided general fuel specifications.  The 
soybean biodiesel was provided by Incobrasa Industries, who provided results from fuel testing.  
Fuel properties are shown in Table D3.2. 

 

3.2.2 Low Temperature Combustion Study 
 Only pure soybean biodiesel was tested in this portion of the project.  Fuel could not be 
obtained from the same producer as the previous study, so it was acquired through a local fuel 
supplier (Illini FS).  Detailed test results were not available for this fuel.  However, it was run 
under the same conditions, and the results were compared with those obtained when using the 
fuel from Incobrasa.  Similar trends were seen, indicating similarity between the fuels.  However, 
it is acknowledged that different supplies of fuel can have differences in properties that affect the 
results obtained.  Therefore, care should be taken in making direct comparisons between the 
conventional combustion study and low temperature combustion study. 

 

3.3Measurement Devices 
3.3.1 Fuel Consumption Measurement 
 A volumetric system for fuel consumption measurement was set up to allow steady-state fuel 
consumption measurement.  A small sampling tank was constructed from PVC pipe, which is 
resistant to biodiesel and other fuels.  Three liquid level sensors (Honeywell LLE102101) detect 
the presence of fuel at different levels in the sampling tank, outputting a logic high voltage in air 
and a logic low voltage in liquid.  Only two of the three sensors are used at a time, but having a 
third sensor allows for different sampling volumes to be chosen, as shown in Figure D3.9.  The 
repeatability of the sensors is ±1 mm, while the minimum distance between any two sensors is 
approximately 150 mm.  A timer is started as the fuel drops below the upper sensor and stopped 
as it drops below the lower sensor.  The response time of the sensors in falling liquid is up to 1 
second depending on viscosity.  However, the two sensors are expected to have the same 
response time since the fuel properties are constant throughout the measurement duration.  This 
was confirmed by testing the device for consistency under a constant fuel flow rate.  The volume 
contained between the two sensors is known, allowing a volumetric measurement of net fuel 
flow to the engine.  Mass flow rate is then calculated based on the user-input fuel specific 



188 
 

gravity.  Measurements are not taken until the fuel temperature becomes constant near the engine 
coolant temperature, preventing the results from being skewed due to different fuel densities. 

 Two solenoid valves (Hydraforce SV10-31) control fuel flow to and from the sampling tank.  
In normal operation, the solenoid valves are configured to draw fuel from the main fuel tank and 
return excess fuel to the same tank.  To fill the sampling tank, a selector switch is flipped, and 
the solenoid valve for the return fuel line switches to the sampling tank.  Once the fuel level rises 
above the upper liquid level sensor, an electronic circuit switches off power to the solenoid 
valve, connecting the return line back to the main tank and preventing the sampling tank from 
overflowing.  To make a fuel consumption measurement, the selector switch is flipped, and the 
solenoid valves for the supply line and return line are connected to the sampling tank.  As the 
engine uses the fuel, the fuel level drops until it gets below the lower liquid level sensor, at 
which point an electronic circuit switches off power to the solenoid valves, connecting the 
supply and return lines to the main tank and preventing the fuel pump from being run dry. 

 

3.3.2 Soot Measurement 
 Soot measurement was performed using a standard filter paper method.  A JB Industries 
model DV-85N deep-vacuum pump was used to draw a sample of raw exhaust gas through a 
7/8” round filter paper.  The filter holder was taken from a Bacharach True-Spot smoke meter 
and adapted to the new setup.  Filter paper discs were no longer available from the manufacturer, 
so rectangular strips of filter paper, available from Grainger Industrial Supply (item #6T167), 
were cut into discs.  A line filter (McMaster item #4958K34) was installed after the vacuum 
pump to remove any oil or condensed water which may affect the flow measurement.  A Brooks 
flow meter, tube size R-6-25-B, with stainless steel ball was used to monitor the sampling flow 
rate.  The meter reads from 0 to 25, in increments of 0.1.  The maximum flow rate is 2349 L/h 
for air at standard conditions according to manufacturer data.  The flow rate for sampling was 
controlled using a needle valve on the inlet of the vacuum pump.  Based on the expected soot 
content, the flow rate and duration were chosen to achieve moderate darkening of the filter 
paper.  Results can then be used to determine a filter smoke number. 

 

3.3.3 NOx Measurement 
 Measurement of NOx emissions was made on the raw exhaust gases using a Horiba MEXA-
720NOx non-sampling type meter.  A new sensor head had recently been installed, and the 
factory calibration data was considered sufficient, as the general trends are of most interest to 
this work.  The sensor’s measurement range is 0 to 3000 ppm NOX concentration, with ±30 ppm 
accuracy for the 0-1000 ppm range, ±3% accuracy for the 1000-2000 ppm range, and ±5% 
accuracy for the 2000-3000 ppm range.  All measurements for this study fell in the range of 0-
1000 ppm.  This analyzer uses a zirconia sensor, which operates according to the following 
principle [47], which is also illustrated in Figure D3.10.  Sample gas flows into the first internal 
cavity, where an ion pump is utilized to keep the oxygen concentration low.  The oxygen 
concentration in the sample gas is calculated by measuring the pumping current.  Meanwhile, 
NO2 in this chamber is broken down into NO and O2.  The sample gas then enters the second 
internal cavity, where NO is split into N2 and O2.  Oxygen generated by this reaction is removed 
using an ion pump, and the overall NOx (NO and NO2) is calculated by measuring the pumping 
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current.  According to the manufacturer, this is a wet-basis measurement, and no correction for 
the water content of the exhaust is required. 

 

3.3.4 CO2, CO, and O2 Measurement 
 Measurements of other raw exhaust gas components and of the mixed intake gas components 
were made using a Horiba MEXA-554JU exhaust gas analyzer.  Ice baths were installed in the 
sampling lines to condense the water vapor, and compressed air line dryers (McMaster item 
#4958K34) were installed to filter out the condensed water before the sample entered the 
analyzer.  In this way, all water vapor is considered to be removed from the sample, and the 
results are considered to be dry-basis measurements. 

 

3.4Calculations and Data Analysis 
3.4.1 Correction for Water Content and Calculation of Brake-Specific Emissions 
 As described in the measurement section, the exhaust gas analyzer measures emissions on a 
dry basis, so the water content in the exhaust must be taken into account when interpreting data.  
Knowing the fuel composition and equivalence ratio, the exhaust gas composition for the case 
with no EGR can be calculated.  For all cases studied, the overall mixture of air and fuel was 
lean of the stoichiometric ratio, where CO and H2 in the exhaust products may typically be 
considered negligible.  This assumption becomes less valid for air-fuel ratios near stoichiometric 
and for high EGR ratios.  The highest measured CO concentration in this study was well under 
1%, so the assumption of lean combustion with negligible CO and H2 was considered adequate.  
The general equation for lean combustion without EGR is given as: 
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Since tests were conducted at steady state, the recirculated exhaust gases from the previous cycle 
have the same composition as the products of the current cycle.  Thus, the general combustion 
equation without EGR can be used to calculate the exhaust composition for the case with EGR.  
These exhaust components may be added to the fresh intake air, and the combustion equation 
with EGR may be solved as shown below. 
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Here, FGHIFJKLMN is the molar ratio of recirculated exhaust gases to fresh air, which can be written in 

terms of the the commonly used EGR ratio.  With the EGR ratio defined as OP��Q� �RGHI
RGHIRJKLMN, the following equation may be used to replace the molar ratio of recirculated 

exhaust gases to fresh air. 

S 89:
8;<=>?T � 6 OP��Q�
&UU , OP��Q�7 6

VW;<=>?VW= ?CD>�7 

From the combustion equation with EGR as written above, it can be seen that water vapor is 
produced on a molar basis at a ratio of "  X

�  times that of CO2.  Thus, water vapor concentrations 
were calculated based on measured dry-basis CO2 concentrations, and wet-basis mole fractions 
were calculated for the relevant gas species.  The overall wet-basis molecular weight of each gas 
stream may then be calculated according to the following equation, where 8Y>Z=[\=> is the mole 
fraction of the designated species. 

VW � 8Y��VW�� % 8Y���VW��� % 8Y��VW�� % 8Y]��VW]�� 
Thus, to account for water content in the exhaust gases, a correction factor relating the number of 
dry moles of exhaust gas to the number of wet moles of exhaust gas was applied. 

QA^_`Aabcdc � QAef*Aabcdc g 8h<"A= ?CD>�8i=�A= ?CD>� �
QAef*Aabcdc

& % �QAef*AabcdcA^b`_fAjbklf &UUX � 
With the wet-basis emissions results, the air and fuel flow rates, and the power output, brake-
specific emissions (NOx, for example) were then calculated according to the following equation. 

kkm��&Un g VW��VWi=�A= ?CD>� g
omp C\< % mp ;D=qrst  

 

3.4.2 EGR Ratio Calculation 
 For calculation of EGR, a CO2 balance on the mixed intake air was considered.  A sampling 
line on the mixed intake air downstream of the point of EGR addition allowed for sampling of 
the mixed intake air as well as the exhaust.  These two streams were sampled sequentially during 
steady state operation using the same exhaust gas analyzer, and the CO2 concentrations were 
used for calculation of EGR within the LabVIEW emissions and fuel consumption DAQ 
program.  The initial mass balance equation for CO2 is given below. 

mp ;<=>? S VW���VW;<=>?T u�#�v;<=>? % mp 9:
 6 VW���VW= ?CD>�7 u�#�v= ?CD>�
� omp ;<=>? % mp 9:
r 6VW���VWR\ 7 u�#�vR\  

Rearranging to group the mp ;<=>? and mp 9:
 terms gives 

mp ;<=>? Su�#�v;<=>?VW;<=>? , u�#�vR\ VWR\ T � mp 9:
 Su�#�vR\ VWR\ , u�#�v= ?CD>�VW= ?CD>� T 
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Solving for mp 9:
wmp ;<=>? gives 

mp 9:
mp ;<=>? �
u�#�vR\ VWR\ X , u�#�v;<=>? VW;<=>?X

u�#�v= ?CD>� VW= ?CD>�X , u�#�vR\ VWR\ X  

Then, solving for the EGR ratio, 

OP��Q� � mp 9:
mp ;<=>? % mp 9:
 �
u�#�vR\ VWR\ X , u�#�v;<=>? VW;<=>?X

u�#�v= ?CD>� VW= ?CD>�X , u�#�v;<=>? VW;<=>?X  

Practically speaking, the CO2 concentration of fresh intake air is negligible compared with 
typical mixed intake and exhaust CO2 concentrations, especially with higher rates of EGR.  In 
addition, the difference in molecular weight between mixed intake and exhaust is minimal, so a 
sufficiently accurate calculation of EGR ratio for these experiments is 

OP��Q� x u�#�vR\ u�#�v= ?CD>� 
 

3.4.3 Filter Smoke Number Calculation 
 The functional principle of a filter smoke number measurement is described in [48].  The 
important parameter for filter smoke number is the exhaust gas volume relative to the loaded 
filter area, which is referred to as the ‘effective sampling length’.  The effective sampling length 
is defined as 

_��_y`dj_Acbmkzd8{Az_8{`| � cbmkz_eAjlz}m_ , e_beAjlz}m_ , z_b~b{_Ajlz}m_
�dz`_fAbf_b  

where the dead volume is the volume contained between the sampling point and the filter paper, 
and the leakage volume is caused by transverse currents of the filter at the suction unit and by 
leakages in the sampling system.  In this study, the system was checked for leaks periodically, 
and the filter was tightly contained in the holder, ensuring that all gas flow went through the 
filter.  Therefore, the leakage volume was assumed to be negligible.  The dead volume consisted 
of ten inches of 3/8” OD copper tubing, a quick connector, and the upstream end of the filter 
holder, totaling less than 20 mL.  The minimum sampled volume in the study was 2 L, so the 
dead volume, representing at most 1% of the sampled volume, was also considered negligible.  
Thus, the effective sampling length for this study was taken as 

_��_y`dj_Acbmkzd8{Az_8{`| � cbmkz_eAjlz}m_
�dz`_fAbf_b  

The darkened filter area for this study was measured to be 16.7 mm in diameter, or 2.19 cm2.  
Sampled volumes ranged from 2.1 to 3.9 L, depending on the soot content of the exhaust gases. 

 In the standards for filter smoke number, the filter blackening is to be measured with a 
reflectometer.  The paper blackening is defined as 
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and 

�� � reflectometer value of sample 

�� � reflectometer value of the unblackened paper 

�
 � relative brightness of the sample (relative radiance factor) 

 

Then, if the effective sampling length is 405 mm, with the sampled volume related to 298 K and 
1 bar, 

��4 � s� 
 No reflectometer was available for use in this study, so optical analysis was instead 
performed using a computer scanner.  Images of the filter papers were first obtained using an HP 
PSC1210 scanner, set to scan in 256 gray shades, where completely black corresponds to a pixel 
value of 0, and completely white, 255.  A square area was cropped from the darkened region of 
each filter paper and saved in jpeg format.  These cropped images were then processed using 
MATLAB.  A Bacharach oil burner smoke scale, made to assess filter paper blackening, was 
scanned using the same settings as the filter papers and used as a reference for soot processing 
(see Figure D3.11).  An average pixel value for each paper blackening number was obtained, and 
the series of data was plotted.  In order to translate average pixel value to paper blackening, a 
polynomial fit was employed, as shown in Figure D3.12.  Finally, to obtain filter smoke number 
(FSN) results, all paper blackening numbers were scaled based on an effective sampling length 
of 405mm.  Thus, for the lowest sample volume (2.1 L), the correction factor is 1/23.7, while for 
the highest sample volume (3.9 L), the correction factor is 1/44. 

 

3.5Experimental Procedures and Operating Conditions 
3.5.1 General Operating Procedures 
 Some suggestions regarding general engine maintenance are included here for future 
reference.  Prior to engine operation, the following items should be addressed:  (1) ensure 
sufficient fuel for the planned duration of testing; (2) check the engine oil level; (3) visually 
inspect the engine and stand for anything unusual, including loose wires, material in contact with 
the exhaust system, puddles of fluid under the engine, etc.; (4) fill ice bath used for water 
removal from sampling lines.  The following items need not be addressed at each startup, but 
should be checked periodically on a weekly or monthly basis depending on how much the engine 
is used:  (1) check oil level in dynamometer oilers; (2) check coolant level in reservoir; (3) check 
engine stand for loose bolts potentially caused by engine vibration; (4) grease universal joints on 
driveshaft; (5) drain water from line dryers on soot measurement and exhaust gas measurement 
systems.  Finally, some maintenance should be performed on an as-needed basis:  (1) change 
engine oil and filter at reasonable intervals; (2) change fuel filter when switching fuels or if it 
becomes clogged; (3) clean EGR valves if they are found to be sticking; (4) replace filters on the 
MEXA-554JU exhaust gas analyzer whenever they become dirty, which may be several times 
during a test. 



193 
 

 The engine was allowed to warm up before any data acquisition.  A rather large volume 
(approximately 15 gallons) is contained in the tank and pipes of the coolant system, so full 
warm-up can take a long time (up to 45 minutes) depending on engine speed and load.  The 
building water supply was kept off during this time for quicker warm-up.  Once the coolant 
temperature attained its desired value (75°C), the building water supply was turned on, and it 
was regulated by the pneumatic system described in the experimental setup.  The oil and fuel 
temperatures typically followed closely along the coolant temperature, achieving stable values 
prior to data acquisition. 

 As the VGT was not installed, conditions for the fresh intake air were set manually to 
simulate appropriate conditions.  The manifold absolute pressure (MAP) was controlled using 
the compressed intake air system described in the experimental setup.  As the engine speed or 
load changes, the ECM would typically adjust the VGT to achieve a set MAP value.  This value 
was read from INCA and manually input to the compressed air system controller, thereby 
achieving appropriate intake pressures consistent with those of the turbocharged engine.  As for 
the intake temperature, a constant value of 30°C was chosen, based on data from Ford, to 
account for heating during the turbocharging process.  This temperature is reasonable for the 
low- to mid-load conditions considered in this study, as the designated boost pressure was low 
(less than 0.5 bar) for all cases tested.  Under high-load conditions, this temperature should be 
increased to ensure realistic operating conditions for the engine. 

 Adjustment of EGR was accomplished by one of two methods.  The first method uses the 
engine’s normal control strategy, which is described here.  On the stock engine equipped with 
VGT, the EGR rate is controlled by the ECM through an electrically-controlled valve in each of 
the two EGR coolers.  A table of mass air flow (MAF) setpoints dictates the fresh air flow at 
each engine operating condition.  The EGR valves open or close to decrease or increase, 
respectively, the fresh air flow rate and maintain a value near the setpoint.  Though the VGT is 
typically an important part of the EGR control system, the current tests are performed at steady 
state conditions, where the exhaust restrictor can be adjusted to simulate the backpressure 
normally supplied by the VGT.  The on-board EGR controller is thus able to function properly, 
provided that the exhaust backpressure is set to an appropriate level. 

 Under certain operating conditions, the EGR control system and the pressurized intake air 
control system were found to interfere with one another and create wide oscillations in intake 
pressure.  For these cases, the position of the EGR valves on the engine was set manually 
through INCA to constant values.  The intake pressure would then stabilize, and the exhaust flow 
restrictor and EGR valves were adjusted as needed to achieve the desired amount of EGR.  
Another problem found relates to sticking EGR valves.  If the engine is run for extended periods 
under conditions producing high amounts of soot, the EGR valves will occasionally stick upon 
engine shutdown.  This becomes apparent upon subsequent startup, when the EGR valves will be 
completely closed as observed from their control signal voltages.  If this happens, the EGR 
valves should be cleaned.  The metal tube with flexible joint running from EGR cooler to intake 
manifold should first be removed from the EGR cooler, allowing access to the EGR valve seat.  
The valve seat may then be soaked in alcohol or similar solvent and broken loose.  The EGR 
valve movement may be observed without starting the engine by turning on the engine ignition 
and then shutting it off.  Upon engine shutdown, the ECM is programmed to open and close the 
valves several times to avoid sticking.  A properly working valve can be observed opening and 
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closing using a flashlight.  If a valve is stuck, it can be heard trying to open and close, but will 
not be moving. 

 

3.5.2 Conventional Combustion Study Operating Conditions 
 For the studies in conventional combustion, several speed and load combinations were run, 
as indicated in Table D3.3.  In each case, the load was adjusted to constant bmep by adjusting the 
fueling rate.  For the biodiesel blends, delayed main injection timings were investigated for 
reducing NOx.  For B50 and B100 in the light load (3 bar bmep) cases, where NOx levels were 
similar to diesel to begin with, earlier main injection timings at one increased EGR ratio were 
studied to determine if a reduction in NOx could be attained along with lower fuel consumption.  
For B50 and B100 at moderate load (5 bar bmep), the MAF setpoint was changed to account for 
the lower stoichiometric air-fuel ratio of biodiesel. More detailed test specifications are given in 
Table D4.1 through Table D4.4. 

 Note that, throughout this study, default conditions are referenced.  These correspond to the 
operating conditions of the unaltered ECM, set up according to Ford’s specifications.  While 
absolute numbers will not be given, the trends in some relevant ECM parameters are shown in 
Figures X 3.13 through X 3.15 to put the results in perspective.  The start of injection tends to 
advance with increasing speed and load, while the boost pressure increases.  Meanwhile, the 
EGR ratio generally decreases with the amount of fuel injected.  Since biodiesel has a lower 
energy content than diesel, the ECM assumes a higher load, meaning that with higher biodiesel 
content, the main injection timing will advance, the boost pressure will increase, and the EGR 
ratio will decrease, albeit by rather small increments. 

 

3.5.3 Low Temperature Combustion Study Operating Conditions 
 For the studies aimed to achieve low temperature combustion, tests were again run at various 
speed and load conditions, as indicated in Table D3.4.  The given load conditions in bar bmep 
correspond to the engine load with no EGR.  Note that, instead of adjusting the fueling rate to 
achieve constant load as done in the conventional combustion study, the fueling rate was held 
constant, and the brake torque was recorded in each case.  Therefore, the engine was brought to 
the designated speed and load with the EGR system disabled.  At this point, the fuel flow rate 
and engine speed were held constant as the EGR ratio was increased incrementally.  For each 
speed and load combination, the EGR ratio was generally varied from no EGR to high levels 
where combustion efficiency began to deteriorate (observed by a substantial rise in CO 
emissions).  This maximum level varied based on engine operating condition, which is why the 
range of measurement points appears arbitrary.  The EGR was then set to a level just below the 
point of combustion deterioration, and injection strategies were altered with emphasis on 
reducing soot and maintaining reasonable power output.  More detailed operating conditions are 
included in Table D4.5 for reference. 
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4  Experimental Results and Discussion 
4.1Conventional Combustion Study 
4.1.1 Overall Trends in NOx Emissions for Different Speed and Load Conditions 
 Figure D4.1 shows the overall trends in NOx emissions for different fuel blends and different 
speed and load conditions for the engine operating with its default ECM settings.  At low speed 
and light load, increased biodiesel content has relatively little effect on NOx for this engine at its 
default operating conditions.  A possible explanation is that in these cases, the EGR ratio is 
relatively high and the amount of fuel is small, so that NOx emissions are kept minimal due to a 
rather low combustion temperature, regardless of fuel type.  At moderate load, the increase in 
NOx with biodiesel content becomes notable, as much as a 50% increase over that of diesel.  The 
case of 2000 rpm, 3 bar bmep is seen to have significantly higher NOx than the other cases at 3 
bar bmep.  This is due to some changes in ECM parameters, specifically, earlier injection timings 
and a lower EGR ratio. 

 

4.1.2 Analysis of In-Cylinder Pressure, Apparent Heat Release Rate, and Average 
In-cylinder Temperature 

 Figure D4.2  is typical of the in-cylinder pressure and calculated heat release rate curves for 
the different fuels. From the heat release rate plot, the pre-injection seems to ignite around -10° 
ATDC. With higher biodiesel content, the amount of energy released during the pre-injection is 
somewhat lower. The pre-injection duration is essentially the same for the different fuels at a 
given speed and load, so approximately the same volume of fuel should be injected.  Biodiesel is 
about 5% more dense than diesel, but its lower heating value is about 12% less than that of 
diesel, explaining the reduction in energy released.  Following the pre-injection heat release, the 
main injection occurs.  As the injected fuel vaporizes, there is a slight dip into negative territory 
for the heat release rate, occurring around 5° ATDC. Shortly thereafter, around 7° ATDC, the 
heat release rate turns positive as the fuel energy is released.  Based on the heat release rate plot, 
there appears to be premixed-dominated combustion with mixing-controlled combustion at this 
engine condition. There is relatively little difference between fuels. However, B100 is seen to 
ignite slightly ahead of the other fuels, possibly contributing to its higher NOx emissions. This 
earlier ignition may be a result of biodiesel’s high cetane number, or possibly a higher intake 
oxygen concentration due to the lower EGR ratio specified for this case. With B0, B20, and B50, 
it is interesting to note that for very similar pressure and heat release rate curves, notable 
differences in NOx can be seen. As discussed in the literature review, there have been numerous 
studies aimed at explaining this type of phenomenon.  Speculations will not be made here, as this 
type of detailed work is better performed on single-cylinder or optical engines with more precise 
control and instrumentation. 

 The influence of injection timing on the in-cylinder pressure, apparent heat release rate and 
average in-cylinder temperature is shown in Figure D4.3  through Figure D4.65. These data were 
obtained for each fuel blend at each engine operating condition, but the trends were mostly the 
same.  Each curve on the plots represents a different injection timing relative to the ECM default 
injection timing. The peak in-cylinder pressure ranges from 4500 kPa to 7500 kPa, depending 
primarily on the engine load. At different injection timings, in-cylinder pressures are shifted one 
way or the other on the diagrams, as would be expected. The shifts are more obvious on the heat 
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release rate plots. With later injection timings, the relative shifts seem to become more 
significant, and there may be slightly more mixing time prior to combustion, resulting in a higher 
peak heat release rate. As for average in-cylinder temperature, peak values range from 1600 K to 
2000 K. Under same engine load, higher engine speed tend to give a lower average temperature. 
The start of temperature rise occurs earlier for advanced injection and later for retarded injection. 
But the temperature rise rate remains almost constant at different injection timings, as indicated 
by similar slopes of temperature curves. Also, not much change is observed in peak average in-
cylinder temperatures.  

 

4.1.3 Light-Load Optimization 
 An example of light-load optimization for B100 is shown in Figures X 4.66 through X 4.68.  
These particular results correspond to 1500 rpm & 3 bar bmep.  Note that the emissions results 
are normalized based on pure diesel measurement.   Similar results were found for 1000 rpm and 
2000 rpm at 3 bar bmep, so only a representative case is shown here.  In these figures, shaded 
markers represent the ECM’s default settings for that fuel at the given speed and load.  Injection 
timings were advanced and retarded around the ECM’s default setting, as represented by the 
horizontal axis in each figure.  This was done at the default EGR ratio (using the default MAF 
setpoint) and at an increased EGR ratio obtained by adjusting the default MAF setpoint by a 
factor of 12.6/14.6 (the stoichiometric air-fuel ratio of biodiesel divided by that of diesel; an 
addition of about 6% EGR as estimated by the ECM).  Note in Figure 4.7 that the fuel 
consumption results for biodiesel has been corrected by a factor of 37.3/42.5 (the lower heating 
value of biodiesel divided by the lower heating value of diesel) to obtain fuel consumption in 
units of grams diesel equivalent per kilowatt-hour.  Even after corrected, the fuel consumption 
for biodiesel is seen to be slightly higher than diesel at default ECM conditions.  However, 
advancing the injection timing by 2 to 4 CAD is seen to result in equal or lower bsfc compared 
with diesel at the default ECM conditions.  Since the case with default ECM conditions is similar 
to diesel in terms of NOx, correcting the MAF setpoint is sufficient to bring NOx emissions 
below that of diesel with essentially no penalty to fuel consumption.  Additionally, by advancing 
the injection timing between two and four degrees, a savings in fuel consumption of about 3% 
can be realized with NOx emissions below that of diesel at the default ECM configurations.  For 
the advanced injection cases, the soot increases somewhat, likely due to injection into a hotter 
environment, but it is still well below that of diesel.  Also notice that a significant penalty to fuel 
consumption is required to decrease NOx emissions simply with a delay in injection timing.  
Since the ECM already uses late injections, fuel efficiency begins to drop off quite rapidly with 
further retardations due to poor combustion phasing.  To reduce NOx emissions to the level of 
diesel with late injection timings alone, the penalty to fuel consumption, averaged over all cases 
studied, is 1.9% for B20, 3.4% for B50, and 4.6% for B100.  By comparison, increasing the EGR 
to account for the lower stoichiometric air-fuel ratio of biodiesel and advancing the injection 
timing allows for a reduction of NOx emissions along with better combustion phasing, producing 
better fuel efficiency. 

 

 Results for B50 were similar to the previously described results for B100 at light load 
conditions.  Figures X 4.69 through X 4.71 show the NOx, soot, and bsfc results for 1500 rpm & 
3 bar bmep.  Again, results for 1000 and 2000 rpm were similar and are not shown here to avoid 
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redundancy.  The increased EGR ratio in this case was obtained by adjusting the MAF setpoint 
value by a factor of 13.6/14.6 (the stoichiometric air-fuel ratio of B50 divided by that of diesel).  
The fuel consumption data in Figure 4.10 have been adjusted as done for B100, but in this case, 
the ratio of heating values is 39.9/42.5.  Looking at these results together, the conclusion is much 
the same as it was for B100.  A slight increase in EGR coupled with an advance in injection 
timing is beneficial in terms of reducing NOx and fuel consumption with similar levels of soot. 

 

4.1.4 Moderate Load Optimization:  EGR Effects 
 For cases with moderate load, a closer look was taken at the EGR and air-fuel ratios.  The 
air-fuel ratio was calculated from measured fresh air flow rate and fuel flow rate.  For all fuels, 
the calculated air-fuel ratio is essentially the same at a given speed and load since this is 
controlled through ECM by adjusting the positions of the EGR valves.  However, the 
stoichiometric air-fuel ratio for B100 is lower than that of diesel, so at the same air-fuel ratio, the 
equivalence ratio is lower.  Note that the equivalence ratio and EGR ratio are related at a given 
speed and load since the addition of EGR displaces some of the fresh air flow, resulting in a 
higher equivalence ratio. 

 To investigate the effects of different EGR ratios on NOx emissions for B50 and B100, the 
MAF setpoint in the ECM was adjusted to different values, resulting in points of different EGR 
ratio and equivalence ratio.  Only the ECM default case was run for B20 since the change in 
stoichiometric air-fuel ratio from B0 is relatively small.  Likewise, for B0, only the default ECM 
setting was run, as the ECM was designed and optimized for use with this fuel. Figure D4.72 
shows the normalized brake-specific NOx emissions versus equivalence ratio.  The shaded 
markers represent the ECM’s default settings, while the hollow markers represent the points 
obtained by changing the MAF setpoint.  With the ECM’s default settings, B100 operates at the 
leftmost point in Figure D4.72, a fair amount leaner than B0 and B20.  Meanwhile, for B50, the 
ECM default operating point is the center point, again leaner than the B0 and B20.  This can be 
considered another ECM calibration effect for engines equipped with this type of EGR system.  
Since biodiesel has oxygen within the fuel molecules, its stoichiometric air-fuel ratio is lower, 
and a diesel engine designed to run at a certain air-fuel ratio will run relatively leaner when 
fueled with biodiesel. 

 The results in Figure D4.72 show a clear trend of lower NOx emissions for equivalence ratios 
closer to stoichiometric.  Recall that to change the equivalence ratio for this engine, the EGR 
ratio must be adjusted, so the reduction in NOx is a combination of these factors.  With the 
ECM’s default settings, there is a substantial increase in brake-specific NOx emissions for fuels 
of high biodiesel content.  This can, to some extent, be considered a result of the engine being 
optimized for diesel and not biodiesel, an ECM calibration effect.  In fact, for similar 
equivalence ratios, NOx emissions are seen to be quite similar for the different fuels.  
Meanwhile, biodiesel still produces less soot than diesel, as seen in Figure D4.73.  Therefore, 
adjusting the ECM’s MAF setpoint tables based on stoichiometric air-fuel ratio appears to be an 
effective way of eliminating the problematic increase in NOx normally seen when running 
biodiesel in this engine designed for diesel.  For engines equipped with this type of EGR system, 
the mass flow rate of fresh air should be considered a useful parameter for optimizing the engine 
to run on biodiesel. 
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4.1.5 Comprehensive Analysis of Conventional Combustion Study 
All tested cases for conventional combustion study are listed in Table D4.1 through Table 

D4.4, in which detailed injection specifications are given, temperatures at start of combustion are 
calculated, normalized emission and fuel consumption levels are shown, and optimum operation 
conditions under each speed and load are indicated. The injection specifications include injection 
timing and injection fuel mass for both pilot and main injection, drawn from files generated by 
ETAS INCA where approximately two minutes of the engine ECM parameters are recorded and 
averaged. It can be seen that for same speed and load conditions, the start of injection at default 
ECM setting is independent of biodiesel content, whereas the default injection fuel mass per 
stroke increases with biodiesel percentage. This is because the engine is tested at steady state 
condition, and with fixed speed and load the ECM has a constant injection timing. However, 
since biodiesel has lower energy density than does diesel, in order to maintain the same load at 
same engine speed, more fuel has to be injected for higher biodiesel content. Also, across 
different speed and load, the injection tends to advance with increasing engine speed for same 
load condition, given the faster piston motion in each stroke. The start of combustion (SOC) in 
this study is defined as the point where 10% of cumulative heat release after main injection is 
reached, and the corresponding temperature is the average cylinder temperature calculated based 
on measured in-cylinder pressure. No obvious trend in SOC is observed between different 
biodiesel content. Compared to diesel fuel, the higher viscosity of biodiesel leads to difficulty in 
atomization, which tend to results in longer ignition delay. On the other hand, the slightly higher 
cetane number of biodiesel makes it easier to ignite, leading to a decrease in ignition delay. 
These two competitive factors account for the unpredictability of SOC for different biodiesel 
content. For same speed and load, the SOC obviously follows the start of injection, earlier 
injection results in earlier SOC. As for temperature at SOC, a general trend is observed across 
different speed and load conditions—advanced injection timing tends to give higher temperature 
at start of combustion. It should be noted that the influence of EGR ratio on SOC and 
temperature at SOC will not be discussed here because a detailed discussion on EGR effect will 
be covered in the low temperature combustion study part. As can be seen from the tables, the 
NOx, CO, Soot, and BSFC levels are listed respectively for all test cases. It is noteworthy that in 
this table, results from same speed and load conditions for same type of fuel are normalized 
based on the values at the corresponding default ECM settings under those conditions. 
(Normalizing data in this manner leads to better interpretation of results within same engine 
speed and load.  In other part of this report, they are normalized in other manners.)  Therefore, 
the influence of injection timing on emissions and fuel consumption can be easily identified. It 
can be easily observed that NOx emission is reduced up to 50% with retarded injection, mainly 
due to a lower cylinder temperature; CO increases at later injection, indicating deteriorated 
combustion; soot levels are decreased for delayed injection due to a cooler environment; and fuel 
consumption is generally better for advanced injection, suggested by lower BSFC values. The 
f(x) in the second last column of the specification tables is an objective function introduced to 
analyze the comprehensive effect of injection timing for the purpose of better defining optimum 
operating conditions. This f(x) is calculated for each speed and load test condition. The function 
f(x) is defined as following: 
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The subscript T indicates the targeted value, and in this case is chosen as the values at default 
engine settings. 400 is chosen as the numerator because the f(x) value will be 100 for the engine 
default settings. At optimum operating point under each speed and load a maximum f(x) value is 
obtained, as indicated by an “X” in the last column of the tables. It can be observed that the ECM 
default setting has already been optimized for some speed and load conditions, and in other 
cases, the optimum injection strategy appears to be retarding the main injection by 2 crank angle 
degrees. Further discussion on emission trade-offs and control optimization will be given in next 
section.  

 

4.1.6 Emissions and Fuel Consumption Trade-offs 
Figure D4.74 through Figure D4.97 demonstrate the trade-offs of emissions and fuel 

consumption for B20, B50 and B100 fuel. In these figures, the BSFC, CO and Soot levels are 
plotted against NOx emission, showing the influence of different injection strategies and the 
effect of varied EGR ratios. The bottom left corner in each diagram suggests the desired 
operating region where both quantities indicated by the horizontal and vertical axes can be 
reduced simultaneously. In addition, the value of the previously defined objective function f(x) is 
plotted against the start of combustion. On the trade-off graphs five different markers are 
introduced to indicate different injection timings or EGR ratios, and for each type of marker 
there are multiple data points, indicating the multiple speed and load conditions tested. It should 
be noted that the square markers, which stand for the cases using default ECM setting, overlap at 
(1,1) on the trade-off graphs because for each speed and load condition, emissions and fuel 
consumption results are normalized based on values at default ECM setting under this condition.  
(Normalizing results in this manner facilitates comparison of results for similar engine speed and 
load.  In other part of this report, results are normalized in other manner.)  For the B20 fuel, only 
injection timing influence is investigated, and for the B50 and B100 fuel, both injection timing 
and EGR ratio are changed in order to see their individual effect. On the f(x) versus SOC graphs, 
different markers are used to indicate various speed and load conditions. Same type of markers 
are connected by straight lines to better demonstrate the trends. Looking at the figures, some 
general trends are obvious regardless of fuel type. On the one hand, the influence of injection 
timing is presented. As seen on the BSFC versus NOx graphs, the triangle markers are clustered 
near the top left corner and the diamond markers the bottom right. This means advancing the 
injection timing tend to give a lower BSFC but an increase in NOx emissions, whereas retarding 
the injection timing results in the opposite trend. An explanation to that is advanced injection 
tend to give a higher peak temperature, which gives rise to more complete combustion but 
facilitates NOx generation. The CO versus NOx graphs show the same trend, with triangles at 
top left and diamonds at bottom right. Since the CO emission is an indicator of the combustion 
phase, a higher CO level suggests deteriorated combustion. Advanced injection tends to give 
more complete combustion but generate more NOx, whereas delayed injection is likely to lower 
combustion temperature but compromise the combustion efficiency. Then, judging from the Soot 
versus NOx graphs, the strategies to reduce one emission tend to increase the other. However, 
relatively low levels of both emissions can be obtained by retarding the main injection by 2 crank 
angle degrees. Finally, the f(x) versus SOC plots shed light on optimization of operating 
conditions from a comprehensive perspective, taking into consideration all of the four previously 
mentioned quantities. As been described in previous section (comprehensive analysis of 
conventional combustion study), a maximum f(x) value represents the optimum operating point. 
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It can be observed that for most of the cases, either the default ECM injection or delayed main 
injection by 2 CAD give the maximum f(x) values, indicating a good balance of the emissions 
fuel efficiency. On the other hand, EGR effect on the trade-offs are shown. As can be seen in 
Figure D4.86 to Figure D4.89 , increasing the EGR ratio from engine default set-points tend to 
yield a lower NOx level due to a lower combustion temperature, yet it increases the overall 
equivalence ratio, giving rise to slightly higher CO and soot emissions, as well as higher fuel 
consumption rate. To the other direction, reducing EGR from the ECM set-points renders 
increases NOx emission but decreases CO, soot and fuel consumption rate, due to more complete 
combustion. As to f(x) values, for 1500 rpm 3 bar bmep case, default EGR gives the maximum 
value of f(x), and for 2000 rpm 3 bar bmep and 2000 rpm 5 bar bmep cases, slightly increased 
EGR turns out to be the optimum condition.  

 

4.2Low Temperature Combustion Study 
4.2.1 Analysis of In-Cylinder Pressure, Apparent Heat Release Rate, and Average 

In-cylinder Temperature 
 To gain some insight on the type of combustion resulting in low emissions, in-cylinder 
pressure, apparent heat release rate, and average in-cylinder temperature plots are shown for all 
results (see Figures X 4.98 through X 4.127).  Not every figure will be explained here, but the 
general ideas will be covered.  Beginning with Figures X 4.98, X 4.99 and X 4.100, for 2 bar 
bmep, it can be seen that higher EGR results in later heat release.  Since the injection timing is 
held constant in these cases, this means a longer ignition delay, allowing more time for more 
mixing prior to the start of combustion.  However, all heat release rate curves here appear to 
indicate premixed-dominated combustion.  A slight difference is that for high EGR, the initial 
rise in heat release rate seems to occur more gradually.  The heat release rate then generally 
achieves a higher peak and finally drops off more sharply.  As for average in-cylinder 
temperature, it is can be observed that higher EGR leads to lower combustion temperature, as 
suggested by the down-shifting temperature curves.  This observation holds true for all other 
cases, which explains the general decrease in NOx emissions with increasing EGR ratios.  
Similar trends are seen for 3 bar bmep using the default injection strategy.  However the soot 
continues to increase with EGR ratio and does not drop off as it does for 2 bar bmep.  This 
observation holds true for the remainder of the speed and load conditions tested.  A possible 
explanation is that due to the higher amount of fuel injected, diffusion combustion plays a larger 
role, allowing for more soot formation.  By contrast, for the 2 bar bmep case, low temperature 
combustion appears to have been reached for the case with high EGR.  Figures X 4.104, X4.105 
and X 4.106 show some of the attempts to achieve low temperature combustion at 3 bar bmep.  
The early injection resulted in higher soot while the later injection resulted in lower soot.  
However, by delaying the injection to achieve lower soot, the combustion phasing is later than 
optimum, resulting in poor fuel efficiency.  By contrast, injecting less fuel during the pre-
injection seems to allow for lower temperature during the main injection and less soot without 
hurting combustion phasing drastically.  

 For the remainder of the cases (1000, 1500, and 2000 rpm at 5 bar bmep and 1000 rpm at 7 
bar bmep) with the default injection strategy, diffusion combustion appears to become more 
apparent.  For 1000 and 1500 rpm at 5 bar bmep, the increase in EGR seems to have minimal 
effect on the heat release rate.  Meanwhile, for 2000 rpm at 5 bar bmep, increasing the EGR 
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appears to cause a transition from premixed-dominated with mixing-controlled combustion to 
mixing-controlled dominated combustion with premixed combustion.  In each case, the injection 
scheme was modified by reducing the fraction of fuel injected during the pre-injection and 
shifting the injection timing later in the cycle, both meant to provide for lower in-cylinder 
temperatures.  As seen in the heat release plots for cases using modified injection, this results in 
a premixed-dominated combustion, occurring later in the cycle. 

 

4.2.2 Ignition Delay Trends 
 Analysis of the heat release rate plots can be used to obtain the crank angle at the start of 
combustion.  Though a couple different definitions are used, the start of combustion here will be 
defined as the location where minimum heat release occurs prior to positive heat release after 
fuel injection.  In diesel engines, the heat release rate generally dips after fuel injection, 
reflecting the energy utilized in vaporizing the fuel.  Once the combustion chemistry releases 
enough energy to overcome the energy losses, the heat release rate will reach a minimum.  Thus, 
the point of minimum heat release rate is a good indicator that combustion chemistry has 
commenced.  The heat release rate data were analyzed in this way, and knowing the start of 
injection from the ECM, the ignition delay was calculated.  Figure D4.128 shows the ignition 
delay results for the range of cases studied.  Two values are shown for the default injection 
strategy, a minimum ignition delay corresponding to the case with no EGR, and a maximum 
ignition delay corresponding to a case with high EGR.  The ignition delay for the modified 
injection case resulting in low temperature combustion is also shown.  The ignition delay for low 
temperature combustion is typically on the higher end of the range of values for a given speed 
and load, and in some instances, it is higher.  Not too much can be inferred from these results, 
but it makes sense that low temperature combustion should have rather long ignition delays due 
to the high rates of EGR generally required for the reduction in NOx emissions.  To be clear, a 
long ignition delay in itself does not indicate low temperature combustion, as several of the 
conventional combustion cases exhibited ignition delays of comparable length to the low 
temperature combustion case for the particular speed and load. 

 

4.2.3 Cycle-to-Cycle Variation 
 Each in-cylinder pressure curve plotted in previous sections is an ensemble average of 30 
cycles of data for that operating condition.  While this removes pressure fluctuation and noise, it 
also obscures some important information.  For low temperature combustion in particular, cycle-
to-cycle variation is often a concern because of the high rates of EGR generally employed.  
Depending on the inlet air system design, the recirculated exhaust gases may not mix evenly 
from cycle to cycle.  As described in previous sections, the rate of EGR tends to affect the 
ignition delay and combustion phasing, so uneven EGR from cycle to cycle can cause variations 
in the combustion timing, resulting in uneven engine operation.  In fact, cylinder-to-cylinder 
variation is another potential problem with high rates of EGR, as the geometry of the intake 
manifold may cause certain cylinders to receive more or less than the desired amount of EGR.  
Only one in-cylinder pressure transducer was available for this study, so cylinder-to-cylinder 
variations cannot be accounted for. 
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 To qualitatively look at cycle-to-cycle variation, ten random individual cycles were plotted 
both for the case of no EGR and for the low temperature combustion obtained through modified 
injection strategies.  Figures X 4.129 and X 4.130 show the results for the case of 2 bar nominal 
bmep, while Figures X 4.131 and X 4.132 show the results for the case of 7 bar nominal bmep.  
In both cases, the low temperature combustion scheme is seen to result in more cycle-to-cycle 
variation, particularly in the point at which in-cylinder pressure begins to rise again after top 
dead center.  For the 2 bar nominal bmep case, the difference here translates into a shift in the 
overall pressure curve.  Meanwhile, for the 7 bar nominal bmep case, the differences here seem 
to be balanced somewhat by different rates of pressure rise, leaving the second peak of in-
cylinder pressure relatively stable.  Qualitatively, the engine sounded stable at all points included 
in this study.  Conditions which caused the engine to operate in a noticeably uneven manner 
were deemed undesirable and discarded. 

 

4.2.4 Emissions and Fuel Consumption Trends versus EGR Ratio 
 Figures X 4.133 through X 4.136 show the emissions and fuel consumption trends obtained 
for the various speed and load conditions with the ECM default injection settings and different 
rates of EGR.  As described in the experimental methodology, the mass-based EGR ratio was 
calculated based on the CO2 content of the mixed intake air and exhaust.  All emissions 
measurements have been normalized based on the highest data point obtained.  (Normalizing 
results in this manner facilitates comparison between different speed and load cases.  In other 
part of the report, results are normalized in different manners.)  Fuel consumption measurements 
have been adjusted to show the g/kWh measurement expected if biodiesel had the same heating 
value as diesel, which allows for better comparison to previous results. 

 Brake-specific NOx emissions, as seen in Figure D4.133, initially decrease quite sharply with 
increasing EGR ratio, but the slope continually becomes shallower until at higher EGR ratios, the 
decrease in NOx for a given increase in EGR is minimal.  The different speed and load 
conditions seem to follow a similar curve, showing similar dependence of NOx on EGR. 

 Soot emissions do not follow such a clear trend, as seen in Figure D4.134.  At one condition 
(1000 rpm & 2 bar bmep), the soot was found to increase slightly with EGR at first, before 
dropping back down in what is thought to correspond to achievement of low temperature 
combustion.  For all other cases, the soot was seen to only increase with EGR ratio, though at 
different rates.  Tests run at higher load conditions typically showed higher soot levels at a given 
EGR ratio.  It should be noted that these soot results are filter smoke number data normalized 
based on the highest measurement.  Therefore, the flow rate of exhaust gases and the power 
output of the engine are not considered.  If mass-based soot measurements were taken, brake-
specific soot emissions could be calculated, which might provide better insight. 

 Fuel consumption is seen to increase gradually with increasing EGR up to a certain level, as 
seen in Figure D4.135.  Beyond this level, further increase in EGR is seen to increase fuel 
consumption more significantly.  This occurs somewhere around 40 or 50%, depending on 
engine operating conditions.  Fuel consumption is seen to be highest for low-load conditions and 
decrease with increasing load as friction losses become a smaller portion of the overall energy 
released. 
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 Brake-specific CO emissions are quite small with low EGR, as seen in Figure D4.136.  At a 
certain point, corresponding approximately to the previously mentioned increase in fuel 
consumption, CO emissions are seen to increase quite rapidly.  This relationship is expected, as 
presence of significant CO emissions is indicative of incomplete combustion.  This illustrates 
how CO emissions, though normally minimal in a modern diesel engine, especially when fueled 
with biodiesel, can become problematic at high rates of EGR. 

 

4.2.5 Modification to Injection Scheme 
 As discussed in the literature review, NOx and soot have been the most problematic 
emissions for typical diesel engines due to a tradeoff between the two; strategies that decrease 
one pollutant typically increase the other.  Indeed, this phenomenon was seen in the previously-
described results.  When using the default injection settings, the only case where this did not hold 
was 1000 rpm & 2 bar bmep, where the simultaneous reduction of NOx and soot consistent with 
low temperature combustion was seen (see Figure D4.137).  For the remainder of the operating 
conditions, further work clearly needs to be done to achieve simultaneous reduction of NOx and 
soot.  For this reason, cases were run with injection strategies focused on providing lower in-
cylinder temperature during the main injection.  The amount of fuel injected during the pre-
injection was considered in addition to different injection timings. 

 Figures X 4.137through X 4.142 illustrate the soot-NOx tradeoff at different engine speed 
and load conditions and the efforts made to simultaneously reduce both emissions.  As 
previously mentioned, at 1000 rpm & 2 bar bmep, simultaneous reduction of NOx and soot was 
seen by operating with a high level of EGR.  Initially, the soot increases slightly as NOx 
decreases, but it eventually drops by about 40% to a level below the case with no EGR.  This 
eventual drop in soot is never realized for the remainder of speed and load conditions with the 
default injection settings, as seen in Figures X 4.138 through X 4.142.  At 3 bar bmep, as seen in 
Figures X 4.138, the influence of injection timing was first observed by advancing and retarding 
the start of injection by 2.5 degrees with EGR held constant around 50%.  The early injection 
was found to produce more soot, while the late injection produced significantly less.  On the 
downside, the late injection resulted in poor combustion phasing, ultimately hurting fuel 
efficiency.  On the other hand, reducing the pre-injection to a minimum produced a similar 
reduction in soot, but with better combustion phasing, resulting in better fuel efficiency.  It is 
worth noting that during these tests, changes to the injection scheme were seen to have only 
small effects on NOx emissions, as this pollutant was kept minimal due to high levels of EGR.  
This held true for all speed and load conditions tested.  However, as discussed in the 
conventional combustion study, injection timing does generally affect NOx emissions. 

 For the remaining speed and load conditions, reduction of soot using only a smaller pre-
injection was found to be inadequate.  A combination of small pre-injection and later injection 
timings had to be utilized.  The cases run at 5 bar bmep with different engine speed (1000, 1500, 
and 2000 rpm) all produced similar results, as seen in Figures X 4.139, Figure D4.141, and 
Figure X 4.142.  Note that in these cases, the soot was still slightly higher in terms of filter 
smoke number than the case with no EGR.  However, given that the exhaust flow rate was 
reduced by 35 to 40% through the use of high EGR, results in terms of overall soot mass would 
be more favorable.  The same goes for the case of 1000 rpm & 7 bar bmep (Figure D4.140).  At 
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this operating condition, cases of high EGR with the default injection strategy were avoided 
because very high levels of soot were observed. 

 As discussed in the explanation of in-cylinder pressure and apparent heat release rate data 
above, the combustion phasing was generally later than desirable for the low-emission cases with 
modified injection strategies.  This came from a need to delay injection timings and inject into a 
cooler in-cylinder temperature to reduce the amount of soot emitted by the engine.  The effect on 
fuel consumption varied in magnitude from case to case, but there was a general increase in fuel 
consumption associated with the reduction in emissions.  Figure D4.143 illustrates this point, 
showing the best-case fuel consumption achieved with the default injection strategy (obtained 
using no EGR), the worst-case fuel consumption achieved with the default injection strategy 
(obtained by using a high EGR ratio), and the fuel consumption achieved for the low-emission 
case with modified injection strategy.  In select cases, the fuel consumption for the cases with 
modified injection strategy were at similar or lower levels compared with the fuel consumption 
for the high EGR cases (1000 rpm & 3 bar bmep, 2000 rpm & 5 bar bmep).  The remainder of 
the cases saw slight increases in fuel consumption over the high EGR default injection cases.  
The trends in fuel consumption across speed and load conditions for the low-emission cases 
appear similar to the default cases, just offset to higher values. 

 Ultimately, the data explained above indicate that for biodiesel, control of NOx to very low 
levels can be accomplished through high rates of EGR.  However, an increase in fuel 
consumption generally accompanies this increase in EGR.  With the NOx under control, 
reduction of soot is another obstacle.  In this study, soot was controlled by adjusting pre-injection 
quantity and injection timing for each case.  Combustion phasing suffered in many cases as a 
result of these adjustments.  For most cases, this meant another small increase in fuel 
consumption, though some cases were achieved with similar or slightly lower fuel consumption.  
Overall, though, a tradeoff between soot and fuel consumption was seen when adjusting these 
injection parameters under constant EGR. 

 

4.2.6 Comprehensive Analysis of Low Temperature Combustion Study 
Similar to the conventional combustion study, all tested cases for B100 low temperature 

study are listed in Table D4.5, which includes injection specifications, temperatures at start of 
combustion, normalized emissions and fuel consumption rate, and f(x) values.  The reference 
values of emissions and fuel consumption for normalization under each engine speed and load 
are chosen as the values at zero EGR condition under that speed and load.  (This manner of 
normalization facilitates comparison within same engine speed and load.  In other part of the 
report, results are normalized in other manners.)  For 1000 rpm 2 bar bmep, only ECM default 
injection is used since low temperature combustion can be obtained simply by using high EGR.  
For 1000 rpm 7 bar bmep, three operating conditions are shown—default injection without EGR, 
late injection with 33% EGR and 28% EGR. And for 1000 rpm 3 bar bmep, 1000 rpm 5 bar 
bmep, 1500 rpm 5 bar bmep, and 2000 rpm 5 bar bmep, the results are split into two sections in 
the table.  One section lists the conditions at default injection settings using a range of EGR 
ratios from zero to maximum under that speed and load. The other section shows the effects of 
modified injection, comparing the cases with similar EGR ratios but different injection strategies.  
It should be noted that the start of combustion and temperature at SOC are calculated only for 
every alternate EGR ratio in the first section, which is sufficient to show the trends.  It can be 
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seen from the table that increased EGR tends to give a later SOC and a lower temperature at 
SOC.  And obviously, with similar EGR ratios, the more the injection is retarded, the later the 
SOC and the lower the temperature at SOC will be.  Judging from the emission levels, heavy 
EGR can significantly reduce NOx emissions, which, however, is accompanied by a drastic 
increase in soot emission and a compromised fuel efficiency.  The objective function, f(x), used 
in this low temperature combustion study is defined as  
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Again, subscript T indicates the targeted values, and in this case the values at reference points.  
This time, the calculation of f(x) rules out the CO influence because for a wide range of EGR 
ratios the CO level varies to a great extent, which could significantly bias the objective function. 
And as a result, the numerator is selected as 300 to give a 100 of f(x) at reference points. Bigger 
f(x) value suggests a better trade-off between these three factors.  For 1000 rpm 2 bar, highest 
f(x) is obtained at the case using the highest EGR.  For 1000 rpm 3 bar bmep default injection, 
maximum f(x) appears at 24.926% EGR, which is close to the default EGR setting in the 
conventional combustion study.  Under 1000 rpm 3 bar bmep, four  different injection schemes 
are used, and it can be seen that using minimum fuel mass at pilot injection leads to a highest f(x) 
value.  For 1000 rpm 5 bar bmep, best EGR locates at 17.047, also close to the ECM default 
setting, and the late injection strategy effectively reduces the soot level that has been brought up 
by heavy EGR.  At 1000 rpm 7 bar bmep, maximum f(x) appears at the zero EGR point. This 
does not mean the optimum condition is to run without EGR. Rather, at relatively higher load, 
small EGR should be used. However, in order to reach the low temperature combustion region 
heavy EGR (around 30%) is used, which brings up the soot to a relatively high level.  Trends at 
1500 rpm 5 bar bmep and 2000 rpm 5 bar bmep are similar to those at 1000 rpm 5 bar bmep.  

 

5 Conclusions and Future Work 
 Several aspects regarding the combustion of biodiesel have been considered in this work.  
First, the consequences of running biodiesel and its blends in an engine designed to run on diesel 
were observed.  Due to the lower energy density of biodiesel, several engine operating 
parameters were seen to change by small amounts as specified by the default settings of the 
ECM.  In this study, injection timings advanced, boost pressure increased, and EGR ratio 
decreased, though these trends may be different for other engines, depending on how they are set 
up.  These changes together may be considered ECM calibration effects of using biodiesel.  The 
combination of ECM calibration effects and fuel effects on NOx emissions ranged from little 
change to a near 50% increase. 

 Observing these effects of biodiesel on NOx emissions, different strategies were tested to 
optimize certain ECM parameters for use with biodiesel.  Soot emissions were reduced 
significantly compared with diesel, so focus was placed on NOx and fuel efficiency.  At low load 
conditions, it was found that an increase in EGR coupled with an advance in injection timing 
could provide NOx emissions at or below the level of diesel along with better fuel efficiency 
compared with the default operating conditions.  At moderate load, a closer look was taken at the 
MAF setpoint tables and how they affect NOx emissions.  In terms of simple equivalence ratio, 
higher blends of biodiesel were found to be running leaner than diesel (and with less EGR), 
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corresponding to a large increase in NOx emissions.  Adjusting the ECM’s MAF setpoint tables 
based on stoichiometric air-fuel ratio eliminated the large-scale increase in NOx normally seen 
when running biodiesel with default settings in this engine.  Similar conclusions held true for 
B50 in these conventional combustion studies. 

 Strategies were also developed for low temperature combustion of biodiesel in this engine.  
At low engine load, low temperature combustion could be achieved simply by increasing EGR to 
about 50% while using the ECM’s default injection strategies.  At higher load, low temperature 
combustion was achieved by first increasing the EGR to a level just lower than the point of 
combustion deterioration and then modifying the injection strategy to provide for lower in-
cylinder temperatures.  Specifically, the pre-injection was set to its minimum value without 
shutting it off completely, and the injection timing was delayed as needed in each case until the 
soot finally dropped off.  Later injection timings were needed at higher engine load, resulting in a 
combustion phasing later than ideal.  Overall, a tradeoff was seen between fuel efficiency and 
soot when attempting to achieve low temperature combustion by adjusting injection timings.  
Though the fuel consumption for low temperature combustion cases suffered somewhat 
compared with conventional combustion, the increase was reasonable given the substantial 
reductions in NOx and soot that were achieved. 

 Several possibilities remain for further study related to this work.  The fuel pressures used in 
this study were the default values determined by the ECM, which may be rather low considering 
the general trend toward higher pressures in common-rail fuel systems.  The influence of fuel 
pressure on emissions under high EGR conditions may be a useful study.  Another interesting 
study would be the use of an optical engine with similar combustion chamber geometry to 
replicate some of the interesting cases from this study.  This type of work could provide some 
valuable insight on the spray, mixing, and combustion processes underlying the engine-out 
emissions measured in this study. 
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Figure D5.19:  Polynomial fit of paper blackening versus average pixel intensity 

 
 

 
Figure D5.20:  Trends in main injection timing for the cases studied 
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Figure D5.21:  Trends in boost pressure for the cases studied 

 

 
Figure Xx 5.22:  Trends in EGR ratio for the cases studied 
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Figure D5.67:  Relative soot concentrations for B100 at 1500 rpm, 3 bar bmep with 

different EGR ratios and injection timings 
 

 
Figure D5.68:  Brake-specific fuel consumption for B100 at 1500 rpm, 3 bar bmep with 
different EGR ratios and injection timings (corrected to account for the difference in 

heating value) 
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Figure D5.69:  Normalized brake-specific NOx emissions for B50 at 1500 rpm, 3 bar bmep 

with different EGR ratios and injection timings 
 

 
Figure D5.70:  Relative soot concentrations for B50 at 1500 rpm, 3 bar bmep with different 

EGR ratios and injection timings 
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Figure D5.71:  Brake-specific fuel consumption for B50 at 1500 rpm, 3 bar bmep with 
different EGR ratios and injection timings (corrected to account for the difference in 

heating value) 
 

 
Figure D5.72:  Effect of air-fuel ratio adjustment on NOx emissions at 1500 rpm, 5 bar 
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Figure D5.133:  Normalized brake-specific NOx emissions versus EGR ratio for default 

injection strategy 
 

 
Figure D5.134:  Normalized soot versus EGR ratio for default injection strategy 
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Figure D5.135:  Brake-specific fuel consumption versus EGR ratio for default injection 

strategy 
 

 
Figure D5.136:  Normalized brake-specific CO emissions versus EGR ratio for default 

injection strategy 
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Figure D5.137:  Soot-NOx tradeoff for 1000 rpm & 2 bar bmep 

 

 
Figure D5.138:  Soot-NOx tradeoff for 1000 rpm & 3 bar bmep 

 

0

0.2

0.4

0.6

0.8

1

1.2

0 0.2 0.4 0.6 0.8 1 1.2n
o
r
m
a
l
i
z
e
d
 
b
r
a
k
e
-
s
p
e
c
i
f
i
c
 

N
O
x
 
(
a
.
u
.
)

normalized soot (a.u.)

2 Bar_1000 RPM

Default

0

0.2

0.4

0.6

0.8

1

1.2

0 0.2 0.4 0.6 0.8 1 1.2n
o
r
m
a
l
i
z
e
d
 
b
r
a
k
e
-
s
p
e
c
i
f
i
c
 

N
O
x
 
(
a
.
u
.
)

normalized soot (a.u.)

3 Bar_1000 RPM

Default

Early Inj

Late Inj

Min Pre-Inj



294 
 

 
Figure D5.139:  Soot-NOx tradeoff for 1000 rpm & 5 bar bmep 

 

 
Figure D5.140:  Soot-NOx tradeoff for 1000 rpm & 7 bar bmep 
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Figure D5.141:  Soot-NOx tradeoff for 1500 rpm & 5 bar bmep 

 

 
Figure D5.142:  Soot-NOx tradeoff for 2000 rpm & 5 bar bmep 
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Figure D5.143:  Brake-specific fuel consumption for modified injection strategy compared 

with the minimum (no EGR) and maximum (high EGR) bsfc for the default injection 
strategy 
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Tables 
 

Table D3.1:  Specifications of Ford Lion engine 

engine type V-6, 4-stroke diesel 

bore and stroke (mm) 81 x 88 

displacement per cylinder (cm3) 453.46 

compression ratio 17.3:1 

valves per cylinder intake / exhaust 2 / 2 

combustion system direct injection 

induction system variable geometry turbocharger 

injection system common rail 

injector type 6 nozzle, piezoelectric 

exhaust gas recirculation high pressure, water-cooled 

 

 

Table D3.2:  Fuel properties 

  
Ultra Low Sulfur Diesel
(B0) 

Soybean Biodiesel 
(B100) 

specific gravity 0.845 0.8853 

sulfur (ppm) 7.0 - 15.0 < 3 

viscosity          
(cSt @40°C) 2.0 - 3.0 4.11 

cetane number 43-47 47.1 

stoichiometric  
air-fuel ratio 14.6 12.6 
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Table D3.3:  Summary of test conditions for conventional combustion study 

    B0 B20 B50 B100 

1000 rpm, 3 bar bmep 1 1,2 1,2,3 1,2,3 

1000 rpm, 5 bar bmep 1 1,2 1,2,4 1,2,4 

1500 rpm, 3 bar bmep 1 1,2 1,2,3 1,2,3 

1500 rpm, 5 bar bmep 1 1,2 1,2,4 1,2,4 

2000 rpm, 3 bar bmep 1 1,2 1,2,3 1,2,3 

2000 rpm, 5 bar bmep 1 1,2 1,2,4 1,2,4 

 

1:  ECM default settings 

2:  delayed injection timings at default EGR ratio 

3:  advanced injection timings at an increased EGR ratio 

4:  increased EGR ratio at default timings 

 

 

Table D3.4:  Summary of test conditions for low temperature combustion 
study 

  engine load without EGR (bar bmep) 

  2 3 5 7 

1000 rpm 1 1,2 1,2 1,2 

1500 rpm     1,2   

2000 rpm     1,2   

  

1:  Vary EGR ratio to point of combustion deterioration 

2:  Alter injection strategy with high EGR 
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Table D4.1 (a): Test specifications for B0 for conventional combustion study 

B0 Fuel 

Case EGR (%) 
SOI (CAD 
ATDC) Injection Mass (mg/stk) 

Injection Strategy 
Pilot Main Pilot Main 

1000-3 32.6 -15.86 2.46 1.19 11.59 Default 

1000-5 20.8 -16.08 2.15 1.35 15.85 Default 

1500-3 31.4 -19.1 1.89 0.99 9.41 Default 

1500-5 24.4 -20.24 1.62 0.99 13.62 Default 

2000-3 22 -22.41 0.47 0.86 11.23 Default 

2000-5 16.1 -23.77 0.33 0.97 14.34 Default 

 

 
Table D4.1 (b): Combustion and emission characteristics for B0 for conventional 
combustion study 

B0 Fuel 

Case 
SOC  Temp at SOC NOx  CO  Soot  BSFC  

(CAD 
ATDC) (K) (ppm) (vol%) (PB) (g/kWh) 

1000-
3 15.5 1160.1 40 0.14 180.6 300.00  

1000-
5 10.75 1113 193 0.05 230 257.64  

1500-
3 13 1276.8 52.5 0.05 204 299.97  

1500-
5 10.25 1120.2 182 0.04 99.99525 246.93  

2000-
3 10.5 1090.5 195 0.05 50.4394 303.03  

2000-
5 10.25 1145.5 231.5 0.04 128.3648 261.87  
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Table D4.2 (a): Test specifications for B20 for conventional combustion study 

B20 Fuel 

Case EGR (%) 
SOI (CAD 
ATDC) Injection Mass (mg/stk) 

Injection Strategy 
Pilot Main Pilot Main 

1000-3 

31.7 -19.77 -1.55 1.22 11.98 Advanced 4 CAD 

31.7 -17.74 0.48 1.22 12 Advanced 2 CAD 

31.7 -15.76 2.46 1.22 12.03 Default 

31.7 -13.77 4.47 1.21 11.93 Retarded 2 CAD 

31.7 -11.8 6.44 1.21 11.94 Retarded 4 CAD 

1000-5 

20.1 -20.01 -1.77 1.36 16.13 Advanced 4 CAD 

20.1 -18.22 0.02 1.36 16.15 Advanced 2 CAD 

20.1 -16.12 2.12 1.36 16.15 Default 

20.1 -14.11 4.12 1.36 16.04 Retarded 2 CAD 

20.1 -12.16 6.07 1.36 16.15 Retarded 4 CAD 

1500-3 

30.2 -22.61 -2.1 0.96 9.24 Advanced 4 CAD 

30.2 -20.99 -0.24 0.97 9.2 Advanced 2 CAD 

30.2 -19.16 1.83 1.01 9.86 Default 

30.2 -17.1 3.89 0.98 9.18 Retarded 2 CAD 

30.2 -15.14 5.83 0.98 9.21 Retarded 4 CAD 

1500-5 

23.7 -24.23 -2.36 1.02 13.94 Advanced 4 CAD 

23.7 -22.25 -0.39 1.02 13.95 Advanced 2 CAD 

23.7 -20.23 1.63 1.02 13.94 Default 

23.7 -18.22 3.65 1.02 13.95 Retarded 2 CAD 

23.7 -16.24 5.63 1.02 13.97 Retarded 4 CAD 

2000-3 

21.3 -26.5 -3.48 0.88 11.61 Advanced 4 CAD 

21.3 -24.54 -1.51 0.88 11.61 Advanced 2 CAD 

21.3 -22.57 0.46 0.88 11.6 Default 

21.3 -20.55 2.47 0.88 11.59 Retarded 2 CAD 

21.3 -18.58 4.44 0.88 11.59 Retarded 4 CAD 

2000-5 
15.7 -27.77 -3.66 0.97 14.35 Advanced 4 CAD 

15.7 -25.81 -1.7 0.97 14.36 Advanced 2 CAD 
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15.7 -23.78 0.33 0.97 14.37 Default 

15.7 -21.79 2.32 0.97 14.36 Retarded 2 CAD 

15.7 -19.82 4.29 0.97 14.35 Retarded 4 CAD 
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Table D4.2 (b): Combustion and emission characteristics for B20 for conventional 
combustion study 

B20 Fuel 

Case 
SOC  Temp at SOC NOx  CO  Soot  BSFC  

f(x) Optimum(CAD 
ATDC) (K) (a.u.) (a.u.) (a.u.) (a.u.) 

1000-3 

10.25 1164.3 1.250  0.958  0.974  0.980  91.135   

12.25 1167.3 1.136  0.958  0.947  0.986  98.066   

14.5 1154.8 1.000  1.000  1.000  1.000  100.000   

16.75 1154.5 0.898  1.000  0.883  1.012  110.817  X 

20.5 1152.4 0.818  1.167  0.749  1.028  109.620   

1000-5 

6.75 1118.9 1.358  0.900  0.851  0.983  92.021   

8.75 1115.9 1.160  0.900  0.962  0.992  98.374   

10.5 1107.6 1.000  1.000  1.000  1.000  100.000   

12.75 1139 0.863  1.000  0.961  1.018  107.984  X 

15.25 1102.1 0.790  1.200  1.015  1.023  96.622   

1500-3 

9 1278.5 1.267  0.840  0.898  0.939  100.008   

10.5 1278.5 1.144  1.000  0.979  0.988  94.227   

13.5 1277.5 1.000  1.000  1.000  1.000  100.000   

16.5 1272.5 0.956  1.040  0.847  1.031  105.987  X 

18.5 1258.4 0.933  1.120  0.715  1.080  105.186   

1500-5 

6 1132.5 1.387  1.000  1.069  0.965  80.022   

7.75 1130.9 1.181  1.125  1.038  0.982  85.033   

10.25 1118.6 1.000  1.000  1.000  1.000  100.000  X 

12.25 1108 0.936  1.125  0.951  1.023  97.735   

14.25 1102.2 0.887  1.125  0.954  1.049  98.409   

2000-3 

6.75 1113.5 1.239  1.000  1.177  0.966  82.385   

8 1107 1.087  1.000  1.133  0.980  90.395   

10.25 1087 1.000  1.000  1.000  1.000  100.000   

12.75 1085.3 0.957  1.000  0.853  1.001  109.721  X 

14.5 1144.5 0.946  1.100  0.734  1.022  108.462   

2000-5 6.25 1190.1 1.385  1.000  0.978  0.988  82.475   
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8 1160.5 1.197  1.000  0.953  0.996  92.308   

11 1142.2 1.000  1.000  1.000  1.000  100.000  X 

12.75 1200.2 0.929  1.125  0.957  1.047  96.601   

15.25 1154.3 0.889  1.250  0.997  1.074  88.899   
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Table D4.3 (a): Test specifications for B50 for conventional combustion study 

B50 Fuel Standard EGR 

Case EGR (%) 
SOI (CAD 
ATDC) Injection Mass (mg/stk) 

Injection Strategy 
Pilot Main Pilot Main 

1000-3 

31.1 -19.62 -1.46 1.23 11.88 Advanced 4 CAD 

31.1 -17.69 0.49 1.22 11.96 Advanced 2 CAD 

31.1 -15.76 2.45 1.22 11.8 Default 

31.1 -13.76 4.43 1.22 11.95 Retarded 2 CAD 

31.1 -11.81 6.39 1.22 11.89 Retarded 4 CAD 

1000-5 

19.6 -20.05 -1.78 1.37 16.27 Advanced 4 CAD 

19.6 -18.13 0.14 1.37 16.25 Advanced 2 CAD 

19.6 -16.13 2.12 1.37 16.21 Default 

19.6 -14.1 4.15 1.37 16.26 Retarded 2 CAD 

19.6 -12.12 6.11 1.37 16.21 Retarded 4 CAD 

1500-3 

29.3 -23.09 -2.08 1.01 10 Advanced 4 CAD 

29.3 -21.11 -0.1 1.01 10.01 Advanced 2 CAD 

29.3 -19.2 1.85 1.01 10.22 Default 

29.3 -17.14 3.87 1.01 10.02 Retarded 2 CAD 

29.3 -15.17 5.84 1.01 10.02 Retarded 4 CAD 

1500-5 

21.4 -24.38 -2.41 1.02 14.37 Advanced 4 CAD 

21.4 -22.4 -0.38 1.02 14.59 Advanced 2 CAD 

21.4 -20.36 1.65 1.02 14.51 Default 

21.4 -18.36 3.64 1.02 14.49 Retarded 2 CAD 

21.4 -16.38 5.62 1.02 14.49 Retarded 4 CAD 

2000-3 

20.6 -26.56 -3.5 0.88 11.7 Advanced 4 CAD 

20.6 -24.59 -1.53 0.88 11.7 Advanced 2 CAD 

20.6 -22.6 0.45 0.88 11.68 Default 

20.6 -20.62 2.44 0.88 11.69 Retarded 2 CAD 

20.6 -18.66 4.4 0.88 11.71 Retarded 4 CAD 

2000-5 
15.6 -27.89 -3.65 0.98 14.67 Advanced 4 CAD 

15.6 -25.93 -1.69 0.98 14.66 Advanced 2 CAD 
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15.6 -23.93 0.32 0.98 14.69 Default 

15.6 -21.87 2.37 0.98 14.66 Retarded 2 CAD 

15.6 -19.91 4.33 0.98 14.67 Retarded 4 CAD 
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Table D4.3 (b): Combustion and emission characteristics for B50 for conventional 
combustion study 

B50 Fuel Standard EGR 

Case 
SOC  Temp at SOC NOx  CO  Soot  BSFC  

f(x) Optimum(CAD 
ATDC) (K) (a.u.) (a.u.) (a.u.) (a.u.) 

1000-3 

7.75 1170.2 1.222  1.000  1.030  0.979  88.611   

9.75 1170 1.037  1.000  1.049  0.984  96.519   

12 1166.7 1.000  1.000  1.000  1.000  100.000  X 

14.5 1164.6 0.824  1.167  0.964  1.026  99.444   

17.25 1147 0.741  1.333  0.855  1.035  96.839   

1000-5 

6.75 1126.9 1.387  1.000  1.009  0.971  81.930   

9 1126.2 1.170  1.000  1.065  0.990  89.231   

10.75 1124.6 1.000  1.000  1.000  1.000  100.000   

12.75 1104.3 0.912  1.000  0.990  1.020  103.826  X 

14.75 1098.1 0.794  1.250  1.014  1.042  92.869   

1500-3 

8.5 1290.5 1.277  0.826  1.012  0.956  94.125   

10.75 1283.6 1.138  0.826  1.020  0.963  101.334   

13 1282.6 1.000  1.000  1.000  1.000  100.000   

15.5 1258 0.957  1.043  0.904  1.027  103.130  X 

19 1255.8 0.883  1.174  0.811  1.042  102.542   

1500-5 

6 1095.5 1.381  1.000  0.967  0.952  84.247   

8.25 1108 1.143  1.000  1.026  0.968  93.100   

10 1102.8 1.000  1.000  1.000  1.000  100.000   

13 1101.6 0.918  1.000  0.907  1.009  108.626  X 

14.25 1058.5 0.870  1.125  0.842  1.025  105.769   

2000-3 

6.5 1135.9 1.291  0.909  0.942  0.972  92.501   

8.75 1129.5 1.086  1.000  0.973  0.976  98.046   

10.75 1100.7 1.000  1.000  1.000  1.000  100.000   

13.25 1112.7 0.965  1.091  0.956  1.007  98.784   

15.75 1104.8 0.971  1.182  0.783  1.018  100.232  X 

2000-5 5.75 1178.2 1.382  1.000  0.991  0.986  82.229   
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7.75 1175.3 1.164  1.000  0.984  0.994  92.744   

10 1173.9 1.000  1.000  1.000  1.000  100.000   

12.5 1168.7 0.920  1.000  0.993  1.016  103.485  X 

14.75 1157.1 0.844  1.125  0.991  1.033  99.318   
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Table D4.3 (c): Test specifications for B50 for conventional combustion study 

B50 Fuel Increased EGR 

Case EGR (%) 
SOI (CAD 
ATDC) Injection Mass (mg/stk) 

Injection Strategy 
Pilot Main Pilot Main 

1000-3 

33.1 -19.78 -1.57 1.22 12.08 Advanced 4 CAD 

33.1 -17.71 0.5 1.22 12.08 Advanced 2 CAD 

33.1 -15.72 2.44 1.22 11.84 Default 

33.1 -13.74 4.47 1.22 12.09 Retarded 2 CAD 

33.1 -11.79 6.38 1.22 11.86 Retarded 4 CAD 

1000-5 

21.6 -20.05 -1.81 1.35 15.81 Advanced 4 CAD 

21.6 -18.04 0.19 1.35 15.85 Advanced 2 CAD 

21.6 -16.1 2.14 1.36 16.04 Default 

21.6 -14.08 4.15 1.35 15.8 Retarded 2 CAD 

21.6 -12.15 6.09 1.36 15.89 Retarded 4 CAD 

1500-3 

31.3 -22.73 -1.74 1 9.66 Advanced 4 CAD 

31.3 -21.03 -0.04 1.01 9.91 Advanced 2 CAD 

31.3 -19.13 1.87 1.01 9.91 Default 

31.3 -17.16 3.85 1.01 9.99 Retarded 2 CAD 

31.3 -15.22 5.78 1.01 9.91 Retarded 4 CAD 

1500-5 

18.3 -20.31 1.66 1.02 14.35 Default 

20.1 -20.32 1.66 1.02 14.4 Default 

21.4 -20.36 1.65 1.02 14.51 Default 

24.2 -20.31 1.65 1.02 14.34 Default 

25.5 -20.32 1.66 1.02 14.39 Default 

2000-3 

16.7 -22.61 0.45 0.88 11.7 Default 

18.5 -22.61 0.45 0.88 11.7 Default 

20.6 -22.6 0.45 0.88 11.68 Default 

22.6 -22.61 0.45 0.88 11.7 Default 

24.3 -22.61 0.45 0.88 11.69 Default 

2000-5 
11.9 -23.93 0.32 0.98 14.67 Default 

13.8 -23.93 0.32 0.98 14.68 Default 
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15.6 -23.93 0.32 0.98 14.69 Default 

17.3 -23.93 0.32 0.98 14.67 Default 

19.1 -23.93 0.32 0.98 14.67 Default 
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Table D4.3 (d): Combustion and emission characteristics for B50 for conventional 
combustion study 

B50 Fuel Increased EGR 

Case 
SOC  Temp at SOC NOx  CO  Soot  BSFC  

f(x) Optimum(CAD 
ATDC) (K) (a.u.) (a.u.) (a.u.) (a.u.) 

1000-3 

7.75 1184 1.376  0.900  1.028  0.972  84.989   

9.75 1183.6 1.176  0.900  1.021  0.983  95.191   

12.25 1180 1.000  1.000  1.000  1.000  100.000   

14.75 1179.5 0.894  1.000  0.996  1.026  104.074  X 

17.75 1172.4 0.776  1.250  0.829  1.033  102.026   

1000-5 

7.5 1143.4 1.378  1.000  0.998  0.991  82.006   

9.75 1127.4 1.122  1.000  1.038  0.998  92.355   

11.5 1126.9 1.000  1.000  1.000  1.000  100.000  X 

13.75 1125.7 0.823  1.200  1.013  1.023  95.479   

15.75 1124.1 0.748  1.500  1.032  1.051  80.343   

1500-3 

8.5 1284.5 1.227  0.917  1.039  0.956  92.143   

10.75 1284.5 1.091  0.958  1.030  0.964  97.570   

13 1279.2 1.000  1.000  1.000  1.000  100.000  X 

15.75 1263.2 0.909  1.167  0.960  1.023  96.265   

19.25 1257.7 0.818  1.375  0.829  1.068  91.189   

1500-5 

8.75 1108.7 1.277  1.000  0.863  0.989  91.885   

9 1105.3 1.097  1.000  0.975  0.993  96.613   

9.25 1102.8 1.000  1.000  1.000  1.000  100.000  X 

9.5 1098.5 0.857  1.125  1.042  1.006  97.571   

9.75 1097.1 0.712  1.250  1.070  1.009  94.514   

2000-3 

8 1106.9 1.137  0.917  0.960  0.982  99.492   

8.5 1104.2 1.073  1.000  0.990  0.983  97.603   

8.75 1100.7 1.000  1.000  1.000  1.000  100.000   

9.5 1097.3 0.946  1.000  1.010  1.002  102.098  X 

10.25 1095 0.882  1.083  1.064  0.998  98.053   

2000-5 7.75 1178.8 1.160  0.875  0.972  1.024  97.466   
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8.25 1176.2 1.058  1.000  0.991  1.017  96.712   

8.75 1173.9 1.000  1.000  1.000  1.000  100.000   

9 1170.1 0.907  1.000  1.062  1.015  100.460  X 

9.25 1166.3 0.849  1.000  1.143  1.032  97.739   
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Table D4.4 (a): Test specifications for B100 for conventional combustion study 

B100 Fuel Standard EGR 

Case EGR (%) 
SOI (CAD 
ATDC) Injection Mass (mg/stk) 

Injection Strategy 
Pilot Main Pilot Main 

1000-3 

29.4 -19.88 -1.57 1.26 13.17 Advanced 4 CAD 

29.4 -17.74 0.42 1.27 13.2 Advanced 2 CAD 

29.4 -15.77 2.38 1.26 12.96 Default 

29.4 -13.79 4.37 1.26 13.11 Retarded 2 CAD 

29.4 -11.84 6.31 1.26 13.13 Retarded 4 CAD 

1000-5 

19.2 -20.24 -1.91 1.37 16.52 Advanced 4 CAD 

19.2 -18.25 0.07 1.37 16.42 Advanced 2 CAD 

19.2 -16.27 2.07 1.37 16.55 Default 

19.2 -14.19 4.16 1.37 16.61 Retarded 2 CAD 

19.2 -12.4 5.91 1.37 16.35 Retarded 4 CAD 

1500-3 

29 -23.19 -2.12 1.04 11.32 Advanced 4 CAD 

29 -21.36 -0.13 1.02 11.33 Advanced 2 CAD 

29 -19.42 1.82 1.01 11.1 Default 

29 -17.5 3.78 1.01 11.33 Retarded 2 CAD 

29 -15.53 5.75 1.01 11.31 Retarded 4 CAD 
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Table D4.4 (b): Combustion and emission characteristics for B50 for conventional 
combustion study 

B100 Fuel Standard EGR 

Case 
SOC  Temp at SOC NOx  CO  Soot  BSFC  

f(x) Optimum(CAD 
ATDC) (K) (a.u.) (a.u.) (a.u.) (a.u.) 

1000-3 

8 1082.7 1.271  0.893  1.378  1.000  75.327   

10.25 1077.9 1.082  0.964  1.318  0.991  82.968   

12 1077.7 1.000  1.000  1.000  1.000  100.000   

14.5 1063.1 0.812  1.071  0.997  1.035  103.308  X 

17.5 1046.9 0.659  1.214  1.001  1.063  98.989   

1000-5 

6.5 1058.4 1.354  1.000  0.962  0.997  84.155   

8.75 1072.9 1.024  1.125  1.006  0.999  92.472   

10.5 1051 1.000  1.000  1.000  1.000  100.000  X 

12.75 1045 0.989  1.000  1.128  1.013  93.552   

14.5 1037.1 0.631  1.500  1.137  1.063  78.858   

1500-3 

7.75 1145 1.413  0.762  1.258  0.953  78.944   

10 1132.2 1.215  0.857  1.487  0.981  74.296   

13 1122.9 1.000  1.000  1.000  1.000  100.000   

15.5 1110.6 0.917  1.095  0.816  1.046  105.228  X 

18.5 1108.9 0.785  1.238  0.755  1.076  103.149   
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Table D4.4 (c): Test specifications for B100 for conventional combustion study 

B100 Fuel Increased EGR 

Case EGR (%) 
SOI (CAD 
ATDC) Injection Mass (mg/stk) 

Injection Strategy 
Pilot Main Pilot Main 

1000-3 

34.4 -19.81 -1.61 1.22 12.1 Advanced 4 CAD 

34.4 -17.79 0.42 1.22 12.1 Advanced 2 CAD 

34.4 -15.75 2.46 1.22 12.1 Default 

34.4 -13.78 4.43 1.22 12.1 Retarded 2 CAD 

34.4 -11.81 6.39 1.22 12.09 Retarded 4 CAD 

1000-5 

24.2 -20.19 -1.97 1.34 15.52 Advanced 4 CAD 

24.2 -18.21 0.01 1.34 15.44 Advanced 2 CAD 

24.2 -16.01 2.2 1.33 15.28 Default 

24.2 -14.23 3.98 1.33 15.3 Retarded 2 CAD 

24.2 -12.18 6.02 1.33 15.26 Retarded 4 CAD 

1500-3 

34 -23.17 -2.13 1.02 10.61 Advanced 4 CAD 

34 -21.26 -0.13 1.01 10.56 Advanced 2 CAD 

34 -19.29 1.82 1.02 10.74 Default 

34 -17.27 3.86 1.01 10.6 Retarded 2 CAD 

34 -15.21 5.85 1.01 10.27 Retarded 4 CAD 
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Table D4.4 (d): Combustion and emission characteristics for B50 for conventional 
combustion study 

B100 Fuel Increased EGR 

Case 
SOC  Temp at SOC NOx  CO  Soot  BSFC  

f(x) Optimum(CAD 
ATDC) (K) (a.u.) (a.u.) (a.u.) (a.u.) 

1000-3 

8.5 1128.5 1.425  0.917  1.341  0.978  71.117   

11 1106.3 1.175  0.917  1.167  0.978  88.128   

13.75 1102.2 1.000  1.000  1.000  1.000  100.000   

16 1101.3 0.800  1.139  0.917  1.019  104.797  X 

19.75 1075.3 0.625  1.417  0.933  1.107  89.031   

1000-5 

7.25 1082.4 1.564  1.000  0.879  0.985  77.062   

8.75 1078 1.307  0.909  0.913  0.989  91.999   

11.5 1073.4 1.000  1.000  1.000  1.000  100.000  X 

13 1054.6 0.914  1.182  0.999  1.033  93.047   

15.5 1040.8 0.793  1.273  1.088  1.073  87.269   

1500-3 

8.75 1218.5 1.412  0.741  1.362  0.952  75.421   

11 1199.9 1.250  0.741  1.557  0.961  73.265   

13.75 1198.5 1.000  1.000  1.000  1.000  100.000   

16.25 1196.6 0.941  1.037  0.919  1.020  103.997  X 

20.25 1182 0.926  1.519  0.872  1.141  76.531   

 

 

  



316 
 

Table D4.5 (a): Test specifications for B100 for low temperature combustion study 

Case EGR (%) 
SOI (CAD ATDC) Injected Mass (mg/stk) 

Injection Strategy 
Pilot Main Previous Main 

1000-2 

1.039 -16.3 2.58 1.07 9.5 Default 

29.639 -16.3 2.58 1.07 9,49 Default 

37.785 -16.3 2.58 1.07 9.5 Default 

47.578 -16.3 2.58 1.06 9.43 Default 

1000-3 

2.017 -15.69 2.43 1.24 12.39 Default 

17.324 -15.69 2.43 1.24 12.38 Default 

24.926 -15.69 2.43 1.24 12.32 Default 

31.968 -15.69 2.43 1.22 12.1 Default 

38.408 -15.69 2.43 1.22 12.08 Default 

40.986 -15.69 2.43 1.22 12.08 Default 

47.77 -15.69 2.43 1.22 12.08 Default 

52.25 -15.69 2.43 1.22 12.08 Default 

54.212 -15.69 2.43 1.22 12.08 Default 

52.25 -15.69 2.43 1.22 12.08 Default 

51.277 -18.01 0.2 1.22 12.08 Early Injection 

51.297 -13.32 5 1.22 12.08 Late Injection 

52.143 -15.75 2.46 0.8 12.5 Min Pre-injection 

47.602 -15.75 2.46 0.8 12.5 Min Pre-injection 

1000-5 

0.358 -16.18 2.11 1.37 16.37 Default 

11.504 -16.18 2.11 1.37 16.35 Default 

17.047 -16.18 2.11 1.37 16.32 Default 

23.854 -16.18 2.11 1.37 16.34 Default 

27.923 -16.18 2.11 1.37 16.35 Default 

35.001 -16.18 2.11 1.37 16.35 Default 

38.605 -16.18 2.11 1.37 16.34 Default 

41.737 -16.18 2.11 1.37 16.34 Default 

35.001 -16.18 2.11 1.37 16.35 Default 

36.196 -10.82 7.46 0.8 16.91 Late Injection 
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Table D4.5 (a) continued 

1000-7 

0.531 -18.76 1.32 1.44 20.44 Default 

32.614 -10.55 9.41 0.8 20.94 Late Injection 

28.485 -10.57 9.4 0.8 20.95 Late Injection 

1500-5 

0.142 -20.55 1.55 1.02 15.21 Default 

24.643 -20.55 1.55 1.02 15.32 Default 

32.191 -20.55 1.55 1.02 15.23 Default 

33.063 -20.55 1.55 1.02 15.28 Default 

37.665 -20.55 1.55 1.02 15.28 Default 

42.993 -20.55 1.55 1.02 15.24 Default 

42.993 -20.55 1.55 1.02 15.24 Default 

40.975 -15.18 6.94 0.8 15.51 Late Injection 

40.178 -16.18 5.94 0.8 15.52 Late Injection 

2000-5 

0.726 -24.08 0.28 1 14.99 Default 

30.889 -24.08 0.28 1 15 Default 

46.755 -24.08 0.28 1 14.98 Default 

30.889 -24.08 0.28 1 15 Default 

33.316 -18.43 5.91 0.8 15.12 Late Injection 

 

  



318 
 

Table D4.5 (b): Combustion and emission characteristics for B100 for low temperature 
combustion study 

Case 
SOC  Temp at 

SOC NOx  Soot  BSFC  
f(x) Maximu

m (CAD 
ATDC) (K) (a.u.) (a.u.) (a.u.) 

1000-2 

9.25 1157.2 1.000  1.000  1.000  100.000   

10.5 1124 0.239  1.029  1.003  141.393   

10.75 1111.8 0.094  1.060  1.077  130.929   

13 1106.5 0.037  0.604  1.236  158.378  X 

1000-3 

8 1164.7 1.000  1.000  1.000  100.000   

 0.651  1.043  0.998  119.647   

9.5 1140.2 0.312  1.159  1.019  121.072  X 

  0.190  1.176  1.045  119.527   

10 1114.9 0.131  1.331  1.056  103.256   

  0.089  1.357  1.069  100.248   

11.75 1068.9 0.048  1.476  1.132  86.675   

12.75 1045.3 0.027  1.385  1.203  89.104   

  0.027  1.580  1.298  71.773   

12.75 1045.3 0.027  1.385  1.203  89.104   

10 1024.9 0.032  1.581  1.142  78.871   

16 1002.8 0.022  0.658  1.359  131.589   

15.5  0.035  0.744  1.191  152.005  X 

13.25 976.7 0.026  0.730  1.270  139.679    

1000-5 

8.25 1145 1.000  1.000  1.000  100.000   

 0.654  1.361  1.013  107.065   

8.5 1099.3 0.514  1.407  1.026  108.206  X 

 0.245  2.020  1.058  66.808   

9.25 1069.1 0.168  2.900  1.070  35.445   

9.5 1063.5 0.128  3.132  1.102  30.539   

10 1042.8 0.098  3.440  1.121  25.505   

 0.071  3.440  1.188  25.186   
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9.5 1063.5 0.128  3.132  1.102  30.539   

17.25 1005.7 0.083  1.963  1.273  63.333  X 
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Table D4.5 (b) continued 

1000-7 

6.5 1154.8 1.000  1.000  1.000  100.000  X 

  0.059  1.717  1.323  63.803   

17.5 1098.1 0.078  1.653  1.208  71.482   

1500-5 

8.5 1185.3 1.000  1.000  1.000  100.000   

8.75 1150.3 0.409  1.395  1.066  109.826  X 

 0.234  1.887  1.089  73.414   

9.25 1130.3 0.209  2.182  1.095  57.989   

 0.132  2.567  1.122  43.593   

10 1072.3 0.095  3.899  1.168  19.928   

10 1072.4 0.095  3.899  1.168  19.928   

17.25 1023.3 0.081  1.407  1.306  94.616  X 

16 1064.1 0.085  1.692  1.256  78.727   

2000-5 

7 1224.8 1.000  1.000  1.000  100.000  X 

8.5 1226.8 0.243  2.853  1.065  32.133   

10 1268.5 0.114  5.585  1.146  9.226   

8.5 1226.8 0.243  2.853  1.065  32.133   

17 1189.6 0.148  2.230  1.200  46.626  X 
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E. LASER DIAGNOSTICS OF BIODIESEL COMBUSTION IN THE 
OPTICAL ENGINE 

 
1. Introduction 

Because of limited oil resources in the world, designing a new engine with higher fuel 
efficiency is always a goal for automotive engineers. In addition, due to the increased concerns 
over environmental issues, the emission standards are becoming more and more stringent. The 
automotive industries are experiencing great pressure to meet increasingly restrictive Tier II 
emission regulations issued by the federal government [1].  

Compared with gasoline engines, High-Speed Direct Injection (HSDI) diesel engines offer 
about 30% to 40% higher thermal efficiency as shown in Fig. 1.1. In other words, HSDI-diesel-
engine-powered vehicles consume about 30-40% less fuel during their operating life. 
Meanwhile, low fuel consumption means less greenhouse gas is in the exhaust, which helps to 
reduce global warming effects. Therefore, HSDI diesel engines are becoming attractive 
candidates for the power source of light duty vehicles.  On the other hand, the emission standards 
in the near future require near zero emissions of both Oxides of Nitrogen (NOx) and Particulate 
Matter (PM). The HSDI diesel engines must reduce the NOx and soot emissions in order to meet 
the emission regulations effective in 2007 and 2010 as shown in Fig.1.2. 

The emission characteristics of conventional diesel combustion are well known with a 
tradeoff between NOx and soot. It is difficult to reduce the two emissions simultaneously. To 
overcome this problem, new combustion modes have been proposed and investigated to achieve 
simultaneous reduction in both emissions. The new combustion mode is called low-temperature 
combustion. By lowering the flame temperature it is possible to reduce the soot and NOx 
emissions with little penalty on fuel efficiency. However, no matter how high the thermal 
efficiency of the engines is, the limited fossil fuel resources will be used up in the future. Sooner 
or later, alternative fuels will take over. Bio-diesel is a renewable alternative fuel obtained from 
various feedstocks and shows potential to meet future energy needs. Therefore, the focus of the 
current work was to investigate low emission combustion modes in an HSDI diesel engine as 
well as to study the combustion characteristics of the future-oriented bio-diesel fuels.  

The remainder of this thesis is organized as follows.  First of all, a literature review is 
presented focusing on the evolution of the new combustion mode, the principles and application 
of different diagnostic techniques including Natural Flame Emission (NFE), Mie-scattering 
technique, Laser-Induced Exciplex Fluorescence (LIEF), and light extinction, and diesel 
combustion using bio-diesel fuel.  This review provides the reader with a background on 
previous and current research in these fields.  Secondly, the experimental objectives and the 
employed diagnostic techniques of the current research are presented. Following that, 
descriptions of the experimental facility and the setup of the diagnostic techniques are provided.  
The results from the optical engine experiments are subsequently presented, and are organized 
into three major chapters: low temperature combustion, narrow angle direct injection technique, 
and bio-diesel fuel combustion. Finally, conclusions from the work are presented as well as some 
recommendations for future work. 
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2. Literature Review 
With increased worldwide concerns of the energy and environmental issues, the demand of 

high thermal efficiency and low emission engines is on the rise. Due to higher thermal efficiency 
and better reliability, diesel engines dominate the power source market in large power 
requirement circumstances like electricity generation, locomotive engines, marine engines, and 
etc., which also brought new blood to the industrial revolutionary in the past two centuries. 
However, in the small power station market, Spark Ignition (SI) or gasoline engines rule the 
market of passenger’s cars. As more concerns arose in the society about environments, especially 
the so-called greenhouse effect, people are turning their focus onto low CO2 emission power 
sources. High Speed Direct Injection (HSDI) diesel engines are becoming promising candidates 
for the near future in light duty vehicles including passenger’s cars. Small bore direct injection 
diesel engines were developed by many passenger’s car manufacturers in the world in recent 
years [2-9]. Current HSDI diesel engines offer comparable performance in terms of noise, power 
density, and drivability to the state-of-the-art SI engines. However, in order to become a strong 
competitor to an SI engine with a three-way catalyst converter, emissions of HSDI diesel engines 
must be reduced to meet the future emission regulations [1]. Although the current diesel engines 
have achieved great success in noise and emission reduction by employing the cutting-edge 
technologies including the latest electronics and sophisticated fuel injection system, technology 
breakthrough still provides more space to make a full use of their potential. Conventional Spark 
Ignition concept and Compression Ignition (CI) mode could not meet the stricter emission 
regulations on their own. New combustion concept and technology are necessary to solve these 
problems.  

The Homogeneous Charge Compression Ignition (HCCI) concept is a promising technique to 
meet the requirements to a certain extent. The concept was studied in the 1970’s [10-11]. It is a 
hybrid operating combustion mode between the SI and CI engines. Compared to SI engines, this 
concept preserves the homogeneous charge, but instead it employs an auto-ignition process 
without a spark plug. Compared to CI engines, it has a more uniform mixture before spontaneous 
ignition. The combination of these two combustion modes makes it a unique measure to keep 
high thermal efficiency and reduce Oxides of Nitrogen (NOx), CO and Hydrocarbon (HC) in SI 
engines as well as reduce Particulate Matter (PM) and NOx in diesel engines. The HCCI 
combustion mode has a two-stage auto-ignition process. The first stage is a cold flame chemical 
reaction with low combustion temperature and the second is thermal flame combustion. 
Emissions are mostly generated in the second stage. Such a combustion process is also called 
low temperature combustion, which is a broader concept than the HCCI combustion mode. The 
HCCI combustion mode is a subset of low temperature combustion. Although the HCCI 
combustion mode shows promising potential to meet the future emission regulations, some 
problems still remain to be solved including increased CO and Total Hydrocarbon (THC) 
emission, ignition controllability, and operating range limitations. Because of the low volatility 
of diesel fuel, longer time and higher ambient temperature are required for droplet vaporization, 
and the problem becomes more severe for HSDI diesel engines.  

In the following sections, the concept and implementation of the HCCI combustion mode 
will be reviewed, and the issues for HCCI combustion will be addressed. Before discussing about 
low temperature combustion, a brief introduction of conventional diesel combustion is helpful. 
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2.1 Conventional Diesel Combustion in Direct Injection Diesel Engines  
Since the invention of diesel engines [12], the operating principle has not changed much for 

more than one hundred years. Because of higher thermal efficiency, direct injection diesel 
engines are taking over the market of other combustion chamber designs in modern diesel 
engines. In a direct injection diesel engine, air is inducted into the engine cylinder and 
compressed by a piston. At the near Top Dead Center (TDC) location, a high temperature and 
high pressure environment is generated in the cylinder and fuel is injected into the cylinder. Due 
to high temperature, fuel evaporates and auto-ignites by chemical heat release process, which is 
the main difference from combustion in SI engines with a spark initiation. Combustion processes 
in gasoline engines are often known as Spark Ignition combustion, while they are called 
Compression Ignition combustion in diesel engines. After the combustion ensues, the combusted 
gas expands and outputs work to the piston. As shown in Ref. [13], the conventional diesel 
combustion has a typical diffusion combustion process with bright luminous flame attributed to 
soot radiation. Spray compression-ignition diffusion combustion is an unsteady, heterogeneous, 
three-dimensional process that is extremely complex.  A common tool used to quantitatively 
describe this process is a heat release rate diagram [13]. The heat release rate is obtained based 
on the first law analysis and often known as the apparent heat release rate showing the difference 
between the chemical heat release and the heat transfer from the hot combusted gas to the wall. 
A typical heat release rate diagram for a direct-injection Diesel engine is shown in Fig. 2.1 [13]. 
From the heat release rate curve, the combustion process can be divided into four stages. The 
first stage is from the Start of Injection (SOI) to the auto-ignition timing, called ignition delay 
period; the second is from ignition timing to the local minimum after the first heat release rate 
peak, called premixed combustion phase or rapid combustion phase; the third is called mixing-
controlled combustion phase due to the fact that the combustion rate is limited by the air-fuel 
mixing process; and the fourth is called late combustion phase. Decreasing the ignition delay 
leads to a lower premixed heat release rate peak, which benefits combustion noise due to lower 
in-cylinder pressure increase rate; on the other hand, more fuel is burnt in diffusion flame 
resulting in more soot emissions. The latest description of a diesel jet combustion can be found 
in an excellent summary by Dec and coauthors [14-15], where a conceptual model of diesel jet 
combustion in the absence of wall interaction and swirl was presented. After the fuel is injected 
into the hot ambient air, it evaporates by air heating and forms a sheath in the periphery of the 
liquid jet. Air fuel mixture encloses the jet as fuel penetrates. Auto-ignition occurs in the 
downstream portion of the jet in multiple points as indicated by chemiluminescence imaging. At 
the same time, Poly-cyclic Aromatic Hydrocarbon (PAH), a precursor of soot, is generated. The 
premixed combustion is mainly due to the heat release from the fuel rich mixture in the leading 
portion of the jet. During the premixed combustion phase, soot particles form in the cross section 
of the fuel jet downstream portion. Meanwhile a diffusion flame starts at the periphery of the jet 
between the fuel rich premixed burning zone and the surrounding air. At the end of premixed 
combustion phase, the main soot zone forms at the leading edge of the jet and the combustion 
transits to purely mixing controlled combustion phase. In this phase, the jet structure and soot 
distribution are nearly fully developed or called quasi-steady as shown in Fig. 2.2 [15]. Most of 
the soot forms in the mixing controlled combustion phase. After the end of injection, part of soot 
is oxidized and only a small portion goes out to the exhaust. NO also forms in the late part of 
mixing controlled combustion phase or after. NO formation is mostly because of the high 
temperature in the diffusion flame zone with a mixture of nearly stoichiometric conditions. 
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Pollutant emissions from diesel engines include oxides of nitrogen (NOx, mainly composed 
of NO and NO2), Particulate Matter (PM, mainly soot), Unburned HydroCarbon (UHC), carbon 
monoxide (CO), Soluble Organic Fraction (SOF), and etc.. Because of the overall lean 
combustion for diesel engines, UHC and CO emissions are generally lower than those of SI 
engines.  The most important regulated emissions for diesel engines are NOx and PM. As shown 
in the conceptual model for mixing controlled combustion, NOx emissions form mostly in high 
temperature combustion gases with an air-fuel mixture close to the stoichiometric conditions. For 
conventional diesel combustion, the premixed burned gases are generally compressed further to 
reach an even higher temperature causing NOx production. At the same time, the backward 
reaction also occurs with NOx decomposition back to N and O atoms. With the piston expansion 
and mixing of the high temperature gas with remained air or cooler burned gas, the NOx 
decomposition reaction freezes. Consequently, the frozen NOx goes to the exhaust with much 
higher concentration than the equilibrium NOx level at the exhaust gas temperature. The second 
factor for diesel engines is of more effects than that in the SI engines, which leads to more NOx 
frozen in diesel engines. In diesel engines, the NOx formation is mainly due to the so-called 
thermal NO formation, which can be illustrated by the famous “Zoldovich-mechanism” through 
the following three reactions [16]: 

NNONO +↔+ 2                                                                                         (2.1) 

ONOON +↔+ 2                                                                                          (2.2) 

and 

HNOOHN +↔+ .                                                                                      (2.3) 

This mechanism indicates that NO formation is relevant to high temperature. Considerable NO 
can be formed if oxygen containing combustion products are exposed to temperature greater than 
1600 K for some second or 2000 K for a few milliseconds.  

The mechanism for soot formation in diesel engines or diffusion flame combustion is still 
somewhat unknown. It is often believed that soot particles are generated in the locally rich 
regions with high temperature causing thermal cracking of fuel. It occurs in an environment with 
temperatures between 1000 and 2800 K and pressures in the range of 50 to 100 atmospheres.  
There is a considerable agreement of the general process for soot formation [17], which includes: 
1). Formation of molecular precursor of soot: The first observed particles arise from the 
oxidation and/or pyrolysis of fuel molecules, which is the process of breakdown and 
rearrangement of the actual fuel molecule.  Pyrolysis of the fuel molecules results in formation of 
soot precursors, such as acetylenes and its higher analogues and polycyclic aromatic 
hydrocarbons (PAH).  These heavy PAHs are often of molecular weight 500-1000 amu; 2). 
Nucleation or inception of particles from heavy PAH molecules: First soot particles are formed 
through condensation reactions and polymerization, and finally dehydrogenation occurs, which 
lowers the H/C ratio of the molecule. The nascent soot particles have a molecular mass of about 
2000 amu and an effective diameter of about 1.5 nm;  3). Mass growth of soot particles by 
addition of gas phase molecules: The nascent soot particles grow through the addition of gas 
phase species such as acetylene and PAH, including PAH radicals. This process does not 
influence the number of soot particles; 4). Coagulation via reactive particle-particle collisions: 
The sticking collisions between soot particles significantly increase the soot particle size and 
reduce the soot particle number without changing the soot total mass; 5). Carbonization of 
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particulate material: This process converts the initially amorphous soot particles to a more 
graphite carbon material; 6). Soot oxidation: During the soot formation process, the soot 
oxidation occurs throughout the stages of precursor, nuclei, and particle formation. It is observed 
from engine experiments that a large fraction of soot is oxidized in the cylinder before the 
exhaust process commences. There is a dynamic balance of soot formation and soot oxidation 
processes during the mixing controlled combustion. At the early stage of combustion, namely the 
premixed phase and the first part of the mixing controlled combustion, soot formation rate is 
often higher than the soot oxidation rate leading to soot concentration increase in the cylinder. 
During the later part of mixing controlled combustion after the end of injection and the late cycle 
combustion stage, soot oxidation rate is higher than the formation rate resulting in soot 
concentration decrease. The rate of soot oxidation depends on the diffusion of reactants and 
products from the surface as well as kinetics of the reaction. Many species observed in or near 
the combustion flame are available to oxidize the soot particles, such as O2, O, OH, CO2, and 
H2O [13].  For small soot particles less than 1 um diameter, the oxidation rate is controlled by 
reaction kinetics. However, for larger soot particles or agglomerates, the oxidation rate is limited 
by the surface diffusion process. For late cycle soot oxidation, gas temperature also plays an 
important role, increasing temperature generally increase oxidation rate with less soot left going 
to the exhaust. There is about a few thousandth of the initially formed mass of soot not 
completely oxidized and entering the diesel exhaust gases [18]. It is shown that the soot particle 
size distribution depends weakly on the operating conditions and type of engines with a mean 
particle diameter about 200-300 Å.  

In order to reduce NOx, Exhaust Gas Re-circulation (EGR) is a common and effective 
measure in engines due to low combustion flame temperature with less O2 concentration. 
However, increasing the EGR rate in conventional diesel combustion mode generally increases 
soot emissions because of lower late cycle soot oxidation. This is often referred as the NOx and 
soot tradeoff in conventional diesel combustion. As a consequence, it is quite difficult for the 
conventional diesel combustion mode to reduce both NOx and soot simultaneously to meet the 
more stringent emission regulations. 

 

2.2 Homogeneous Charge Compression Ignition (HCCI) Combustion 
The HCCI combustion mode is a combustion concept greatly different from the conventional 

diesel combustion as discussed before. The basic idea is to form a more uniform, ideally 
homogeneous, air-fuel mixture before auto-ignition starts. Thus the diffusion flame will be 
eliminated during the chemical reaction and the fuel is mostly burnt in a premixed combustion 
mode. As shown in the conceptual mode, diffusion flame is a source of high temperature, 
especially with a nearly stoichiometric mixture, and high temperature is a necessary condition for 
soot and NO formation. Therefore, the emissions, especially NO and PM for diesel engine, will 
be greatly reduced for HCCI combustion. 

 

2.2.1 Early HCCI Investigations 
The earliest work related to HCCI combustion in the literature is an SAE paper published in 

1958 [19]. In this work, the author introduced a portion of diesel fuel into the intake manifold in 
the form of fine mist. The experiments in swirl-chamber and open-chamber engines resulted in 



327 
 

up to 80% smoke reduction, shorter ignition delay, and lower maximum pressure rise rate. 
However, this pioneer work did not receive much attention by many researchers at that time. In 
1975, a new combustion method, called LAG-process, where the main mixture combustion was 
initiated by incomplete combustion products with high chemical activity, was proposed by 
Gussak [20]. The new method adopted a pre-chamber torch incomplete combustion. The high 
chemical activity gases from the torch mixed with the mixtures in the main combustion chamber 
and quickly initiated the combustion of the main mixture. The almost completely branched chain 
reaction occurred simultaneous in all of the multiple kernels with a quasi-homogeneous ignition 
in the whole combustion chamber. The work actually brought up a technique to implement 
homogeneous charge combustion. The chemical reaction occurring in the HCCI combustion 
engines is quite similar to this process except that the high chemical activity gases are formed by 
piston compression with longer reaction time under low ambient temperature environment. The 
application in a prechamber internal combustion engine was discussed in a later paper [21].  

When talking about HCCI combustion, researchers in the engine community often refer to 
the following two investigations. Onishi, Hong Jo, Shoda, Do Jo, and Kato investigated this new 
combustion concept in 1979 [10] in their study of combustion within a two-stroke SI engine. In 
their paper the process was called Active Thermo-Atmospheric Combustion (ATAC). They 
showed that ATAC was a new lean combustion mode different from traditional SI and CI 
engines, where ATAC combustion occurred spontaneously at many points and the air-fuel 
mixture was uniform. The auto-ignition was initiated by the residual gas with high gas 
temperature. The process was feasible in two stroke SI engines with stable operations and fire 
missing could be avoided. Emissions from the new combustion were expected to be 
tremendously reduced. Another research group proposed a similar concept in the same year [11], 
but it was called TS (Toyota-Soken) combustion. Their studies were also conducted in a two-
stroke engine with horizontally opposed pistons. A special technique was used to make the fresh 
mixture contact with the hot residual gas to accelerate the auto-ignition. Radicals like CHO, 
HO2, and O were found before self-ignition. It was observed that in TS combustion, the ignition 
started at numerous points around the combustion center and flame spreads in all direction. 
Through temperature measurement in the cylinder, they found that TS combustion could occur in 
lower temperature and pressure environment than those in conventional diesel engines. Note that 
both works are in two-stroke engines. The reason is that the residual gas fraction for two-stroke 
engine is higher than that of four-stroke engines, which results in a high temperature mixture due 
to the incomplete scavenging process and forms a favorable environment for spontaneous 
ignition. 

A study in four-stroke engines was done by Najt and Foster [22] in 1983. The combustion 
was named Compression Ignition Homogeneous Charge (CIHC). The mechanism behind the 
observed combustion phenomenon was studied and proposed. They adopted high Exhaust Gas 
Re-circulation (EGR) ratio in the intake and therefore made a high temperature mixture to 
initiate the auto-ignition. Three different fuels with different Octane numbers were used. Their 
results showed that the ignition process was controlled by low temperature (950K) hydrocarbon 
oxidation kinetics. The energy release process was controlled by high temperature (above 
1000K) hydrocarbon oxidation. Thus, the HCCI combustion heat release is often known as a 
two-stage heat release process as discussed later using the low temperature combustion 
mechanism. Fuels of low octane number were more likely to be ignited. Further investigation in 
a four-stroke engine was done by Thring [23]. He called the combustion Homogeneous Charge 
Compression Ignition (HCCI), which is commonly used in the engine research community 
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currently. The homogeneous mixture was preheated by EGR, or some heating equipment, or 
both. The author showed that HCCI combustion could give a comparable thermal efficiency to 
diesel engines. High EGR rate and high intake temperature were necessary conditions to have 
HCCI combustion. The author suggested the two-mode operation concept in SI engines: under 
idle and low load conditions, HCCI combustion was used to obtain better fuel economy, while in 
high load conditions switching back to conventional gasoline combustion for good specific 
power density. 

From the above discussion, it is known that HCCI combustion has a spontaneous self-
ignition in multi-points under a low temperature chemical reaction and a high temperature 
thermal reaction heat release with extremely low emissions in soot and NOx compared to 
conventional SI or CI engines. Due to these features, this process is also similar to the knock 
combustion in internal combustion engines. More specifically, it is a controlled knock 
combustion or controlled explosion in the combustion chamber [24]. 

 

2.2.2 HCCI Combustion in SI Engines 
Because earlier studies of the HCCI combustion were mostly in SI engines, for completeness, 

a brief introduction of HCCI combustion in SI engines is illustrated first. Although these 
important investigations were conducted more than 20 years ago, there was not enough attention 
paid to them. One reason is attributed to technical difficulties. The other may be the less stringent 
emission regulations back then. Until recent years, because of the environmental concerns and 
more stringent emission regulations, this combustion mode has become a hot research topic in 
engine communities not only in gasoline engines but also in diesel engines. 

Ishibashi and Asai studied the HCCI-like combustion in a two-stroke motor engine [25]. The 
exhaust valve was modified to implement HCCI combustion and it was called Activated Radical 
Combustion (ARC) valve. They showed fuel efficiency increase and HC emission reduction. The 
HCCI combustion was studied by Lavy et al. [26] in a rapid compression machine to study the 
influences of different parameters. The experiments were also done in a two-stroke engine using 
an ARC valve to implement the HCCI combustion. Some preliminary investigations were carried 
out in a four-stroke engine by varying valve actuation setting. Results showed impressive NOx 
reduction. Marriott and Reitz [27] applied a direct-injection gasoline system to a heavy-duty 
diesel-type engine to study the effects of charge stratification on the performance of premixed 
compression ignited combustion. They showed that stratification could lead to an improvement 
in combustion efficiency due to a significant decrease in Un-burnt Hydrocarbon (UHC) 
emissions. However, NOx emission from fuel stratification is higher than the load equilibrated 
homogeneous operations. There was a trade-off between NOx emissions and combustion phasing 
control flexibility. Zhao et al. [28] used Variable Camshaft Timing (VCT) technique to control 
the residual mass fraction and thus implement Controlled Auto-Ignition (CAI). 

In a brief summary, HCCI in SI engines can be implemented by the following measures: A. 
Direct intake heating; B. Higher compression Ratio; C. More auto-ignitable fuel, namely lower 
Octane number fuel; D. Recycling of burnt gases; E. injection system modification. The fourth 
method can be realized through increased EGR rate or changing valve timing to increase the 
residual mass fraction to raise the mixture temperature. 
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2.2.3 HCCI Combustion in Diesel Engines 
Although HCCI combustion have been studied for many years, the application of the HCCI 

concept in diesel engines started only about a decade ago. Due to the lower volatility of diesel 
fuel, it is more difficult to form a homogeneous charge before spontaneous ignition. Some 
commonly used measures for fuel introduction include port fuel injection, very early in-cylinder 
fuel injection during compression stoke, late injection, and combination of early injection and 
late injection. In order to promote air-fuel mixing and elongate ignition delay, high Swirl Ratio 
(SR) and heavy EGR are often employed, especially in high speed small bore diesel engines.  

 

2.2.3.1 HCCI Combustion Using Air-fuel Mixture Formed in the Intake 
In order to prepare homogeneous charge in the engine cylinders, a straightforward way is to 

mix the air and diesel fuel in the intake. This was implemented in the earliest work related to 
HCCI combustion in 1958 [19]. The researchers in Southwest Research Institute (SRI) carried 
out similar experiments on HCCI combustion in diesel engines [29-30]. Fuel was introduced in 
the intake using a port injection strategy. In the experiments, various compression ratios, inlet 
temperatures, and Air/Fuel (A/F) ratios were tested to determine the operating regime of the 
HCCI combustion. PM and NOx were found to be greatly decreased in their results. HC emission 
was seen about twice of that from the conventional diesel engine. In order to obtain HCCI 
combustion, the intake temperature must be maintained high with high EGR rate and/or intake 
heating. The fuel consumption of HCCI mode was higher than direct injection diesel engine. A 
research group at Lund Institute of Technology also conducted a series of experiments in HCCI 
combustion mode using air-fuel mixture in the intake [31-33]. In these works, the effect of 
supercharging was investigated to increase the operation load of HCCI combustion using 
different light fuels or natural gas mixed in the intake. It was found that supercharging could 
greatly increase the attainable load for HCCI combustion. Using natural gas with a 2 bar boost 
pressure and compression ratio of 17:1, a 14 bar IMEP was obtained under HCCI combustion 
with a peak in-cylinder pressure up to 250 bar. The influence of different fuels, including iso-
octane, normal heptane, unleaded gasoline, and diesel fuel, on the operation of HCCI combustion 
was also studied. Because iso-octane and gasoline fuels have higher ignition points, these fuels 
require high compression ratio to achieve self-ignition. For n-heptane and diesel fuel, intake 
preheating was necessary to obtain better fuel vaporization. The compression ratio for these 
fuels, however, could be as low as 11:1 to have ignition close to TDC.  NOx emission was 
generally low for the tested conditions. With diesel fuel a lot of smoke was generated for some 
cases due to fuel sticking on the cylinder liner or overall poor vaporization. The flame structure 
of HCCI combustion was visualized via chemiluminescence imaging of naturally emitted light. 
Cool flames were identified in some conditions preceding the main heat release. The measured 
emission spectra of different species showed the existence of some active radicals during the 
cool flame stages including OH, CH, and C2. The flame was quite homogeneous in the imaging 
region indicating a rather uniform air-fuel mixture in the cylinder prior to combustion.  

Even though introducing fuel through the intake prepares more homogeneous air-fuel 
mixtures in the engine cylinder, requirements of preheating, ignition timing control, and possible 
poor atomization and vaporization (especially for diesel fuel) greatly affect the practical 
applications of this approach in real diesel engines. Most of the applicable techniques are based 
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on in-cylinder direct injection strategies with better performance. Therefore, the in-cylinder 
direct injection HCCI combustion technique will be discussed in detail in the following section. 

 

2.2.3.2 HCCI Combustion Using In-cylinder Direct Injection 
There are different kinds of direct injection strategies to implement HCCI-like combustion in 

a diesel engine such as early in-cylinder injection (injection timing far before compression TDC), 
late injection (injection timing later than TDC), early injection plus late injection, multiple pulse 
early injection or late injection, and etc.. Because in the development of HCCI combustion in 
diesel engines, these injection strategies were investigated independently or combined, the 
discussion thereafter will generally follow the chronicle order in the literature. However, the 
Modulated Kinetics (MK) combustion and UNIform Bulky combustion System (UNIBUS 
combustion) will be discussed separately. 

Because in the implementation of HCCI combustion multiple-injection strategies are often 
used, a brief discussion on multiple-injection strategy will be described below first. A multiple-
injection strategy was reported for simultaneous reduction of NOx and PM in both large bore DI 
diesel engines [34-36] and small bore high speed DI diesel engines [37-39]. Multiple-injection 
strategies include split injection, double injection (a pilot plus a main or a main plus a post), 
triple injection, and multiple-pulse injection with more than 3 injection events during one 
combustion cycle. It was shown that [34-36] pulsed injection might provide a method to reduce 
PM emissions and allow for reduction of NOx from controlled pressure rise. Late injection in 
double or triple injection strategies could promote the particulate oxidation process. Multiple-
injection strategies had a similar effect on NOx reduction to the retarded single-injection. 
Reduced soot emissions were due to the fact that soot-producing rich regions were not 
replenished when the injection pulse was terminated and restarted. The combustion mode in 
these studies could be categorized as conventional diesel combustion mode. Besides the studies 
in heavy duty DI diesel engines, investigations were also performed in small bore HSDI diesel 
engines. The effects of pilot injection on the combustion process were studied by Zhang [37] and 
Tanaka, et al. [38] experimentally.  Smoke emission was seen correlated to the pilot flame 
strength at the start of main injection and reducing the pilot flame at the main injection starting 
timing contributed to smoke emission reduction. Simultaneous reduction of combustion noise 
and emissions was possible by decreasing the influence of pilot burned gas through minimizing 
the fuel quantity and advancing the injection timing of the pilot injection. Simultaneous 
reduction of NOx and PM by using multiple-injections was implemented in a small diesel engine 
[39] by optimizing the combinations of EGR rate, pilot timing and quantity, main timing, and 
dwell between the main and pilot injections. Post injection was shown to be effective to reduce 
PM due to the improved particulate oxidation process. Some evidence of HCCI combustion 
mode was found in the heat release rate curves. Because the injection strategy was intertwined 
with the realization of HCCI combustion, the following review will discuss injection strategies 
together with other measures to implement HCCI combustion. 

An early HCCI study in diesel engines using direct injection technique was reported by 
Takeda et al. [40]. In their study, fuel was injected into the cylinder using an injection timing 
before TDC and much earlier than the conventional injection to promote air-fuel mixing process. 
The engine was operated with PREmixed lean DIesel Combustion (PREDIC). NOx was greatly 
reduced, but a very early injection resulted in wall impingement due to low air density. The 
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authors used two injectors installed on opposite sides of the cylinder to avoid the collision of 
spray with the cylinder wall. Additional measures to avoid liner impingement included using an 
injector tip with more holes and small diameters or with narrow injection angles. In addition, an 
injector was located at the center of the cylinder head to execute the main injection after the early 
premixed injection. The numerical results were also reported in this work. Leaner air-fuel 
mixture was obtained using early injection timings than conventional injection. For side injection 
PREDIC, a luminous flame was not observed in the combustion images. PREDIC concept with 
central injector was illustrated in the paper using an injector tip with more holes and small 
diameters or with three stage injection angles to avoid liner impingement. A dramatic decrease in 
NOx was found for both side injection or central injection methods. However, THC and CO 
emission increased owing to a mixture that was too lean to burn in the quenching regime. The 
operating condition could only be achieved in low load regime. For the central injection 
PREDIC, the three-stage injector showed the best performance in maintaining low NOx, soot, 
and fuel consumption while keeping THC and CO at a relatively low level. A study [41] 
following the same concept reported the influence of intake air temperature, compression ratio 
and inert gas diluent species on PREDIC combustion. For early injection timings, the ignition 
timing control might be a problem. Increasing intake temperature advanced the ignition timing 
and lowering compression ratio could delay the ignition. There was a tradeoff between the 
compression ratio and thermal efficiency. Ignition timing control using EGR showed the best 
promise. The operating region to high load conditions was realized by the application of a 
MULtiple stage DIesel Combustion (MULDIC) [42]. The first stage was premixed lean 
combustion (PREDIC), and the second stage was diffusion combustion under high temperature 
and low oxygen conditions. Since gas temperature was high, second stage injection timing could 
be retarded without misfire. Second stage combustion occurred under high temperature but low 
O2 concentration conditions. Smoke and NOx were reduced by MULDIC even at an excess air 
ratio of 1.4. In the combustion images, a highly luminous flame was found due to short ignition 
delay for the main injection; however, this flame disappeared very rapidly due to fast soot 
oxidation. Further investigations by Akagawa et al. [43] using the PREDIC concept provided 
some approaches to solve the problems in a premixed lean diesel combustion. The objective was 
to solve the problem observed in the previous work using PREDIC and MULDIC concepts. In 
this study, they developed a new pintle type injector for less fuel penetration especially for the 
early injection and the top-land crevice volume, namely the wall quenching volume, was also cut 
down. The operating region was extended to high load by application of MULtiple stage DIesel 
Combustion (MULDIC). They reduced the THC and CO emissions by using a pintle type 
injector nozzle and/or reducing the top-land crevice of the piston. Fuel consumption was also 
improved by using EGR or adding oxygenated component into the diesel fuel. NOx and smoke 
were reduced at high load conditions. Another investigation on PREDIC combustion was 
conducted in the same research unit by using two side injectors with one single hole [44]. Using 
two single-hole injectors, the authors tried to control the fuel mixture formation in the central 
region of the cylinder with some space from the liner to reduce wall wetting. Effects of injection 
timing, boost pressure, and injection patterns were studied. It suggested that by using split 
injection pattern it was possible to reduce THC and CO by maintaining a relatively low level 
NOx emission.  

A multiple-injection strategy was adopted in an investigation and the combustion system was 
named Homogeneous charge intelligent Multiple-injection Combustion System (HiMICS) [45]. 
In the HiMICS concept, the pre-mixture was formed by a very early injection during the period 
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from the early stage of the induction stroke to the middle stage of the compression stage. 
Different injection patterns were tried in the paper including pilot-main, pilot-pilot-main, pilot-
main-after, and early-main strategies. The spray angle was varied to avoid liner wetting. It was 
shown that low NOx and smoke emissions and low fuel consumption could be achieved for 
retarded injection timings. However, for very early first injection, HC and CO emissions 
increased. There were problems for ignition control for too early injection timings and 
insufficient homogeneity of air-fuel mixtures. In a following study [46], hot EGR was used to 
reduce NOx and HC emissions and the pre-mixture formation quality was also increased due to 
high ambient temperature. No luminous flame was seen for the early injection event. Metyl-T-
Butyl Ether (MTBE) blended fuel improved the combustion characteristics for the early-main 
injection pattern with very low smoke emission while keeping low fuel consumption.   

Homogeneous Charge Diesel Combustion (HCDC) technique was experimentally 
investigated by Odaka, et al. [47]. In this technique, a portion of fuel was supplied in the intake 
to form a homogeneous premixed mixture and another portion of diesel fuel was directly injected 
into the engine cylinder before ignition of the pre-mixture. The results showed promising 
potential to substantially reduce both NOx and smoke emissions. HCDC combustion reduced 
NOx emission by retarding the injection timing of the DI portion diesel fuel while smoke 
emissions were not influenced much by this retardation from the results. Application of EGR 
benefited NOx emission reduction without increasing smoke emission. By adding MTBE content 
in the diesel-MTBE blend, the pre-mixture ignition timing was retarded and combustion occurs 
near TDC leading to higher thermal efficiency. Both NOx and smoke emissions could be 
reduced by using MTBE blend under HCDC combustion. 

Experiment of Premixed Compression Ignition (PCI) combustion was performed in a single-
cylinder diesel engine by Iwabuchi et al [48] using an injector at the center of the cylinder head. 
Fuel was injected into the cylinder very early during the compression stroke, which helped to 
form a premixed mixture before ignition. In order to prevent fuel impingement on the cylinder 
liner, a narrow angle injector tip of 80 degree was used. The injection timing was limited by 
knocking and misfiring. Too early injection timing made the mixture excessively lean with 
unstable ignition and misfire. Later injection timing close to TDC caused a short ignition delay 
and much faster knocking combustion. Their first results with early injections showed significant 
reduction in NOx emissions. However, smoke, fuel efficiency and HC emissions were found to 
deteriorate because of the unavoidable adhesion of fuel on the wall with an injector nozzle with 
long penetration. Two stage heat release patterns were found. No luminous flame was observed 
in the PCI combustion. OH radical was imaged using an ICCD camera showing that the OH 
radical was distributed in a wide area during the main stage heat release, which indicated a more 
homogeneous combustion than conventional diesel combustion. The authors also showed that 
even using very narrow injection angles a great amount of fuel could still impinge on and stick to 
the wall with very early injection timing. In this study, a new injector employing impinged-spray 
nozzle with low penetration and wide dispersion was designed and tested to reduce the fuel 
adhesion to the wall. They showed that PCI combustion using the new injector offers low fuel 
consumption, low smoke number, and ultra-low NOx emissions compared. However, compared 
to the conventional diesel engine, there was slight penalty of fuel consumption. 

Kaneko et al [49] investigated Premixed Charge Compression Ignition (PCCI) using water 
injection in a single-cylinder diesel engine. Because of water injection, which was used as a 
reaction suppressor, low temperature combustion was possible in a wide operating range. Smoke 
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and NOx were reduced simultaneously using this approach. The injected water quantity needed 
to be optimized to obtain PCCI without serious penalty on THC and CO. Although there are 
some promising points of this approach, the implementation of it in a practical engine is 
complicated with another water injection system. Also water injection can cause other problem 
such as iron or steel rusting.  

Two-stage split and early injection technique was studied in a direct injection diesel engine 
by Yamane and Shimamoto [50]. In this combustion system, NOx emission was reduced by the 
first-stage injection with a lean mixture injected during the early and middle stages of the 
compression stroke. Most of the pre-mixture was combusted by the second-stage injection and 
the second stage injection was used to control the engine load. Results showed that the NOx 
emissions were extremely low at extremely advanced injection timing of the first stage; however, 
the fuel consumption was higher than the conventional diesel combustion. Two-stage early 
injection had a possibility to improve the fuel efficiency by retarding the injection timing of the 
first stage. Load could also be expanded by two-stage split early injection strategy. For even 
higher load conditions, high injection pressure was required to reduce smoke and fuel 
consumption. 

A study by Su et al. [51] presented the influences of very early multi-pulse injections on the 
HCCI combustion. A compound combustion technology of premixed combustion and so-called 
“lean diffusion combustion” was realized in a direct injection diesel engine combined with a 
bump piston bowl design. A multiple pulse early injection strategy was used to reduce the spray 
penetration and liner wetting by controlling the pulse width and dwell time among injection 
pulses. A new piston bowl with a bump ring was designed to induce secondary spray breakup 
and increase the mixing space in the piston bowl. It was possible to obtain a more homogeneous 
and leaner mixture by using the bump ring. For the bump ring combustion system, they showed 
reduction of both NOx and soot. Soot emission was very low and not sensitive to the main 
injection timing. They also showed that advancing the start timing of multi-pulse injection could 
avoid noisy auto-ignition, which was helpful to NOx emission reduction, but an over-advancing 
timing led to higher THC emissions. The multi-pulse injection was promising in expanding the 
HCCI combustion operation range.  

An HCCI combustion using conventional diesel fuel with early multiple-injection strategies 
was implemented in a small diesel engine [52]. In the study, the engine compression ratio was 
decreased and combined with high cooled EGR rate to realize the HCCI combustion mode with 
controlled ignition phase and combustion rate. To prevent the fuel impingement on the cylinder 
wall, a narrow angle injector with 60 degree was employed. Multiple short injections with early 
injection timing during the compression stroke were used to obtain a more homogeneous 
mixture. Compared to the conventional diesel combustion, NOx emissions were dramatically 
reduced. A significant reduction in smoke was also observed. However, the HC and CO 
emissions increased substantially causing an increase in fuel consumption. By reducing the 
compression, HCCI combustion mode can be obtained for a load up to 9 bar IMEP.  

A two-stage diesel fuel injection strategy with an early main and a short second injection was 
employed in another study of HCCI combustion in an HSDI diesel engine [53]. Second injection 
was used as an ignition promoter to control the combustion timing. The experimental results 
showed that the second small injection could be used as a combustion trigger only with low 
intake temperature. With the increase of the intake temperature, the ignition of the first main 
injection can be greatly advanced. In order to obtain homogeneous and non-luminous flame, the 
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first main injection timing was advanced earlier than 100 CAD before TDC. NOx was greatly 
reduced for this combustion mode; however, fuel consumption, HC, and CO were increased 
compared to conventional diesel combustion. Reduction of injection angle from 150 degree to 
100 degree led to reduction of smoke and HC from spray over penetration, which suggested that 
a narrow angle fuel injector was favorable for very early injection to reduce smoke. 

The mixture preparation and combustion characteristics of an HCCI combustion mode were 
investigated by using Laser Induced Exciplex Fluorescence (LIEF) and Laser Induced 
Fluorescence (LIF) of radicals [54]. In this study, liquid and vapor distribution were measured 
through LIEF technique. The combustion was studied by applying chemiluminescence imaging, 
LIF of formaldehyde (CH2O), and LIF of OH techniques. The spectrometry measurement was 
also conducted to identify the species during the early chemiluminescence signal. During the 
experiments a narrow angle injector of less than 70 degree was used and the injection timing was 
selected close to TDC. But the LIEF results were obtained using an early injection timing 40 
CAD before TDC, where obvious fuel impingement on the piston wall was observed. Strong 
CH2O LIF signal was observed during the first stage heat release indicating a cool flame. The 
signal was also distributed in the combustion chamber showing a spatial combustion. During the 
second stage heat release strong LIF signal of OH radical was obtained, which implied that the 
second heat release was a high temperature combustion process.  

These observations were to some extent confirmed by the study from another research group 
[55]. Similar OH and CH2O LIF results were seen in their HCCI combustion case. However, for 
conventional diesel combustion and combustion process with pilot injection, the variation trends 
for the signals of both OH and CH2O were greatly different from the HCCI one. Both diesel and 
pilot injection strategies had longer duration of CH2O signal up to 40 CAD after TDC. HCCI 
combustion case had the shortest duration. The surface fraction of CH2O LIF signal was the 
highest for HCCI combustion due to a more homogeneous air-fuel mixture with early injection 
timing.  

As mentioned before, in order to avoid fuel impingement on the cylinder liner, many 
researchers used narrow angle injectors. However, not much work mainly concentrated on the 
narrow angle injection technique. A new engine design using narrow angle direct injection 
technique was developed at the Institute of French Petroleum. High-power clean dual mode 
combustion was proposed and implemented by Walter and Gatellier [56-57] in a high-speed 
diesel engine. A Narrow Angle Direct Injection (NADI) concept was specifically brought up. In 
their study, they tried to combine the HCCI combustion at partial load conditions and improve 
the performance in high load by using a conventional combustion mode. The HCCI combustion 
was controlled by the following measures: A. optimized EGR rate; B. variable compression ratio 
using variable valve timing; C. intake temperature control; D. Injection timing optimization. 
Because of the narrower injection angles, the piston geometry was further optimized to work 
well with the new injectors. Numerical results indicated that for conventional combustion 
system, the fuel was injected toward the bowl periphery and was splashed back to the center by 
fuel-wall interaction. For the new piston geometry with narrow angle injector, the fuel was 
injected at the center of the bowl and transported to the periphery by fuel-wall interaction. 
Results showed that at part load (6-9 IMEP depending on engine speed), the dual mode engine 
reached near zero NOx and PM emissions (0.05 g/kwh) by using HCCI combustion. The 
conventional combustion mode was improved by using high-pressure fuel injection system. 
Further efforts were reported in a conference paper [58]. The latest development of the NADI 



335 
 

concept included the power density at full load, Highly Premixed Combustion (HPC), HC and 
CO emission reduction, and combustion noise reduction. The power density at full load could 
reach 60 kW/L consistent with the future diesel engine standards. NOx was reduced to 0.05 
g/kwh using HPC up to 9 bar BMEP. Combustion noise was improved by using multiple-
injection strategies. Except at the highest load, the results were obtained without any penalty on 
fuel consumption compared to the conventional diesel combustion. These improvements were 
achieved through the optimization of injection strategy, fuel injection system, and compression 
ratio. Early injection, multiple-injection, late injection, and TDC-split injection strategies were 
adopted in the study under different conditions to reduce pollutant emissions and noise. Due to 
the multiple-injection capability of the piezoelectric injection system (a third generation injection 
system), it was employed in the new design. At the same time, the injection pressure and needle 
lift speed were strengthened for the new system to obtain fast fuel delivery and to be compatible 
with high speed and high load conditions. 

The influences of injection angles were evaluated for Partially Premixed Compression 
Ignition (PPCI) using advanced injection strategy [59]. Experiments were conducted in a 1.7L 
diesel engine. Three injection angles were compared including 115 degree, 80 degree, and 60 
degree. Numerical simulation was also performed to obtain some insight on the air-fuel mixing 
behavior. A split injection strategy was used with variation of the pilot injection timing while 
keeping the main injection at 2 before TDC.  When the injection timing of the pilot injection was 
advanced, the premixed combustion of the main injection increased and NOx and PM decrease 
for all the three cone angles. Simulation of 60-degree cone angle injector revealed considerable 
fuel impingement on the bowl and liner walls. A lower flow rate 60-degree nozzle with 
optimized EGR rate had the possibility to reach lower NOx and PM emissions. 

Narrow angle injector has its unique feature to keep the fuel mostly in the central region of 
the cylinder by avoid liner wetting. However, for high load conventional injection strategy, there 
will be a large amount of fuel deposition on the piston wall. In order to overcome this problem, 
Variable Geometry Sprays (VGS) were proposed [60]. The VGS is capable of changing injection 
cone angle during the injection process. Even though it is difficult to implement a VGS 
physically in an engine, it is helpful to study the characteristics of VGS during a combustion 
process. In the numerical simulation, a hollow cone injector with VGS was simulated and 
compared with one with a fixed cone angle. It was shown that VGS could greatly help to reduce 
wall wetting. As a practical implementation, a two-pulse spray with different injection angle was 
effective in minimizing wall wetting and emissions while maintaining low fuel consumption and 
high power density. 

Although there were many investigations about HCCI combustion modes in diesel engines 
till nowadays, only a few practical techniques were implemented in the production diesel 
engines. An example was called Modulated Kinetics (MK) combustion. This new combustion 
concept was developed in small-bore high-speed diesel engines by Kimura et al. [61]. The new 
combustion concept resulted in reduction of NOx and smoke simultaneously due to low 
temperature and premixed combustion without increasing fuel consumption. Low temperature 
combustion was accomplished by using heavy EGR rate to reduce the oxygen concentration. At 
the same time, sufficient mixing time was secured by prolonging the ignition delay as well as 
promoting the dispersion of injected fuel. In order to meet the requirement, the injection timing 
was retarded. A toroidal combustion chamber and high swirl ratios were adopted to enhance air-
fuel mixing. Their study also showed potentials in high load operating regime. MK combustion 
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provided a practical approach to implement HCCI combustion mode in diesel engines without 
massive modifications of the combustion chamber and fuel injection systems. The operating 
range of MK combustion mode was expanded in a later study [62] and the second generation 
MK combustion system was developed. It was noticed that in order to expand the operating load, 
two approaches could be used including prolonging the ignition delay and making the injection 
duration shorter. Lowering the TDC temperature was a practical way to elongate the ignition 
delay through EGR cooling or compression ratio reduction. The injection duration shortening 
could be implemented by increasing injection pressure or using a larger-hole nozzle. Results 
showed that the second generation MK combustion system could meet the 10-15 test mode 
requirement. A later report on MK combustion discussed this low temperature and premixed 
combustion from both experimental and numerical aspects [63]. The effects of swirl motion on 
the combustion process were analyzed through heat flux measurement and KIVA simulation. 
The swirl affected the fuel distribution in the combustion chamber with suppressed HC 
formation, and improved the thermal efficiency by preventing the flame from contacting the 
piston bowl walls with less heat transfer loss. Ignition delay and injection duration were the two 
key parameters for MK combustion. In order to expand the MK combustion to higher load 
conditions, the ignition delay should be longer than the injection duration by using cooled EGR 
and high injection pressure. The influence of intake boost pressure on MK combustion was 
studied by Lee and Reitz [64]. It was shown that although increasing boost pressure shortens the 
ignition delay, which was not favorable for MK combustion, it allowed heavier EGR rate or later 
injection timing leading to lower peak combustion temperature and more thoroughly premixed 
combustion characteristics. A parametric study of MK like combustion was done by Choi et al. 
[65]. It was addressed in the paper that the MK like combustion might be viewed as “a high-
EGR, retarded injection calibration of conventional diesel combustion, rather than a pre-
dominantly premixed, HCCI-like combustion process”. The influences of intake temperature, 
injection pressure, and swirl ratio on the combustion events were investigated and analyzed.   

Another HCCI combustion mode called UNIform BUlky combustion System (UNIBUS) was 
developed [66-69]. The original idea for UNIBUS combustion was based on an early fuel 
injection strategy [67-68]. A uniform mixture was generated by an early and short injection pulse 
using high injection pressure with a pintle type fuel injector to make the fuel highly dispersed. 
Simultaneous reduction of smoke and NOx was seen in the results. A multiple-injection strategy 
was employed in UNIBUS combustion mode in a later report [69]. An early injection and a late 
trigger injection were used to get low smoke and NOx emissions. The operating load was seen to 
cover half of the full load and speed conditions without modifications of the combustion and fuel 
injection system. This two-pulse injection in a high-speed diesel engine to implement HCCI 
combustion was further reported by Hasegawa and Yanagihara [66] considering the influence of 
intake boost pressure. The first injection was used as an early injection for fuel mixing and 
initiation of low temperature reaction and the second injection was used as an ignition trigger for 
all the fuel. They showed that the premixed mixture ignition could be controlled by the second 
injection when the early injection maintained low temperature reaction. Non-luminous flame 
combustion, namely low temperature reaction, was observed in their study for both injections. 
The high temperature combustion stage for the early injection could be controlled by optimizing 
the fuel quantity and injection timing. It was expected that low NOx and smoke emissions were 
possible for the two injections. 

In summary, HCCI combustion in diesel engines has its own characteristics, which are 
different from other fuel HCCI combustion engines. Some approaches to implement HCCI 
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combustion in diesel engines include port fuel introduction, very early in-cylinder direct 
injection (single pulse or multiple pulses), late direct injection (single pulse or multiple pulses), 
or a combination of the two. Since the diesel fuel has low volatility, the port fuel introduction is 
not a practical way without significant change of the intake system. An early in-cylinder 
injection strategy, to some extent, can result in a quite homogeneous charge before ignition. Due 
to lower charge density, in-cylinder pressure, and temperature, the liquid fuel impingement on 
the liner wall or piston wall is unavoidable, which leads to high HC and CO emissions as shown 
in the literature. Therefore, some new types of injectors with low fuel penetration or narrow 
angle were developed to overcome these problems. However, because early injection HCCI 
combustion mode can only meet the requirement in low load conditions, in high load and high-
speed region, the same injector will cause problems, for example serious fuel wall impingement 
and soot emission increase. Another issue for the early injection strategy is the ignition timing 
control. For early injection HCCI combustion, the ignition is purely controlled by the chemical 
kinetics. The ignition is often advanced due to early injection timing and other measures have to 
be taken to delay the ignition by avoiding over-stress the engine resulted from high peak 
pressures like using heavy EGR, variable compression ratio, changing fuel property, etc.. These 
might explain why few HCCI diesel engines show up in the auto market. From the literature, it 
seems only MK combustion and UNIBUS combustion systems were successfully applied in 
production engines under part load regimes. Even though some new concepts were proposed by 
combining the HCCI mode and conventional diesel combustion, in the high load and high speed 
operating regimes, smoke and NOx are still problems for diesel engines. The main concern of 
diesel engine emission reduction is to expand HCCI mode or improve the high load/speed diesel 
combustion. As stated in the paper [65], it is hard to get a real homogeneous mixture in diesel 
engines for a late injection strategy. Even for very early injections, there still exists partial charge 
heterogeneity [41]. Emission reduction in HCCI combustion is expected mainly due to low 
temperature reaction rather than homogeneity itself based on the previous studies. Therefore, low 
temperature combustion is the main reason for emission reduction. 

 

2.2.4 Low Temperature Combustion 
As low temperature reactions play important roles in emission reduction, some aspects of low 

temperature combustion will be reviewed and discussed briefly in this section.  

The reason that the combustion mode is called low temperature combustion is due to a 
phenomenon named cool flame observed during the self-ignition process. The whole combustion 
process is divided into two stages including a low temperature oxidation and a high temperature 
oxidation. Some chemiluminescence occurs during the low temperature oxidation process and 
weak flame propagation can be seen through the mixture in the first stage [70]. According to a 
review [71], premixed lean HCCI combustion mode also falls into the category of mild 
combustion, which is defined as follows: “A combustion process is named Mild when the inlet 
temperature of the reactant mixture is higher than mixture self-ignition temperature whereas the 
maximum allowable temperature increase with respect to inlet temperature during combustion is 
lower than mixture self-ignition temperature”. The cool flame or the low temperature 
combustion process can be illustrated by a “low temperature” kinetic mechanism proposed by 
Semenov [70]. The process includes four steps: chain initiation (2.4), chain propagation (2.5-
2.9), branching degeneration (2.10-2.11), and chain termination (2.12). The low temperature 
oxidation mechanism of hydrocarbon can be shown as 
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22 HORORH +→+ �                                                                                       (2.4) 

22 OHolefinOR �� +→+                                                                                    (2.5) 

22 OROR �� →+                                                                                                 (2.6) 

RROOHRHOR �� +→+2                                                                                (2.7) 

ORCHOROR �� "'2 +→                                                                                     (2.8) 

ROHRHOH �� +→+ 222                                                                                  (2.9) 

OHORROOH +→ �                                                                                      (2.10) 

22 '' OHOCROCHOR �� +→+                                                                         (2.11) 

ndestructioOR →2
�                                                                                        (2.12) 

where the dot above a particular atom designates the radical position. Since the reaction is in a 
low temperature environment, the high temperature chain branching of H2O2 does not occur in 
the low temperature oxidation. These mechanisms are also partially verified by the results from 
optical engines using the Laser Induced Fluorescence techniques for OH and formaldehyde 
(CH2O) [54-55]. During the low temperature oxidation, strong signal is seen for CH2O and weak 
signal for OH. However, when the high temperature oxidation starts, CH2O will be reduced fast 
and OH will increase [72] due to the destruction of H2O2. As shown in an early paper on HCCI 
combustion [22], the low temperature combustion is expected to occur when temperature is less 
than 950K while high temperature oxidation occurs when temperature is higher than 1000K. The 
high temperature heat release is characterized by fuel radical thermal decomposition and post-
induction kinetics of fuel combustion. High temperature oxidation of paraffinic fuels like diesel 
fuels qualitatively includes three distinct but overlapped process: a) conversion from alkanes to 
alkenes; b) conversion of alkenes to carbon monoxide; c) the conversion from CO to CO2 by 
release most of the energy.  

In the paper about UNIBUS combustion [68], a qualitative explanation of the difference 
between low temperature combustion and high temperature combustion is illustrated in a plot as 
shown in Fig.2.3. For low temperature combustion with highly dispersed fuel spray, the ignition 
process starts from low temperature oxidation resulting in a partial oxidized mixture full of 
radicals. Then the combustion transits to high temperature combustion with a fast and 
concentrated heat release process, namely high heat release rate peak and short duration. While 
for the conventional diesel combustion with high in-cylinder temperature and pressure, thermal 
branching processes occur right after the fuel injection and followed by high temperature 
oxidation, lots of PAH forms during the thermal branching process and leads to high soot 
emissions. At the same time, because the local temperature is high compared to the bulky 
combustion NOx emission will also be high.  

The above-discussed combustion processes belong to HCCI combustion with a premixed 
lean mixture. The overall equivalence ratio is much leaner than stoichiometric mixture. A recent 
work on smokeless rich combustion concept provided a wider range for low sooting and low 
NOx combustion [73]. In this work, experiments showed smokeless combustion for rich mixture 
formed by increasing EGR rates. When the air fuel ratio was higher than a critical value on the 
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lean limit side, smoke increased with decreasing air-fuel ratio. However, after the air fuel ratio 
passed the critical value, smoke decreased with decreasing air fuel ratio due to low combustion 
temperature. A thorough investigation of this smokeless rich combustion was done through 
numerical simulation. Soot-φ -T map or soot-NOx-φ -T map was generated for certain conditions 
as illustrated in Fig. 2.4 [73], where φ  is the equivalent ratio and T is the temperature. The low 
temperature smokeless rich combustion domain is indicated in the map. By reducing temperature 
the low sooting and low NOx combustion range is greatly expanded to rich mixture. The HCCI 
concept is only a small domain in the map. It is also noticed that there exists local rich regions in 
the mixture of the smokeless rich combustion similar to conventional diesel combustion. For 
these local rich regions soot formation can be suppressed by realizing the combustion in the 
lower temperature side of the soot formation peninsula. Although a desirable path based on a 
high temperature oxidation to reduce soot emissions [74] is also shown in the plot, it is difficult 
to implement it in practical diesel engines. Further studies on the smokeless rich combustion 
were extended to oxygenated fuels [75]. These mechanism controlling soot and NOx emissions 
were also called T control or φ  control mechanisms. Inspired by these promising investigations, 
low temperature combustion with charge heterogeneity can be used to expand the low emission 
operating conditions to high-load and high-speed regimes by replacing conventional diesel 
combustion in these ranges. These ideas were further confirmed by the results in a recent paper 
by Pickett [76]. In this work, Pickett studied the low flame temperature limits for mixing 
controlled Diesel combustion. The flame temperature was controlled by varying the ambient gas 
temperature and ambient oxygen concentration. The results suggested that mixing controlled 
Diesel combustion was possible at lower flame temperatures with minimal NOx formation. The 
pressure rise measurements, namely the power output for an equivalent in-cylinder process, 
showed that the combustion efficiency remained high for flame temperature as low as 1500-1600 
K with ambient gas temperature higher than 1000 K, which indicated that the low flame 
temperature limit was less than the those of the propagating flame processes and close to that 
observed for HCCI combustion. Although the experiments were done in a constant volume 
combustion chamber, they provided evidence that low temperature combustion might happen 
with a large charge heterogeneity air-fuel mixtures as occurring in the mixing controlled diesel 
combustion process. 

 

2.3 Bio-diesel Fuel Combustion in Diesel Engines 
Bio-diesel is a domestically available, renewable fuel for diesel engines derived from natural 

oils like soybean oil, which has the potential to supplant a significant portion of petroleum-based 
fuels. Before using bio-diesel in diesel engines, people tried vegetable oils directly as fuel for 
diesel engines [77-78]. There are some advantages of using vegetable oils: 1) liquid nature 
portability; 2) heat content (up to 88% of diesel); 3) ready availability; 4) renewability; 5) lower 
sulfur content; 6) lower aromatics content; and 7) biodegradability. However, there are some 
disadvantages for direct vegetable oils such as much higher viscosity, lower volatility, and 
reactivity of unsaturated hydrocarbon chains. These effects can cause problems in diesel engines 
after long-time operation. The problems include (1) coking and trumpet formation on the injector 
affecting the atomization and plugging orifices, (2) carbon deposition on the wall, (3) oil ring 
sticking, and (4) thickening and gelling of the lubricating oil due to the contamination by the 
vegetable oils. Since the direct burning of vegetable oils in diesel engines is problematic, there 
are different ways to overcome the disadvantages and make vegetable oils feasible in diesel 
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conditions. Changing injector orifice diameter had more effect on bio-diesel than diesel fuel. 
NOx emission strongly depended on the in-cylinder pressure development. In Scholl and 
Sorenson’s results, no significant difference in NOx emissions was observed. 

An experimental study of bio-diesel/diesel blend combustion was conducted in a heavy-duty 
diesel engine [81]. The fuel blends with 10, 20, 30, and 40% biodiesel were tested. It was found 
that fuelling with biodiesel blends reduced particulate matter, THC, and CO, with increasing 
NOx emissions. The optimum blend was shown to be 20% biodiesel with 80% diesel fuel. 
Retarding injection timing reduced NOx emission while keeping CO, THC and PM essentially 
constant for 20% bio-diesel blend. Another study concerning soybean oil ester as diesel fuel 
showed similar trends [82]. Different fuel blends were studied. Because the bio-diesel used had 
higher cetane number than the No.2 diesel, the cetane number of fuel blends was increased with 
increasing bio-diesel blend ratio. Particulate matter reduced considerably with bio-diesel. 
Emissions of CO and HC were significantly reduced. NOx emission was shown to increase by 
about 12%. 

Experiments were performed to study the effects of adding bio-diesel to diesel fuel on engine 
performance and emissions [83]. The fuels used were blends with 10% sunflower bio-diesel and 
90% diesel fuels containing about 0.2% or 0.05% sulfur. Results showed significant reduction in 
smoke. The combination of bio-diesel fuel and low sulfur diesel fuel led to significantly 
improving the particulate matter emissions at higher loads. Bio-diesel blends resulted in slightly 
increased fuel consumption due to lower heat content of bio-diesel fuel. The fuel blend 
containing bio-diesel caused a slight increase of iron into the used lubricant indicating a slightly 
increased corrosive wear because of the acidity of the bio-diesel diluted in the lubricant oil. 

Since the NOx emission of bio-diesel is generally higher than normal diesel fuel, experiments 
were carried out by adding water in bio-diesel as an emulsion in diesel engines [84]. Two fuels 
were tested including a blended fuel with used frying oil and gas oil, and pure bio-diesel fuel 
from frying oil. The water emulsions for these two fuels were also prepared and tested. At a rated 
power output and with water to fuel volume ratio of 15-30%, emulsion fuels prepared from 
frying oil and gas oil blend showed NOx and smoke reduction without increase of fuel 
consumption. Bio-diesel emulsion with 30% water showed significant reduction in NOx (from 
1100 ppm to 400ppm). It was expected that the reduction in smoke emission with bio-diesel was 
due to the oxygen content in bio-diesel. Larger reduction in smoke emissions could be achieved 
with bio-diesel emulsions.  

Investigations on emissions from in-use trucks were conducted for No.2 diesel fuel and 
biodiesel blends using nine heavy-duty trucks [85]. Two fuels, namely B35 and No.2 diesel were 
tested. Fuel consumption for the two fuels was about the same. The emission tests showed that 
the trucks fuelled by B35 emitted significantly less PM and moderately lower CO and HC. NOx 
emissions from the two fuels were generally in the same level. Emissions from two different 
engine models and two driving cycles were also observed. The impact of biodiesel source 
materials and chemical structure on the engine emissions were studied in a heavy-duty diesel 
engine [86]. The biodiesels produced from a variety of real world feedstocks as well as pure fatty 
acid methyl and ethyl esters were examined. A group of seven biodiesels produced from real-
world feedstocks and 14 produced from pure fatty acid were tested in a heavy-duty engine. 
Results showed that molecular structure of biodiesel can have substantial impact on emissions. 
PM emissions were essentially constant for all biodiesels. NOx emissions increased with 
increasing fuel density and increasing the number of double bonds correlated with increasing 
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NOx emissions, which indicated that the increase of NOx emission could not be explained by 
PM/NOx trade-off and was not driven by thermal NO formation. 

The bio-diesel oxidation effect on engine performance and emissions was studied by 
Monyem and Van Gerpen [87]. The objective of the study was to characterize the effect of 
oxidation on the exhaust emissions from a bio-diesel fuelled engine. Generally, as discussed 
above, bio-diesel or bio-diesel blends benefit CO, HC and PM reduction. However, bio-diesel is 
more prone to oxidation than petroleum-based diesel fuel. This oxidation can cause the fuel to 
become acidic and to form insoluble gums and sediments that can plug the fuel filters. 
Experiments of oxidized bio-diesel were done to compare with un-oxidized bio-diesel and 
blends. The oxidized bio-diesel reduced the CO emissions over 28% compared with diesel fuel 
and 15% compared with the un-oxidized bio-diesel at the full-load condition. The oxidized bio-
diesel produced 51% less HC than No.2 diesel fuel and 16% than the un-oxidized bio-diesel. The 
effect of fuel oxidation on the NOx emissions was found to be insignificant with bio-diesel 
producing more NOx than No. 2 diesel fuel. Smoke was significantly reduced for bio-diesel and 
bio-diesel blends. However, the effect of fuel oxidation on smoke emissions was not statistically 
significant. Effects of injection timing and oxidation on emissions were further investigated [88]. 
Results showed that bio-diesel, particularly oxidized one, had lower CO and HC emissions. 
Injection timing retardation led to less CO and HC. Retarded injection timing significantly 
reduced NOx emissions. Generally, retarding injection timing resulted in a higher smoke number 
than timing advancement. The actual fuel injection timing was advanced for neat bio-diesel 
compared with diesel fuel at the same injection pump settings due to differences in the physical 
properties of the fuels. Compared with diesel fuel, the fuel injection timing for the neat bio-
diesels was about 2.3 CAD advanced, which was also due to the mechanical injection pump in 
the system. Bio-diesel fuels had shorter ignition delay with less premixed burning than diesel 
fuel because of actual injection timing advancement.  

A comparison of diesel fuel and bio-diesel from lin seed oil was performed in a diesel engine 
[89]. It is shown that a diesel engine can perform satisfactorily on bio-diesel fuel without any 
engine hardware modifications. 20% biodiesel blend was seen to be the optimum choice with 
improved thermal efficiency, reduced exhaust emissions, and reduced fuel consumption. NOx 
was increased by 5% compared with the diesel fuel.  

Exhaust emissions were studied for bio-diesel blends in a Cummins L10E engine [90] and 
Series 60 Detroit Diesel Corporation (DDC) engines [91]. As the bio-diesel blend concentration 
increased, the L10E produced lower HC, CO and PM with increased NOx emissions. B20 
reduced CO and PM with THC unchanged. NOx emissions using B20 could be reduced to below 
that of the baseline diesel fuel by either retarding injection timing or by replacing 20% of the 
diesel fuel of the B20 blend with heavy alkylate. However, replacement of diesel fuel with heavy 
alkylate resulted in a 2% loss of power. Similar trend was seen in the series 60 DDC engines, 
where as bio-diesel concentration was increased in the bio-diesel blend, NOx emission increased 
and THC, CO and PM decreased. The PM emissions reduction was due to a reduction in 
insolubles that were primarily composed of carbon soot. A slight increase in the Soluble Organic 
Fraction (SOF) of the PM was observed. 

The emissions from a small DI diesel engine using bio-diesel blends was measured based on 
bio-diesel from waste fryer vegetable oils [92]. B20, B30 and diesel fuel were used in the study. 
Emissions of CO, HC, and SO2 were found reduced. The reduction of HC and CO was due to the 
fact that biodiesel blends had higher oxygen contents than diesel leading to more complete 
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combustion. SO2 was reduced because of the lower sulfur content in bio-diesel than petroleum 
diesel fuel. NOx emissions were higher for bio-diesel. Although many researchers showed 
reduction in PM emissions for bio-diesel fuel, the PM2 particle number density was found higher 
for bio-diesel and considered increased with increased bio-diesel ratio in this work. This might 
be due to the measurement technique used in this study. In this work, the particle number density 
rather than particle mass was tested. Lower PM mass emissions might have higher particle 
number density especially for small particles. 

A comparison of engine performance and emissions for diesel fuel, yellow grease biodiesel 
and soybean oil biodiesel was made in a John Deere 4276T diesel engine [93]. The goal was to 
reduce the cost of biodiesel fuel by using less expensive feedstocks. Waste oils and greases from 
restaurants and rendered animal fats are possible sources of lower cost feedstocks for biodiesel. 
Results showed that both methyl esters and their blends gave nearly identical thermal efficiencies 
with No.2 diesel fuel. Fuel consumptions were higher for biodiesel or biodiesel blends because 
of their lower heating value than No.2 diesel fuel. Significant reduction in CO, HC, and smoke 
emissions was observed compared with No.2 diesel fuel. However, there was no significant 
difference between these two bio-diesels. NOx emissions were higher than No.2 diesel fuel for 
these two biodiesels. The start of fuel injection for the SME and YGME fuels occurred 2.7 and 
3.6 CAD earlier than the No.2 diesel fuel due to physical property differences for different fuels. 
Ignition delay was shorter for biodiesels than No. 2 diesel fuel. The combined effects made the 
NOx emission high due to high in-cylinder temperature. 

Study on biodiesel and Fischer-Tropsch (FT) diesel fuel was carried out in single cylinder DI 
diesel engine [94]. Fischer-Tropsch(FT) fuel is an alternative diesel fuel and it is a 
nonoxygenated synthetic fuel. Compared with petroleum diesel fuel, FT fuel resulted in effective 
PM reduction in diesel engines, which was attributed to a combined effect of low sulfur content, 
low aromatic content, and high cetane number. Three fuels and their blends were used in the 
study including soybean oil biodiesel, diesel, and FT fuel. The high bulk modulus of soybean 
biodiesel led to an advance in injection timing; however, lower bulk modulus of FT fuel resulted 
in a delay in SOI timing compared to the diesel fuel. NOx emissions were found higher for 
soybean biodiesel and lower for FT fuel than the diesel fuel. However, this NOx variation was 
not due to the chemical properties of the fuel, but because of the SOI timing and ignition timing 
difference. FT fuel produced less NOx emissions than diesel fuel under similar SOI timings.  

Lee, et al. [95] investigated the spray and combustion processes for biodiesel blends. The 
experiments were performed using a common-rail diesel engine. Their results showed that the 
mean droplet size increased with the mixing ratio of biodiesel because of the higher viscosity and 
surface tension of bio-diesel compared to the conventional diesel fuel. HC and CO were reduced 
with increasing blending ratio, while NOx emissions increased due to oxygen in the bio-diesel 
and a shorter ignition delay. In this work, the SOI timing for bio-diesel fuel did not advance as 
much as the previous results using mechanical pump injection systems. There was little 
difference found in the spray tip penetration according to the mixing ratio of the bio-diesel, and 
the biodiesel could be used for a compression ignition engine with no or little modification. 
Because of the high surface tension and viscosity of bio-diesel blends, they showed inferior 
performance in atomization compared to the commercial diesel fuels. The peak injection rate 
also became lower as the mixing ratio of the biodiesel increased. Ignition delay was shorter with 
the increase of mixing ratio due to a higher cetane number of the bio-diesel.  
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Optimization of exhaust emissions was performed in a DI diesel engine fuelled with 
biodiesel by Leung et al. [96]. The diesel engine used was fitted with a mechanical fuel injection 
system. Results showed reduction in HC and PM with increase in NOx emissions. Retarding fuel 
injection timing had an apparent effect on NOx emission reduction. The retarded injection timing 
plus rapid diffusion combustion was found to be a suitable strategy to improve the biodiesel 
combustion performance. For the optimum condition, the diesel engine fuelled with pure 
biodiesel could caused lower HC, NOx and PM as compared with the diesel engine fuelled by 
diesel fuel. 

Exhaust emissions for different fuels were investigated in a 2003 six-cylinder diesel engine 
by Knothe, Sharp, and Ryan III [97]. All fuels were tested over the heavy-duty diesel transient 
cycle. PM emissions were significantly reduced with biodiesel and methyl oleate compared to 
petrodiesel. PM emissions with biodiesel only slightly exceeded the upcoming emission 
standards. The authors expected that biodiesel might meet the future standards using only a 
diesel oxidation catalyst without employing a particulate trap. NOx emissions increased with 
biodiesel. The SOF of the PM emissions was higher for the ester fuels. Although the HC and CO 
emissions were low, a strong effect of chain length was observed in the results. 

Engine emissions were analyzed by using diesel and bio-diesel blend from non-edible neem 
oil in a single cylinder direct injection diesel engine [98]. Compared with conventional diesel 
fuel, diesel-biodiesel blends showed lower CO and smoke emissions with increased NOx 
emissions. By applying EGR, the NOx emissions of biodiesel blends were slightly reduced in the 
studied cases compared with the conventional diesel fuel. With increasing EGR rate, NOx and 
thermal efficiency dropped and smoke slightly increased. The effect of EGR and biodiesel fuel 
on the combustion processes were studied in a compression ignition engine in order to overcome 
the drawback of biodiesel with higher NOx emissions [99]. For diesel fuel, the smoke emissions 
increased with increasing EGR rate due to the lower oxygen concentration. NOx emissions, as 
expected, decreased with increasing EGR because of the reduced ambient oxygen concentration 
and decreased flame temperature. These are the so-called tradeoff of PM and NOx in 
conventional diesel combustion. But for biodiesel fuel, it is possible to reduce both PM and NOx 
by applying EGR. Results showed simultaneous reduction of PM and NOx by using EGR and 
biodiesel fuel blends in the diesel engine. HC and CO were also reduced for biodiesel blends. A 
20% biodiesel blend and 15% EGR were indicated to be an optimum point for improving 
thermal efficiency while reducing emissions and brake specific energy consumption (BSEC). 
However, applying EGR could increase HC and CO emissions, fuel consumption, and PM while 
adversely affecting the lubricating oil quality and engine durability. 

Based on the above discussion, the results in the literature support the conclusion that the 
emissions of CO, HC and PM generally decrease with the mixing ratio of biodiesel with diesel 
fuel while the NOx emissions increase with the biodiesel percentage in the diesel-bio-diesel 
blends. The reasons for CO, HC and PM reduction are generally attributed to the available 
oxygen during the combustion process resulting in more complete combustion. However, there is 
still no definite conclusion on the reasons for the NOx increase phenomena from bio-diesel 
combustion. It is generally considered that the NOx emission increase is due to the higher 
combustion temperature and higher oxygen atom concentration. Some factors [100] that affect 
the NOx emissions of biodiesel are considered to include: 1) flame temperature increase in the 
premixed or diffusion burn regimes; 2) spray property variation due to the change of viscosity 
and surface tension; 3) ignition delay change due to oxygenates in biodiesels; 4) fuel chemistry 
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effect on the prompt NO formation; and 5) removal of the carbonaceous PM from the 
combustion environment may eliminate NO-carbon reactions. However, there is no strong 
support on these hypotheses. Computational results showed [101] that the local in-cylinder 
temperatures and the amount of charge at high temperatures increased as the concentration of 
biodiesel in the baseline fuel increased, which might help to explain the increase of NOx 
emissions. Tat [102] reported that the earlier start of combustion caused higher combustion 
temperature, which consequently led to increased NOx emissions based on the Zel’dovich 
mechanism. By using the direct-photography method in a rapid compression and expansion 
machine, the findings of Senda et al. [103] also suggested that the higher combustion 
temperature might be a reason for increased NOx. Numerical simulation of biodiesel fuels 
combustion in diesel engines was conducted by Yuan and Hansen, et al. [104]. It was shown in 
the numerical results that the biodiesel fuels had shorter ignition delay and higher overall 
cylinder temperature than diesel fuel. The soybean biodiesel had a slightly longer spray 
penetration than the diesel fuel. More important, biodiesel had more widespread high 
temperature distribution areas than diesel fuel, which might account for the increase of NOx 
emissions in biodiesel fuel combustion. However, there were few experimental reports on the 
spray and combustion visualization of bio-diesel combustion process in the literature to provide a 
comprehensive understanding of bio-diesel combustion in diesel engines. 

 

2.4 Diagnostic Techniques for Spray Combustion 
2.4.1 Liquid Spray Visualization through Mie-scattering 

Mie-scattering is often used to study the liquid phase penetration, spray structure, and spray-
wall interaction. Mie-scattering signal is from scattered light from spherical particles larger than 
the Rayleigh scattering limit. The light scattering from droplets in high-pressure diesel sprays 
often falls in this category. Generally speaking, the scattered light from the diesel sprays also 
includes the light scattered from droplets larger than the upper limit of Mie-scattering. However, 
they are generally not distinguished in the engine community. A brief review is given below to 
show the application of Mie-scattering technique in diesel spray study. 

Non-evaporating high-pressure fuel spray was investigated in a high-pressure chamber using 
laser light sheet method [105]. In this study, a copper vapor laser was used as the light source 
and the light beam was turned into a sheet through a mirror, a convex lens, and a cylindrical lens. 
Effects of injection pressure, ambient pressure, and nozzle geometry were studied. From the 
results, it was observed that increasing injection pressure made the fuel density distribution of 
the spray more homogeneous in spite of some heterogeneity, and also increased the turbulence 
intensity. The developed spray was similar to a coherent motion and could be divided into four 
regions: 1) the fuel stream advanced without much expansion just after injected; 2) the fuel 
stream meandered unstably; 3) the fuel stream deformed while continuing to meander to form 
branch-like structure and the low density part had small eddies; and 4) the branches integrated 
with each other, combined with new eddies and formed a complex structure, and the low density 
part decreased the scale of its inner eddies while losing its density. Changing the nozzle 
geometry was effective for a more homogeneous spray. 

Measurement of soot and fuel distributions in a DI diesel engine was performed by Dec and 
Espey [106]. LII and Mie-scattering was combined to study soot. Mie-scattering and LIF were 
used to study the liquid fuel and vapor fuel respectively for a non-combusting spray. Results 
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showed that liquid fuel has vaporized by the time it travels about 35-45 mm from the injector. No 
fuel impingement was seen for this large-bore diesel engine configuration. Vapor penetrated 
much further. It was also found that the shape of the vapor portion of the fuel jet was similar to 
the shape of the soot distribution under fired conditions under the same engine speed. 

In a later work, the effect of TDC temperature and density on the fuel liquid penetration was 
examined in a DI diesel engine [107]. A laser sheet from an Nd:Yag laser at 532 nm was used. 
The Mie-scattering signal was collected by an ICCD camera. The liquid phase developed almost 
linearly at the first few degrees until it reached a characteristic maximum penetration length, 
which kept fairly constant even with fuel being continuously injected. The maximum penetration 
length increased with decreasing TDC temperature and TDC density. The liquid fuel penetration 
rates were nearly identical up to the point of maximum penetration under different TDC 
temperature; while under different TDC density, the initial liquid fuel penetration rates were 
nearly the same but they decrease rapidly at higher TDC densities. The ignition delay and 
premixed burn fraction were both decreasing with the increase of TDC temperature and TDC 
density. 

The liquid phase fuel penetration of a diesel spray was comprehensively investigated in a 
constant volume chamber with a quiescent ambient gas for different fuels [108]. Diagnostic 
techniques included the Mie-scattering and schlieren imaging. The Mie-scattering image was 
used to analyze the liquid penetration while the schlieren image used to study the spray cone 
angle. A continuous argon ion laser was used as the light source. The effects of the injection 
pressure, the orifice diameter and aspect ratio, the ambient gas temperature and density, and the 
fuel volatility and temperature were studied. Some observed trends included: 1) maximum liquid 
length was linearly dependent on orifice diameter independent of other parameters; 2) injection 
pressure had no significant effect on liquid length, which was independent of other parameters; 
3) ambient gas density and temperature strongly affected the liquid length. The liquid length 
increased with the decrease of gas density or temperature. The sensitivity of liquid length to both 
parameters decreased as they increased, markedly so for density; 4) liquid length decreased 
linearly with increasing fuel temperature; 5) lower fuel volatility led to longer liquid length. 
However, the effect decreased with increasing gas temperature; 6) higher boiling point 
components in a multi-component fuel controlled the liquid length; and 7) orifice aspect ratio 
had a small and inconsistent effect on liquid length. Based these observations, two conclusions 
concerning fuel evaporation were reached: 1) vaporization in a diesel spray us was controlled by 
air entrainment into the spray; and 2) evaporation in a diesel spray occurred to a large extent in a 
batch distillation-type process for typical diesel conditions, with higher volatility components 
evaporating first and lower volatility components controlling the liquid length. 

In a subsequent work, the fuel effects on the liquid penetration were measured in the same 
combustion chamber [109]. The same setup and techniques were employed in this study as those 
in a previous work [108]. Liquid length of fuels with wide physical property variation was 
measured and correlated. Investigated fuels included some potential alternatives to conventional 
diesel fuel like Fischer-Tropsch diesel (FTD), biodiesel (B100), methanol (M100), a oxygenated 
reformulated gasoline (RFG), a non-oxygenated hydrocarbon gasoline (HCG), and a blend of 
85% methanol and 15% gasoline (M85). Based on the measurements, it was found that 
thermodynamic property variation could caused large changes in liquid length at given operating 
conditions. 
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A quantitative measurement of diesel spray penetration by using imaging processing 
techniques was performed for a non-evaporative spray in a constant volume high pressure 
chamber [110]. The spray images, namely the Mie-scattering signal from the spray, were 
captured by synchronizing a CCD camera with a flash light source. The flashlight was in a ring 
shape allowing light passing through the central part and the placement of both camera and light 
source in the same side of spray. During the imaging processing procedure, the background 
image was subtracted from the spray image. The image was improved by digital filters to remove 
the noise. Then the spray parameters were quantified. The liquid spray tip penetration increased 
with decreasing ambient gas pressure and increasing injection pressure. For the earlier stage of 
injection, the spray tip penetration was approximately linear with time. The spray cone angle was 
seen larger for higher chamber pressure.  

The diesel spray under very high injection pressure, namely up to 250 MPa, was studied by 
using digital imaging techniques in a recent work [111]. Through digital imaging processing, the 
spray penetration, the spray tip velocity, the spray angle, the projected spray area, the spray 
volume, and other characteristics were measured. There were not many differences seen in the 
results compared with previous results with lower injection pressure. The results of spray 
penetration under different injection pressures supported the Hiroyasu and Arai equation [112]. 
The authors also established some new evolution laws concerning the projected spray area 
development and the spray volume development.  

 

2.4.2 Natural Flame Emission 
Natural flame emission imaging is a rather common and powerful technique to study the 

combustion processes not only in engines but also in other industrial combustion systems to 
identify the combustion flame structure and ignition characteristics. This technique was used in 
most of the works in the previous discussed papers relevant to combustion visualization. A brief 
review of this technique applied in diesel combustion process is given below for completeness. 

A study of the auto-ignition process of a diesel spray was conducted in a constant volume 
combustion chamber through the application of high-speed visualization of schlieren/flame 
luminosity [113]. An argon ion laser was used for the schlieren light source. The images were 
taken by a high-speed movie camera with a nominal framing rate at 5 kHz. A key feature of the 
process observed was the formation and subsequent shedding of spray eddies along the edge of 
the fuel jet. These eddies provided a relatively quiescent environment for spray evaporation, 
local mixing and chemical reaction, away from the disruptive effects of the high momentum 
region of the jet. It was expected that these eddies served to provide regions where the chemical 
kinetic and fluid mechanic times could be balanced leading to the occurrence of auto-ignition. 
The effects of shifting the chemical induction time relative to the fluid mechanic transport time 
was illustrated by the comparison of events with different gas-phase temperature. 

Flame luminosity imaging combined with Laser Induced Incandescence and elastic scattering 
was used to study the soot distribution in a DI diesel engine by Dec [114]. The engine was 
modified for extensive optical access. The images were taken simultaneously for flame 
luminosity/LII and Mie-scattering/LII. LII/Mie-scattering images showed that there was no 
evidence of liquid fuel droplets in or near the combusting region of the plume. Soot particles 
were larger towards the leading edge of the plume while smaller upstream to the fuel injector. 
Meanwhile, it was found that the soot concentration was higher in the leading edge of the plume 
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and lower in the upstream towards the injector. LII results of soot distribution closely coincided 
with the extent of the natural flame luminosity, showing that no significant quantities of non-
luminous soot were around the periphery of the plume for the investigated conditions. Soot was 
found distributed through the cross-section of the plume. 

Diesel combustion was studied in an optical heavy-duty diesel engine via the 2-D laser sheet 
imaging and high-speed cinematography [115]. The high-speed movie camera was operated at a 
frame rate of either 6200 or 5200 fps corresponding to different exposure times per frame of 65 
us or 77 us respectively. The first flame luminosity occurred near the start of the premixed burn 
and it appeared almost simultaneously throughout the downstream portion of the fuel jets; 
combustion did not occur near the fuel injector tip until the end of fuel injection because of fuel 
coming out of the nozzle; the leading edge of the flame penetrated into the squish region with 
longer distance for higher load with longer fuel injection period; soot was seen throughout the 
cross-section of the combusting diesel jet; and higher soot concentration was seen in the head-
vortex region of the combusting jet with lower soot concentration in the upstream region towards 
the injector tip. 

The ignition characteristics and early combustion process of Diesel combustion in a heavy-
duty, single-cylinder direct-injection Diesel engine modified for optical access was studied by 
Dec and Espey [116]. Ignition and early combustion was visualized by imaging natural flame 
emission. Early soot development was measured qualitatively by LII and Mie-scattering 
techniques. Results showed that early detectable chemiluminescence occurred in multiple points 
across downstream of the fuel jets before the first heat release and soot appearance. Early soot 
occurred at random locations and developed throughout the cross section of the leading portion 
of the fuel jet. The results showed that the early soot arose from the fuel-rich premixed 
combustion. By the end of the premixed combustion, soot pattern such that higher concentration 
toward the front of the jet and lower concentration occurring upstream had been developed with 
larger-sized soot particles confined to the periphery of the combusting jet. 

In a subsequent work, the auto-ignition process in a DI diesel engine was visualized by 
applying the chemiluminescence imaging technique using an ICCD camera [117]. Time resolved 
natural light emission images were obtained. Meanwhile the emission spectrum for the early 
flame was also obtained. From the results for following points were concluded: 1) the auto-
ignition process was a progressive one occurring simultaneously over the downstream region of 
all the fuel jets; 2) weak chemiluminescence appeared shortly (1.0-2.5 CAD after SOI at 1200 
rpm) after the start of injection in all fuel jets well before the measurable pressure indicated heat 
release, which became brighter and shifts downstream as the jet penetrating across the chamber; 
3) By the time of fast heat release rate occurring, the majority of the chemiluminescence signal 
was emitted from the vapor-fuel region in the leading portion of the jet; 4) first detectable soot 
luminosity occurred in isolated pockets occurring randomly along the sides of the liquid-fuel in 
the upstream portion of some of the fuel jets; 5) soot luminosity appeared throughout the 
downstream portion of the jet about 0.5 CAD after the beginning of the rapid rise in the heat 
release rate curve; 6) the chemiluminescence in the auto-ignition process of a diesel jet had a 
broad maximum near 430 nm considered resulted from formaldehyde (CH2O) and CH emissions, 
which also verified the existence of cool flames during the ignition process; 7) there was also a 
weaker emission band from 520 nm to 650 nm, which was thought to be due to the weak red 
bands of HCO; 8) no OH emission was detected in the chemiluminecence spectrum showing that 
during cool flame period the OH radical concentration was small; 9) C2 emission was not 
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specifically detected in the chemiluminescence spectrum implying a cool flame during the auto-
ignition process; 10) the sooting combustion spectrum showed strong gray-body soot emission 
spectrum beyond 340 nm and a distinct OH emission band at 310 nm, and the latter showed a 
high temperature combustion process. This work provided a comprehensive understanding of 
diesel auto-ignition and also supported the hypotheses in the conceptual model for diesel 
combustion. 

The effects of swirl motion on the HSDI diesel combustion process at moderate speed and 
load was investigated by Miles [118]. The natural flame emission were obtained by taking the 
images from both the bottom of the piston and the side window using two ICCD cameras, which 
gave a 3-D view of the combustion process. Three levels of swirl ratio were studied. By 
increasing swirl ratio from 1.5 to 3.5, the ignition delay, initial premixed burn fraction, peak heat 
release rate value, and the maximum pressure rise rate were reduced. No obvious changes of the 
ignition locations were seen. In the early part of the mixing controlled combustion phase, no 
noticeable effect was seen on the heat release rate and flame luminosity spatial distribution. 
However, for later part of the mixing controlled combustion stage, heat release rate was higher 
for higher swirl ratios indicating that higher swirl promotes combustion in this part. During the 
late cycle combustion stage, less area and luminosity intensity was seen for higher swirl ratio 
showing a more complete final burnout of soot and unburned HC for this case.  

Auto-ignition process was investigated in a small-bore DI diesel engine [119-120]. In the 
first work, the liquid spray was visualized by simultaneous Laser Induced Fluorescence and Mie-
scattering technique. Ignition and combustion process were analyzed by imaging the 
chemiluminescence. In the latter work, a new technique was added to measure the time-resolved 
OH radical emission using a photomultiplier. It was observed in the experiments that multi-point 
ignition was seen near the injector nozzle, which was consistent with the ignition location for 
low injection pressure. Following the ignition, the reaction zones spread from the ignition sites to 
one larger combustion area. Flame became more evenly distributed due to aerodynamic 
convection under the influence of swirl motion in the combustion chamber. The application of an 
OH emission detector leading to a more accurate estimation of auto-ignition process than using a 
pressure transducer was shown in the latter work. 

 

2.4.3 Laser-induced Exciplex Fluorescence 
The state-of-the-art laser diagnostic techniques provide powerful approaches to study the in-

cylinder air-fuel mixing process non-intrusively. Laser-Induced Exciplex Fluorescence (LIEF) 
technique is a unique technique allowing simultaneous visualization of liquid phase and vapor 
phase distribution for droplet or spray. The technique was originally developed by Melton [121] 
and it was applied to engine cylinders by many researchers to investigate the air-fuel mixing 
process.  

An early study applying the LIEF technique in engine cylinders was done by Bardsley, 
Felton, and Bracco [122]. 2-D images of liquid phase and vapor phase distributions were 
obtained at different times during the engine cycle. Evidence of a dense liquid core was found 
with liquid impingement seen under certain conditions.  Vapor was seen throughout the spray 
cone, with an overall structure that was wider and penetrates further than the liquid phase fuel. 
Quenching of the vapor phase fluorescence by oxygen was investigated and found to be quite 
strong in high-pressure ambient environments. Therefore, all the results were obtained in a 
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nitrogen environment other than air during the intake process. This configuration was adopted by 
many researchers applying the LIEF technique in spray study. 

An evaporative diesel spray impinging on a wall surface was measured by using Exciplex 
fluorescence method [123]. The diesel fuel was injected into a quiescent high-temperature and 
high-pressure environment of nitrogen and impinged on a wall in the normal direction. The 
authors used a naphthalene and TMPD dopant system with n-decane as the base fuel. The results 
showed great influence of the wall on the spray evolution process. After fuel impingement, the 
liquid phase mainly flowed along the wall and its growth in the radial direction was not observed 
because of the evaporation of liquid fuel and the liquid jet reached a quasi-steady state. The 
vapor phase increased markedly from the wall upward at the periphery of the liquid wall jet. The 
wall jet vortex rolled up the dense vapor at the jet peripheral region. At a fixed time after 
injection, the fluorescence intensity decreased near the impingement point as the impinging 
distance increased, which was attributed to the different states of the impinging spray. It was 
pointed out that the vapor fluorescence intensity did not vary precisely in proportion to the vapor 
concentration because of the exciplex formation and its quenching effects. The feasibility of 
calibrating the exciplex technique using the same dopant combination for quantitative 
measurement of liquid and vapor phases was studied by Felton, et al. [124].  Because of the 
attenuation within the optically dense spray, the laser sheet profile was considered as the major 
source of error in calibrating the liquid-phase fuel.  However, for a dilute spray, the major source 
of error was attributed to the variation in exciplex quantum yield with temperature.  With the 
presence of the other error sources like camera noise, the error associated with the liquid-phase 
measurements within a dilute spray was estimated to be as much as 25%.  Temperature had 
nonlinear influences on the vapor signal. Below a threshold temperature, namely 470 K, the 
vapor concentration was reliably calibrated and associated errors were solely due to effects such 
as camera noise.  Above the critical temperature, however, the vapor fluorescence signal varied 
greatly with temperature.  Therefore, in order to quantitatively measure the vapor concentration, 
the temperature distribution within the combustion chamber must be known.  

The influences of pilot injection on the liquid and vapor phase distribution in a diesel spray 
were investigated in an optical CI engine [125]. The base fuel was decane with TMPD and 
naphthalene as dopants dispersed in it. Three cases were studied with one case having a pilot 
injection. With a pilot injection, less fuel impingement on the wall was seen and it was expected 
to help reduce hydrocarbon emissions. The results also suggested that the interaction between the 
swirl and the pilot spray affects the choice of the dwell time between the pilot and main 
injections.  

Quantitative measurement of liquid and vapor concentration in evaporating Diesel sprays 
was also investigated in a constant volume combustion chamber [126].  A naphthalene and 
TMPD dopant system was used.  The effects of elapsed time after injection, concentration, and 
ambient temperature on the vapor fluorescence signal were tested.  The authors found that over 
long time periods there was a marked degradation in fluorescence signal at high temperatures. 
However, for time periods associated with an actual injection event within an engine, there were 
no appreciable effects.  In addition, the fluorescence signal decreased with increasing 
temperature and concentration because of the increased molecular collision probability.   

In a subsequent paper, this quantitative analysis was used to study the influences of injection 
pressure on the liquid and vapor distribution of an impinging spray in a high-temperature and 
high-pressure atmosphere [127]. Temperatures and pressures within the chamber were set at 
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typical values experienced during normal combustion in a small-sized HSDI Diesel engine.  A 
preheated aluminum plate was used to simulate the piston wall with a temperatures encountered 
during steady-state operation.  Images of liquid and vapor fuel were taken and calibrated for 
various injection pressures and impingement distances.  Results showed great effects of injection 
pressure and impingement distance on the evaporative and impinging spray. With higher 
injection pressure, the vapor concentration was leaner and vapor distribution was more uniform, 
while the mixture temperature had a higher temperature. As the impingement distance became 
longer, the regions of leaner vapor concentration and the higher mixture temperature appeared on 
the wall with a more uniform distribution. At the same time, the development of the liquid phase 
became smaller. 

Application of LIEF to visualize the liquid and vapor fuel distributions within a HSDI diesel 
engine was performed by Choi, et al. [128]. A single cylinder diesel engine was modified for 
optical access through quartz piston top and side windows. Experiments were performed for 
three separate planes along the axis of injection. Images were taken along the mid-plane as well 
as one millimeter above and below the mid-plane. Results showed influences of swirl motions on 
the vapor phase distribution, while little effect was seen on the liquid phase. The vapor phase 
was formed just after fuel injection around the periphery of the injection spray. Results 
confirmed that a great deal of vapor phase fuel with high concentration was seen between the jet 
axis and the cylinder head due to the promoted vortex motion in this region.   

Quantitative fuel vapor concentrations of an evaporating diesel spray was measured using the 
exciplex technique by Kim and Ghandhi [129]. A naphthalene and TMPD dopant system was 
adopted.  The designed combustion chamber was used to simulate the TDC conditions occurring 
in a typical diesel engine by a premixed combustion of a slightly rich C2H2-air mixture. Then the 
diesel spray was injected into the high temperature and pressure environment.  Calibration 
effects of the concentration of the fluorescent marker, pressure, collision partner, and 
temperature were studied.  Effects of the laser sheet absorption and intensity profile were 
corrected prior to calibration.  Fluorescence signal was seen to be linear with concentration.  No 
effect of pressure was found on the fluorescence signal, which made all other calibration 
experiments to be performed at ambient pressure possible.  Collision partner (N2, Ar, CO2, and 
H2O vapor) was found to have minimal effects on the fluorescence signal.  This test was 
performed to ensure that the composition of the combustion products within the injection 
chamber from the premixed combustion does not interfere with the exciplex results.  Interesting 
variation trend of fluorescence signal versa temperature was observed.  Below 600 K, 
fluorescence intensity increased linearly with temperature.  Above this critical temperature, the 
trend reversed with fluorescence signal decreasing linearly with temperature.  

Exciplex results from an optical investigation within a small-bore HSDI engine using a 
common-rail injection system were published by Docquier [130].  Again, a naphthalene and 
TMPD dopant system was used.  The effect of fuel jet wall impact position on soot emissions 
was investigated.  No liquid impingement on the piston bowl walls was found in the results.  
Vapor was seen throughout the liquid cross-section, with the vapor extending beyond the tip of 
the liquid spray.  The vapor impingement on the bowl wall was observed, which redirects the 
vapor back into the central region of the combustion chamber.  The vapor distribution was 
affected by the in-cylinder swirl flow field.  The jet/wall impinging position was varied by 
changing the squish height. As the squish height was increased, the amount of vapor redirected 
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back into the piston bowl decreased, with a larger percentage spilling over into the squish region, 
which was further confirmed by separate visualizations within the squish region. 

The application of LIEF technique in an HSDI optical engine with realistic piston geometry 
was done by Mathews, et al. [131]. In this study, a naphthalene and TMPD dopant system was 
used with tetradecane as the base fuel simulating the mid boiling range of a European low sulfur 
diesel fuel. Simultaneous liquid phase and vapor phase distributions were visualized for both 
single-injection and multiple-injection strategies. Significant liquid impingement was seen in the 
single main injection case, while evidence of liquid impingement was seen only in the first stage 
of the multiple-injection case. More uniform vapor distribution was found for the multiple-
injection strategy.  

The influence of nozzle orifice geometries on the fuel evaporation process was analyzed 
through LIEF technique in a high-pressure spray chamber [132]. In this work, the fraction of fuel 
vapor was determined using LIEF technique for sprays from different orifice diameters from 
0.100 mm up to 0.227 mm. The exciplex system used included 1-cyanonaphthalene and N,N-
dibutylaniline as dopants and n-dodecane as the base fuel. The system was excited by a laser 
wavelength of 355 nm. Results showed that both increased injection pressure and reduced orifice 
diameter reduce the liquid volume fraction of the spray. It was observed that a strong fuel 
penetration reduction occurred for one of the conical orifice.  

In a more recent study, the planar LIEF technique was used to visualize and measure the 
fuel/air concentration in both liquid phase and vapor phase [133]. The measurements were 
performed for three injection pressures and three ambient gas density values in a simulated 
optical engine facility. Hexadecane was used as the base fuel with TMPD and α -
methylnaphthalene being the dopants. In order to obtain quantitative results of vapor 
concentration, the correction factors considered in the image processing included: 1) laser sheet 
profile and aperture correction, 2) liquid-vapor fluorescence cross-talk phenomenon, and 3) 
quenching correction. Spray tip penetration for the vapor phase decreased with in-cylinder gas 
density and increased with increasing injection pressure. Maximum liquid penetration was 
reduced by higher ambient density and remained almost unaffected by the injection pressure with 
a trend of slight decrease as injection pressure increased. 

 

2.4.4 Light Extinction Technique 
When light passes through a cloud of a participating medium, for example soot, the light 

intensity is attenuated by both scattering and absorption of the medium. For this situation, it is 
said that the light is attenuated by the soot particles.  By measuring the incident light intensity 
and the attenuated light intensity, the soot volume concentration can be obtained through the 
application of the Lambert-Beer’s extinction law.  

The application of a single point light extinction technique was carried out to study the soot 
formation in a model chamber [134]. The measurements were performed in a matrix of locations 
in the fuel spray. The soot mass in different layers and total mass were computed by using a 
refractive index and soot density from previous literature. The effects of injection pressure, 
injection rate, orifice diameter, and spray injection angle on soot formation were investigated. 
Results showed that higher overall injection rates led to less soot formation in the spray but 
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higher injection rate at the early stage of injection caused higher soot formation. An overlap of 
injection and combustion led to strong soot formation.  

The single point light extinction technique was applied in a high-speed direct injection diesel 
engine by Hentschel and Richter [135]. The influence of different EGR rate on the soot 
formation and oxidation was studied. Results showed that increasing EGR rates led to longer 
ignition delay and retarded soot formation as well as oxidation. Peak soot concentration was 
found a few crank angle degrees after auto-ignition. It also increased with increasing EGR rate. 
Soot oxidation rate was reduced with increasing EGR rate due to lower combustion temperature 
and less oxygen concentration. 

The application of single point light extinction is rather limited in practical application. In 
order to obtain the spatial distribution of soot concentration, a matrix of measurement points has 
to be built up, which makes this technique tedious and time-consuming. Two-dimensional soot 
visualization is possible by using an expanded laser beam and an array of light intensity detector 
such as an ICCD camera. Soot formation process was studied in an optical diesel engine by 
Nakakita, et al. [136]. In this work, three techniques were adopted to study the air-fuel mixture 
and combustion flame and soot clouds by the Schlieren method and back illumination light 
extinction method respectively. Different optical setups including the Schelieren method, 
shadowgraph, and light extinction were compared. Good agreement was seen between 
experiments and numerical simulations. It was shown by this study that 1) the main soot area 
was considerably small than the luminous flame area, especially at the initial stage of soot 
formation, 2) main soot cloud first appeared in the tip region of the air-fuel mixture, downstream 
of the ignition location a few milliseconds after the ignition. It was attributed to the soot carried 
down by the gas flow from the ignition location, 3) flame temperature was more influential on 
the soot formation when compared to the fuel vapor concentration.  

Quantitative 2-D soot measurement was conducted in a simple burner setup by using the 
backlight illumination light extinction technique [137]. Because the burner flame was axis-
symmetric, a tomographic inversion technique was applied to convert the data to two-
dimensional soot volume fraction maps. The effect of placing a diffuser in the laser beam was 
clearly shown by corrupting the coherence of the laser light source. This technique was further 
improved to measure very low soot concentration with a very low noise by Snelling, et al. [138]. 
An ethylene/air laminar diffusion flame was measured and the radial profiles of soot 
concentration was obtained by applying the tomographic analysis from the use of an Abel 
inversion for the line-of-sight data. 

The effect of ambient temperature, ambient density, and injection pressure on the soot 
distribution in a diesel fuel jet was investigated in an optically accessible constant volume 
combustion vessel [139]. The quantitative measurements of line-of-sight averaged soot volume 
fraction were conducted by using a single point light extinction technique. At the same time, a 
planar Laser Induced Incandescence technique was applied to the same diesel jet. For the light 
extinction technique, a 10-mW, 1-mm diameter He-Ne laser was used. Optical thickness data 
were only acquired at locations with the optical thickness less than 4, because for optical 
thickness greater than 4, the extinction was too high to obtain accurate soot measurement. Other 
techniques like OH chemiluminescence and flame luminosity imaging were also utilized. Results 
supported the following conclusions: 1) soot formation began after auto-ignition during the 
premixed burn phase in the region between the lift-off length and the transient, penetrating head 
of the fuel jet. In the quasi-steady region, soot concentration initially increased with axial 
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distance downstream of the lift-off length, reached a peak value, and then decreased with 
increasing axial distance. The peak value marked the location where the total soot oxidation and 
the total soot formation across the cross-section of the fuel jet balance each other; 2) an increase 
in ambient gas temperature caused the peak soot value to increase and move upstream, while at 
the same time soot levels near the flame tip decreased; 3) an increase in ambient gas density 
caused a non-linear increase in soot levels, such that soot levels were higher than would be 
expected due to simply the increase in number density that occurred with increasing ambient 
density; 4) an increase in injection pressure caused a decrease in soot. The peak soot decreased 
linearly with increasing injection velocity. 

It should be mentioned that the setups used in the abovementioned works were with two 
windows, namely the so-called backlight illumination light extinction technique. More recently, 
a Forward Illumination Light Extinction (FILE) technique was developed and applied to measure 
temporal and spatial resolved soot distribution in a diesel jet [140-141]. For the first paper, the 
technique was developed and verified by applying it into a laminar diffusion ethylene-air flame. 
The quantitative soot volume fraction was compared and confirmed by the LII measurement. The 
advantage for this technique was that it only used one single window, which was more feasible 
in combustion device with complicated geometry, for example a diesel engine with the limitation 
of installing two windows on both sides of the flame. This technique was applied to study a 
transient diesel spray in a constant volume combustion chamber [141]. A high-speed copper 
vapor laser operated in high frequency was used as the light source. Transient soot evolution 
process of the diesel fuel jet was visualized. Quantitative computation gave the total mass time 
history generated in the diesel jet. Three stages of soot development were determined. The rapid 
soot generation occurs at the later time of the premixed combustion stage followed by a stable 
period with a balance of soot formation and oxidation before the end of injection. Soot oxidation 
controls the burning of the fuel injected at the end. 

2.5 Conclusions from the Literature 
The HCCI combustion mode, more generally low temperature combustion, is a promising 

combustion mode to reduce the PM and NOx emissions simultaneously, which is not only 
applicable to compression ignition engines, but also to SI engines. Because of the high viscosity 
and lower volatility of diesel fuel, it is more difficult to form homogeneous air-fuel mixture 
before auto-ignition. Special techniques are required to obtain HCCI combustion in diesel 
engines. Due to the complicated implementation of port fuel injection technique in diesel 
engines, it is not a practical technique to realize HCCI combustion even though it gives the most 
homogeneous air-fuel mixtures compared with other techniques. In-cylinder direct injection 
technique is considered a promising way to implement HCCI combustion by optimizing the 
injection strategy, injection angles, and spray–wall interaction because of its good compatibility 
with the current diesel engine hardware and electronic control systems. Early injection far before 
compression TDC, late injection, and combination of early injection and late injection are the 
injection strategies mostly studied by researchers. The MK and UNIBUS combustion modes, 
which were successfully applied in production engines, belong to these injection strategies. The 
difficulties in implementing HCCI combustion include the ignition timing control, load 
limitation, and higher emissions of HC and CO. EGR was shown to be an effective measure to 
control ignition delay. It was shown that the charge non-homogeneity existed even for very early 
injection during compression stroke, which also implied that the low PM and NOx emissions for 
HCCI combustion was mainly determined by lower flame temperature. Low temperature mixing 
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controlled combustion provides a way for load expansion. By adding dilute gases such as EGR 
gases, the flame temperature can be controlled within 1500 K to 2000K to avoid the soot and NO 
formation peninsulas. Therefore, rich combustion can be implemented in diesel engines with low 
soot and NO emissions to push the low emission operations to high load and high-speed regimes.  

Due to the renewable nature of bio-diesel fuel, the performance and emissions from burning 
biodiesel fuel in diesel engines have been a research topic in the last decade and will continue to 
become more extensive in the near future because of the worldwide energy and environment 
concerns.  Studies on the application of bio-diesel fuel in diesel engines showed significant 
reduction in pollutant emissions such as CO, HC, and PM. Because of the NOx emissions for 
bio-diesel fuel was generally higher than petroleum diesel fuel, a bulk of research were 
concentrated on the reduction of NOx in bio-diesel combustion. Applying EGR and retarding the 
injection timing were shown to be effective for NOx emission reduction while keeping the lower 
levels of CO, HC and PM for bio-diesel combustion. However, most of the reports were focused 
on conventional diffusion combustion of bio-diesel. Low temperature combustion has its unique 
advantage to inhibit the formation of NOx during the combustion process. In addition, compared 
to petroleum diesel fuel, the cetane number of bio-diesel is generally higher, which results in 
easier auto-ignition and is beneficial to the low temperature combustion process. The low 
temperature combustion of bio-diesels has not been reported in the literature, it is of practical 
interests to investigate the combustion characteristics of bio-diesels in a small bore HSDI diesel 
engine and compare with the low sulfur European diesel.  

Diagnostic techniques and visualization tools play important roles in the study of combustion 
process, particularly in the transient process of diesel jet combustion in a compression ignition 
engine. Mie-scattering technique allows the qualitative measurement of liquid phase 
development and interaction with walls. Natural flame emission helps to identify the ignition 
location, to study the combustion flame structure, and to analyze the late cycle soot oxidation 
process. Laser-Induced Exciplex Fluorescence is a powerful technique for simultaneous imaging 
of both liquid phase and vapor phase distribution, which provides useful information for the air-
fuel mixing process prior to the ignition. Light extinction technique is a reliable and effective 
tool for soot visualization. High-speed two-dimensional light extinction technique offers a 
practical tool for soot visualization for transient diesel jet combustion. The previous review also 
shows that there are great difference between large bore diesel combustion with less air motion 
and the high-speed small diesel engine with strong air motion. A the same time, small bowl 
geometry leads to more fuel impingement on the wall, which results in greatly different diesel 
combustion processes from the combustion of a free diesel jet. The combination of these 
visualization techniques would help to enrich the understanding of diesel combustion in a small 
DI diesel engine. 

Another important point that is missing from these previous combustion or air-fuel mixture 
imaging, however, is the realistic piston geometries.  A flat window typically replaces true piston 
shapes in order to attain optical access to the cylinder.  The replacement of the true piston shape 
changes the flow field into which the fuel is injected.  Therefore, the goal of the current study is 
to contribute not only to the knowledge of low temperature and bio-diesel combustion processes 
in HSDI Diesel engines, but to do so within a realistic in-cylinder flow field. 
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3. Experimental Objectives and Measurement Techniques 
3.1 Objectives 

Based on the literature review in Chapter 2, a low temperature combustion concept that 
covers a wide engine load range is proposed as follows. The engine-operating domain can be 
divided into three combustion modes. At low load, MK combustion is adopted, for medium load 
UNIBUS concept is used, and at high load low temperature combustion with some charge 
heterogeneity will be employed. The combination of the three preserves the same combustion 
system and fuel injection system with no significant hardware modifications, and the mode 
conversion can be easily implemented with a commercial engine control system. The diesel 
engine operating in this way can be called a “low temperature compression ignition diesel 
engine”. 

The goals of the proposed research, therefore, were to implement the low temperature 
combustion in an optically accessible diesel engine with realistic piston geometry, to analyze the 
heat release characteristics for low temperature combustion, to study the influences of operating 
parameters (injection timing, injection strategy, injection pressure, fuel quantity, and operation 
load), injection angles, and alternative fuels, namely bio-diesel fuels, on the air-fuel mixing and 
low temperature combustion processes, and to investigate soot evolution during the processes. 
The goals were achieved by using different diagnostic tools and techniques: 

1. Heat release analysis through in-cylinder pressure measurement, 

2. Visualization of liquid fuel distribution using 3-dimensional-like high speed Mie-
scattering under combusting environments, 

3. Liquid spray visualization using background corrected Mie-scattering technique through 
cylinder side-windows, 

4. Liquid and vapor phase fuel visualization using a Laser-Induced Exciplex Fluorescence 
(LIEF) technique,  

5. Ignition and combustion structure visualization using high speed imaging of natural 
flame emission, 

6. Soot evolution visualization using a light extinction technique, and 

7. NOx measurement in the exhaust pipe. 

 

3.2 Measurement Techniques 
3.2.1 Mie-Scattering of Liquid Fuel 

Liquid fuel distribution visualization in engine cylinders provides useful information on the 
evolution of diesel spray penetration, spray-wall interaction, and fuel droplet dispersion. Mie-
scattering technique is a commonly used method for liquid phase visualization [105-111]. The 
scattered signal is seen proportional to the second power of fuel droplet diameter [142, 143], 
which can be used qualitatively for liquid fuel distribution without calibration. In the practical 
application of Mie-scattering, the light scattered pattern can be very complex for a liquid spray 
due to the presence of multiple scattering. Therefore, it is quite difficult to use Mie-scattering 
technique as a quantitative analysis tool for droplet diameter measurement. However, it is 
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powerful for qualitative observation of the spray behavior. A Copper Vapor laser from Oxford 
Lasers was used as the light source. The scattered light from liquid droplets was imaged by a 
high-speed video camera (Phantom V7.0 from Vision Research Inc.) synchronized with the laser. 
The images gave qualitative information about the transient liquid phase distributions showing 
the extent of the liquid fuel penetration and the extent of liquid fuel impingement on the bowl 
surface. This technique could be used for combusting environment or non-combusting 
environment by choosing intake supply. 

 

3.2.2 Laser-Induced Exciplex Fluorescence 
Laser-Induced Exciplex Fluorescence (LIEF) technique is a unique technique allowing 

simultaneous visualization of liquid phase and vapor phase distribution for droplet or spray. The 
technique was originally developed by Melton [121], and it was applied to engine cylinders by 
many researchers to investigate the air-fuel mixing process [122-133]. The exciplex system is 
composed of three components including two dopants with a monomer, M, and a quencher, G, 
and a base fuel where the dopants are dissolved. The base fuel used in the exciplex technique is a 
single component hydrocarbon fuel.  In order to make the dopants reliably trace the phase 
changes, the boiling point of the monomer should typically be close to that of the base fuel. 
During the photo physical process, the monomer, M, rises to an electronically excited state M*, 
typically through the use of some form of laser irradiation.  This excited state typically has a 
lifetime of 10-100 nanoseconds.  Then, the excited molecule can return to the ground state 
through the emission of light, or it can collide with the quencher, G, in either the liquid or vapor 
phases.  If the excited monomer collides with the quencher, it can return to the ground state 
without the emission of light, transfer some of its energy to excite the quencher, or bind 
reversibly with the quencher to form the excited state complex, which can return both dopants to 
the ground state through the emission of light.  The formation of the exciplex can be illustrated in 
the following chemical reaction as shown in Fig. 3.1, 

          M* + G ⇔ E*                                                                                               (3.1) 

where E* is the excited state complex, or exciplex. The fluorescence from the excited monomer 
and the exciplex are of interest in this technique.  The excited monomer is at a higher energy 
state than the exciplex due to the physics behind the excitation of the molecules.  The emission 
wavelength from the exciplex is longer than that of the monomer.  In order to take advantage of 
this spectral shift, the excited monomer must be made the dominant emitter in the vapor phase 
and the exciplex the dominant emitter in the liquid phase, which is achieved by limiting the 
concentrations of M* and G in the vapor phase, so that the chemical reaction (3.1) does not 
proceed to the right. Therefore, the dominant emission visualized from the vapor phase is the 
excited monomer. Conversely, the concentration of G in the liquid phase should be high enough 
to drive the chemical reaction (3.1) to the right, creating the exciplex.  Hence, the dominant 
emission visualized from the liquid phase is the exciplex.  By using the appropriate optical 
filters, separate but simultaneous imaging of the liquid and vapor distributions can be made. 

3.2.3 Natural Flame Emission 
Generally speaking, natural flame emission from Diesel combustion includes two parts: 

chemiluminescence and soot luminosity. As stated in book [70] chemiluminescence often starts 
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from low temperature combustion due to relaxation of the excited combustion radicals to their 
ground states, which indicates the start of exothermic chemical reaction and heat release.  For 
diesel combustion, chemiluminescence often comes from the visible and near ultraviolet bands 
due to the OH, CH, CH2O, and C2 radicals [117].  Although chemiluminescence occurs just after 
the start of injection, the signal level is quite weak. Intensified Charge Coupled Device (ICCD) 
camera is always used to capture these early non-luminous flames. It is also noticed that 
chemiluminescence exists for the whole combustion process, but it is overwhelmed by strong 
radiation from luminous flame after soot is generated in the flame. 

Soot luminosity is the main radiation source for luminous flame. The emission spectrum is 
close to a gray body with continuous emission bands. It is often assumed that the perceived 
radiation intensity depends on the soot volume fraction and the temperature of the soot [144, 
145].  Because soot emission is much stronger than the chemiluminescence for luminous flame, 
luminous flame luminosity distribution is often used as an indication of soot distribution for 
qualitative analysis. Natural flame emission visualization is a straightforward and commonly 
used diagnostic technique in engine research community, even for low temperature combustion 
[63, 65, 76, 113-120]. 

 

3.2.4 Light Extinction Technique 
Currently, there are many approaches for soot diagnostics for example gas sampling, two 

color method, light extinction method and Laser Induced Incandescence (LII) [145]. Due to the 
limitation of gas sampling technique, optical non-intrusive diagnostic techniques are often used. 
Although LII can give a spatial distribution of soot instead of a line-of-sight integration, for 
diesel engine applications, only one image can be obtained each cycle due the destruction of soot 
by high laser power. It is difficult to obtain time evolution for a certain transient process. On the 
other hand, two-color method or light extinction method overcomes this disadvantage and a time 
evolution of soot signal of a certain combustion cycle can be obtained. Line of sight two-
dimensional soot distribution is also possible if the light source and camera are synchronized in a 
high operating frequency. If optical geometry allows, it is also possible to get quantitative results 
[137-141].  

The principle of light extinction method is given by Lambert-Beer’s law, 
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extjiji dxKII
0,,0, exp                                                                             (3.2) 

where I0, i, j is the incident light intensity at pixel (i, j), Ii, j is the extinction light intensity at 
pixel (i, j), L is the path length of the light beam, and extK  is the extinction coefficient of soot 
cloud. For light extinction method, two shots are necessary with the first one capturing light 
intensity without soot and the other one recording the attenuated light intensity. The commonly 
used KL factor can be obtained as 

)/ln( ,,,0, jijiji IIKL =                                                                                      (3.3) 

Using KL factor, the path-averaged soot concentration for different cases can be compared 
and analyzed. Due to the piston geometry limitation, for the current work, back illumination light 
extinction with two windows for combustion within a chamber was used for late cycle soot 
visualization. 
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3.2.5 NOx Measurement in Exhaust Pipe 
An important benefit of low temperature combustion is the low NOx emission. Because of a 

thermal loading limitation for the optical engine, it was risky to run the optical engine in a 
continuous firing mode. Instead, the optical engine was operated in an injection pattern of 3 
injection cycles followed by 10 motoring cycles. An MEXA-720NOx analyzer from Horiba was 
used to measure the diluted NOx concentration from the exhaust pipe. This non-sampling NOx 
analyzer provided a faster response by using a NOx sensor installed on the exhaust pipe. The 
sensor had a response time of about 0.7 second. The engine was operated in a skip-fire mode for 
a certain time. It was seen from the engine operation, that after about one minute of engine 
operation, the NOx readout became stable and remained essentially constant. The final NOx 
emission values were corrected based on the duty-cycle of the operation pattern. The NOx 
measurement was done for all the listed cases to study the mechanism of low temperature 
combustion for NOx reduction. In order to compare the NOx emissions for different cases, a NOx 
Parameter (NP) was defined as the NOx emissions divided by the released heat for the 
combustion process. The unit for the NOx parameter is ppm/J in the current study. A small 
parameter indicates a better performance in NOx emissions during the combustion process. 
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4. Optical Engine Facility and Diagnostic Technique Setup 
4.1 General Engine Setup 

All the experiments were conducted in a small bore HSDI optically accessible diesel engine. 
The optical engine was modified based on a single cylinder DIATA (Direct Injection Aluminum 
Through-bolt Assembly) diesel engine supplied by the Ford Motor Company. Features of this 
optical engine include an all aluminum structure, a small displacement (300 cc), a four-valve 
combustion system, and a high-pressure common-rail injection system.  Optical access to the 
combustion chamber is attained from the side through a window just below the head, or from 
below through the fused silica piston top, which is attached to a Bowditch-type piston through a 
piston extension. The optical engine design maintains the geometry of the ports and combustion 
chamber of the original engine.  A schematic of the optical engine is illustrated in Fig. 4.1. The 
optical engine is built on an FEV crankcase, with all remaining components either taken from a 
full prototype, or machined specially for this engine.  Typical engine specifications are listed in 
Table 4.1. Detailed information about this engine can be found in the reference [131, 146].  

A flat-roof combustion chamber design was employed in this engine, with two intake and 
two exhaust valves per cylinder.  Dual-overhead cams with hydraulic lifters were adopted to 
operate the valve train.  Two independent runners supplied the intake charge, while the exhaust 
was discharged through a single runner.  A full DIATA prototype had the capability of 
electronically deactivating one of the intake ports to achieve variable swirl level within the 
combustion chamber.  This was simulated on the research engine through the insertion of a ball 
valve prior to one of the intake ports.  To maintain symmetry in the intake system, a similar 
valve was placed in the same position on the other intake port, but remained unused.  To reduce 
the effects of pressure waves on the intake flow, a damping chamber was located as close to the 
engine as possible.  This chamber had a volume of 26.5 liters, which was 88.3 times the 
displacement volume of the optical engine.  The intake mass flow rate was measured through a 
calibrated orifice plate flow meter.     

External cooling and oiling pumps were installed to provide coolant and lubrication oil. 
External reservoirs with immersion heaters were used on both the cooling and oiling systems in 
order to pre-heat the engine to its operating temperature without actually running the engine. The 
oil and coolant temperatures were regulated by two external tube-in-shell heat exchangers with 
Johnson Controls T-8000 controllers. 

A Bosch common-rail electronic injection system was used on the research engine, capable 
of injection pressures up to 1350 bar. An electronic low-pressure transfer pump supplied fuel 
from a reservoir to the mechanical high-pressure pump.  An Omega pressure transducer was 
fitted in the fuel rail and used as feedback for pressure control on the high-pressure pump. The 
fuel injector used was a Valve-Covered Orifice (VCO) injector. The injector had six 0.124-mm 
holes placed symmetrically in the nozzle tip, with an included angle of 150 degrees for the 
original design. When investigating narrow angle injection techniques, the injector tip was 
replaced with new designed ones with narrower injection included angles. The injector was fitted 
with a needle lift sensor monitoring the needle throughout injection.   

An air-cooled General Electric DC dynamometer (10 hp delivering, 15 hp absorbing) was 
used to motor the optical engine.  Both the engine and the dynamometer were mounted on a steel 
bedplate and are coupled with a shaft manufactured by Spicer Corporation.  This shaft was 
designed for the connection of engines to dynamometers and has a universal joint at each 
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connection location.  The dynamometer controller was manufactured by DyneSystems Co. 
(model DYN-LOC-IV), and is capable of both speed and torque control. 

The engine was instrumented with a number of sensors to monitor its operation.  An optical 
shaft encoder with quarter crank angle resolution was used to provide the time basis on which all 
data acquisition timing systems are operated.  Temperatures were recorded through the use of 
thermocouples in various key locations (e.g., intake, fuel supply, coolant, oil, etc.).  Strain gauge-
type pressure transducers were used to measure pressures that were relatively steady (e.g., intake, 
oil, fuel supply, fuel rail).  The in-cylinder pressure was measured by a Kistler 6061B 
piezoelectric pressure transducer in conjunction with a Kistler model 504E charge amplifier. A 
photo of the whole optical engine setup is shown in Fig. 4.2. 

 

4.2 Data Acquisition and Control System 
National Instruments LabView version 6.0 was used as the control and data acquisition 

software for the engine.  Monitoring of engine temperatures and pressures was done through the 
use of a multifunction data acquisition board (PCI-MIO-16E-4) using an external signal 
conditioning unit. The timing control involved in running the engine, laser, and cameras was all 
implemented through two 16 up/down 32-bit counter/timers PCI-6602 boards.  

A Phantom v7.0 high-speed digital video camera was used to capture the natural flame 
emission for the whole cycle. The response spectrum covers the range from 400nm to 1000nm. 
When doing Mie-scattering for liquid spray, a high pulse rate copper vapor laser from Oxford 
Laser was used as the light source. The non-linearity of the camera response to incident light is 
below 3%, which makes it suitable for direct comparison of light intensity. The high-speed 
camera and copper vapor laser were synchronized up to 15K fps to get time-resolved 
measurement at a resolution of 256×256 pixels. The copper vapor laser has stable output with 
fluctuation less than 2%. Each laser pulse lasts 25 to 30 ns, and is ideal for freezing the transient 
movement. The copper vapor laser has two-color output at 511 nm and 578 nm with a power 
ratio of 2:1. The high power band was used for light extinction measurement. 

A Continuum Powerlite 8000 Nd:YAG laser was used throughout the experimentation of 
LIEF technique.  When this laser is operated at 355 nm, it can produce power of approximately 
230 mJ each pulse over a duration of about 8 ns.  Dielectric mirrors were used to direct the beam 
from the laser laboratory into the optical engine test room.  Once in the engine room, a 
combination of spherical and cylindrical lenses was used to form a two-dimensional laser sheet.  
These lenses were all mounted on an optical rail, which could direct the laser sheet into the 
combustion chamber at the necessary orientation. For some conditions unable to get the laser 
sheet into combustion chamber, an expanded laser beam was adopted. 

Two industrial grade ICCD video cameras fitted with gated micro-channel plate image 
intensifiers were used for imaging of the fluorescence signals.  The resulting images were single 
fields of standard RS-170 video format, from which 512 pixels horizontally and 240 pixels 
vertically could be digitized with 8-bit dynamic resolution.  The pixels were rectangular and 
yield an overall image aspect ratio of 4:3.  These intensified cameras had a minimum gating of 
approximately 100 ns.  The lenses used with these cameras were special UV transmitting lenses 
(UV-Nikkor) made by Nikon that had a focal length of 105 mm and a maximum aperture of 
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f/4.5.  Depending on the diagnostic technique, these camera lenses were fitted with the 
appropriate filters.   

 

4.3 Engine Operation 
4.3.1 General Engine Operation 

All tests within the optical engine were performed under conditions typical of an operating 
metal engine.  The conditions that remain constant for the operation of the optical engine are 
shown in Table 4.2.  For the optical engine, external heaters were used to obtain similar oil and 
coolant temperatures to the metal engines without engine operation.   

The engine was operated in a “skip fire” mode to reduce the thermal load on the optical parts.  
By doing this, the engine was fired for 1 cycle, with a number of 12 non-firing flushing cycles in 
between each burst.  Pressure and needle lift data were taken during the firing cycle.  When EGR 
rate was applied, it was simulated in the intake using equivalent CO2 flow rate from pressurized 
cylinder bottles. Before taking load data, the engine was run for a certain time to achieve a 
steady thermal state for the in-cylinder environments. When doing LIEF experiments, in order to 
synchronize the engine and the Nd:Yag laser, an operation pattern with three injection cycles 
following by 10 flushing cycles was used. The LIEF images were taken during the third injection 
cycle. This injection pattern was also used during NOx measurement in the exhaust pipe. The 
Diesel fuel used was a low-sulfur European Diesel fuel, purchased from Chevron Phillips 
Chemical Company.  Specifications of this fuel are shown in Table 4.3.   

 

4.3.2 Fuel Quantity Calibration 
For certain operating conditions, some prescribed injection quantities for the first injection 

were chosen.  In order to inject these precise amounts of fuel, calibration of the injector was 
necessary.  The right injection pulse width should be found by a series of calibration of fuel 
quantities. Due to the unavailability of single-injection fuel quantity equipment, the fuel was 
injected over a certain number of injections and collected. Fuel was injected into a closed 
chamber. Then the fuel mass for many injections was weighed and averaged to get the fuel 
quantity for one injection cycle. It was found that it was important to use the same injection 
sequence as running the engine in skip-fire mode at the same speed, because the injection 
frequency and rail pressure fluctuations affected the fuel quantity. During the fuel calibration, a 
series of 5 runs with 201 injections for each run was performed for each calibration point. The 
averaged fuel quantity based on the 5 runs was used and the standard deviation was calculated 
based on the 5 runs. Besides the fuel calibration for the specified first injection fuel quantities, 
the whole cycle fuel quantities injected for certain operation cases were also calibrated using the 
same procedure based on the injection pulse widths from load matching. 

 

4.3.3 Engine Load Matching 
In order to simulate metal engine conditions within the optical engine, the difference in the 

compression ratio between the optical and metal engines must be taken into account.  This 
difference is due to the increase in the squish and crevice volume because of the optical design, 
as well as the increased blow-by due to the oil-less rings.  To account for this, the intake 



366 
 

temperature and pressure were increased for the optical engine in order to match TDC conditions 
of the metal engine.  Pressures at TDC were measured and adjusted to the TDC pressure within 
the metal engine by increasing the intake pressure. However, temperatures at TDC had to be 
calculated by assuming a polytropic process.  The value of polytropic exponent was obtained 
from the log-log plot of pressure and volume during the motoring of the engine.  The intake 
temperature was changed and the TDC temperatures were calculated using the measured poly-
tropic exponent until the appropriate TDC temperature was reached. 

Once the appropriate intake pressure and temperature were found, the engine load was 
matched to a certain nominal prescribed Indicated Mean Effective Pressure (IMEP) by adjusting 
the fuel quantity of the main injection.  During the load match, a set of 21 in-cylinder pressure 
curves was captured from a continuous operation using an operation pattern with 1 injection 
cycle followed by 12 motoring cycles, and averaged to obtain the gross IMEP.  The computed 
IMEP was compared with specified nominal IMEP and the injection pulse width was adjusted 
until an acceptable IMEP value with a difference less than 0.1 bar IMEP compared with the 
nominal IMEP value was obtained. Then the injection pulse width was recorded and used for 
future in-cylinder process imaging and fuel calibration. 

 

 

4.4 Imaging Technique Setup and Image Processing 
4.4.1 3-D Combustion Visualization by Imaging Natural Flame Emission 

Due to the extensive optical access provided by the optical DIATA engine, 3-D like 
combustion imaging is feasible by adding two mirrors beside the optical engine. The schematic 
is shown in Fig. 4.3. The emitted light from the flame coming out of the side window is directed 
by the two mirrors to the camera. In order to obtain the combustion images from the side and 
bottom windows at the same time, one high-speed video camera was used by setting the 
resolution at 512×256 to capture both images. For all of the high-speed combustion images taken 
in the current study, the operating frame rate was 12000 frames per second, which was 
corresponding to 0.75 CAD intervals between two consecutive images. Because the optical path 
for the side window image and the bottom-view image is the same from the injector tip to the 
camera imager, the focus of the camera was adjusted according to the bottom-view image with a 
clear picture of the injector tip. The luminosity obtained through the camera was a line-of-sight 
integrated signal from the flame radiation. For all of the cases, the exposure time was 2 μs to 
freeze the combustion process at the moment. The F-stop was adjusted for different operating 
conditions, but it was kept constant for direct comparison within a certain group of tests. 

The digital images of combustion flames obtained using the high-speed video camera were 
processed using the same colormap for a certain group of test and scales to compare the 
influences from different operation and control parameters. For each case, 5 combustion movies 
were obtained and a typical whole cycle movie was selected for analysis and presentation. Flame 
luminosity varying with crank angles was obtained for the all of the cases by summing up the 
pixel values of the bottom-view combustion images. Because of the setup limitation, the side 
window flame images were not complete due to the blockage of the side of the window spacer. 
Generally speaking, flame luminosity mainly depends on soot concentration and flame 
temperature. Lower flame luminosity indicates low soot concentration or low flame temperature, 
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which inhibits NO formation. Qualitatively speaking, for the burning of a certain fuel mass, the 
more the heat released and the lower the flame luminosity are, the better the efficiency and 
emissions are. Therefore, a number, called Flame Luminosity Parameter (FLP) thereafter, was 
defined as the ratio of mean flame luminosity during a diesel spray burning process to the total 
heat released to show the effectiveness of a combustion process. The number was used to 
compare different operating conditions under different loads. A small value showed lower 
temperature or lower sooting combustion. If the flame luminosity can be calibrated, quantitative 
analysis is also possible. 

HCCI combustion leads to uniform flame distribution except for the very near wall region. 
Uniform flames indicate uniform air-fuel mixture before combustion occurs. In order to illustrate 
the flame uniformity or homogeneity, two parameters were defined and computed from 
combustion images to analyze the flame geometric characteristics. The first parameter was 
defined as Flame Spatial Fluctuation (FSF) as follows, 
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where jiI , is the captured flame radiation intensity at pixel position ),( ji  and I  is the mean 
flame radiation intensity for an image at a certain crank angle. The flame non-homogeneity 
(FNH) was defined as the sum of the length of spatial gradients for the images over all of the 
pixels as  
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∂
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I

∂
∂  are the partial differentiation in x  and y  direction respectively. For a 

uniform image, both FSF and FNH give zero values. The reason for using two parameters to 
evaluate the flame image intensity variation was that the two parameters could be used to 
describe different aspects of the image intensity variation. For example, as shown in Fig. 4.4 for 
a one-dimensional problem, Curve 1 and Curve 2 have the same FSF; however, their FNHs are 
not equal and Curve 2 will have a higher FNH. The meaning of FSF is similar to the definition of 
standard deviation in statistics, which shows the data deviation from the mean value with no 
information about the variation of the data around the mean value. FNH, however, will 
compensate the information of the data variation. For random data, it will show similar trend for 
the two parameters. 

Another useful parameter to characterize the image pixel value randomness is called the 
entropy of the image in the imaging processing technique. The definition of the entropy of a 
grayscale image is as follows, 
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where E is the entropy for an image, p contains the histogram probability for the image at certain 
pixel values, and N  is the bin number used for the histogram counts. For the current application, 
N  is 256 for all of the processed images. The entropy is a statistical measure of randomness that 
can be used to characterize the texture of the input image. For example, if we have a totally 
uniform or homogeneous image with all pixel values the same, the entropy of the image will be 
zero with nothing random. With the increasing pixel values, the image becomes more fluctuated 
or random resulting in a larger entropy value. 
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4.4.2 Spray Visualization by High-speed Mie-scattering 
Two kinds of Mie-scattering techniques were developed in the current study. The first one 

was called 3-Dimensional Mie-scattering technique to visualize the liquid spray from both the 
bottom of the piston and the side window to study the spray penetration, dispersion and spray-
wall interactions. For this technique, the setup was similar to the 3-D like combustion imaging 
setup. The setup schematic is shown in Fig. 4.5. The only difference is the illumination light 
from the copper vapor laser using an optic fiber. To obtain good quality images of both views, 
the direction of the incident laser light was quite critical. By adjusting the laser light incident 
direction, the light intensity of bottom view image should be strong enough to identify the spray 
and the side window image should not be too strong to saturate the camera imager. The incident 
light angle was along the axis of the spray with an angle of 15 degrees to avoid the reflected light 
from the side-window flat surface going to the camera. The camera synchronized with the laser 
was operated at 12000 fps with resolution of 512×256 pixels. The exposure time was 2 μs. This 
technique can be applied in combusting or non-combusting environments. The 3-D image was 
processed by improving the brightness or the contrast to get a better view of the transient spray 
in the engine cylinder.  

The second Mie-scattering technique is called the background corrected Mie-scattering 
technique. In this technique, the Mie-scattering image was taken through the side window. 
Because the side window view does not experience the moving lens effect of the bottom view 
due to the piston bowl extrusion, the optical length from the side window to the central plane of 
the cylinder remains constant. Thus the background image and the Mie-scattering images can be 
taken and the Mie-scattering image quality can be improved by doing background correction. 
The setup schematic is shown in Fig. 4.6. The laser light was induced from the bottom of the 
piston. Scattered light from the spray was collected from the side window. Because the piston 
was moving, the background image and the Mie-scattering image must be taken at the same 
timing relative to the TDC pulse. The camera was synchronized with the copper vapor laser and 
operated at 12000 fps with a resolution of 320×240 pixels using an exposure time of 2 μs.  

The image processing procedure of the background corrected Mie-scattering technique is 
illustrated in Fig. 4.7. First of all, the background image was subtracted from the original Mie-
scattering image at the same timing. Secondly, the brightness and contrast of the background 
corrected Mie-scattering images were improved with a better quality image. At the same time, 
the piston bowl curvature was abstracted from a Mie-scattering image full of small droplets in 
the cylinder by applying the edge detection technique. This edge information was saved in a 
binary image with “1” within the bowl areas and “0” outside the bowl areas. Then, namely the 
third step, an “AND” operation was executed between this bowl profiles image and the 
processed Mie-scattering image at the right height. The length scale was also added in the 
processed picture. As shown in Fig. 4.8, the view field was compressed in the horizontal 
direction because of the optical distortion of side window. The distortion of the piston bowl 
results in the compression in both directions. Because the optical path does not change for the 
side window images, some quantitative analysis can be applied on the liquid spray. The injection 
velocities after SOI were calculated for certain injection parameters. 

 

 



369 
 

4.4.3 Liquid and Vapor Phase Fuel Distribution using Laser Induced Exceiplex 
Fluorescence (LIEF) 

The exciplex system used during experimentation consisted of a base fuel of tetradecane 
(90% by volume), with naphthalene (9% by volume) and TMPD (1% by volume) employed as 
the dopants.  In this system, the vapor signal was seen to peak at 380 nm and the liquid signal 
peaked at 470 nm.  Because the presence of oxygen severely quenched the exciplex fluorescence, 
the engine was supplied with nitrogen and motored for all exciplex measurements. 

When doing LIEF experiments, the optical engine was motored, and operated in three 
injection cycles followed by 10 flushing cycles. The image was taken during the third injection 
cycle due to the synchronization of the laser system and the engine. Although the experiments 
were done in non-firing cycles, the ambient environments were quite close to the firing cycle 
before the start of ignition and heat release. LIEF provides unique information of liquid and 
vapor distribution before ignition. During the experimentation, the F-stop and filters were kept 
the same for the liquid camera and vapor camera respectively. Therefore, the signal could be 
compared for different cases. Because the ambient environments were greatly different after the 
first injection combustion, the second injection LIEF measurement using nitrogen was not 
similar to the situation prior to the second injection ignition supplied with air in the intake. Only 
the first injection LIEF results were meaningful for multiple-injection strategies in real 
combustion process. The experimental setup and the influence of the piston curvature on imaging 
were shown in Figs. 4.9 and 4.10.  Because of the curvature of the piston bowl, an optically dead 
region was encountered.  The lip of the bowl corresponded to the inner rim of this optically dead 
region. The cameras used were the two ICCD cameras equipped with the two 105 mm focal 
length UV Nikon camera lenses with an exposure time of 200 ns. Each image in the results was 
based on an average of images from six separate injection events. 
 

4.4.4 Late Cycle Soot Visualization using Backward Illumination Light Extinction (BILE) 
Technique

The BILE technique was implemented to qualitatively measure the transient line-of-sight 
soot concentration in the engine cylinder during late cycle crank angles. Using the BILE 
technique, the soot evolution process was obtained for late cycle crank angles for one continuous 
combustion cycle since it was not a destructive measurement like LII. This is one advantage of 
BILE technique over LII technique. Another advantage is that because BILE detects the line-of-
sight soot distribution, it can measure lower soot concentration than LII technique, which is more 
useful for low temperature combustion with low sooting flames. The setup of BILE technique for 
the engine application and the light path are shown in Figs. 4.11 and 4.12 respectively. 

The setup used in the current study was similar to that employed by Nakakita, et al. [136, 
145]. The difference was that in the current study a high operating frequency copper vapor was 
used as light source with synchronization with a high-speed video camera. Because of the high 
power output for the 511 nm band, this band was used as the incident light for the experiments. 
A combination of two interference filters with 10 nm FHML at 510 nm and 515 nm was used to 
filter out the light of the second wavelength of the copper vapor laser at 578 nm and block the 
natural flame emission.  The combined effect led to a band-pass filter with about 5 nm 
bandwidth. An optic fiber was used to direct the light from laser output to the side window. In 
order to reduce the Schlieren effect and shadows caused by the change in the refractive index of 
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the mixtures, a light diffuser was put in front of the side window.  Therefore, a uniformly 
diffused light shone on the side window.  

For the current setup, the view field was deformed due to the curvature of the two side 
windows, which were equivalent to cylindrical plano-concave lenses.  The schematic of the light 
path is illustrated in Fig. 4.12. The light beam coming from the light diffuser expands after it 
passes the cylindrical surface of the side window on the left. Because of the curvature, a virtual 
image of the light diffuser is formed in the camera. As a matter of fact, the light going into the 
camera looks somehow as coming from the virtual image. After the light passes through the soot 
cloud, it hits the cylindrical surface of the side window on the right. The light beam is further 
shrunk due to the curvature. Therefore, the light going into the camera is only a small fraction of 
the light diffuser. These effects are shown in the picture taken for the optical engine in Fig. 4.13. 
As seen in Fig. 4.13, two pieces of paper with square grids are put in the center of the cylinder 
and the back of the left side window, respectively. Grid No.1 is behind two side windows with 
more shrinkage in the horizontal direction. Grids No.2 and No. 3 are on the same paper with grid 
No.2 behind one side window and grid No. 3 directly exposed to the eyes. The grids in three 
regions on the pictures clearly show the deformation effects of the two side windows. The soot 
visualization region is shown in Fig.4.14 by the black frame drawn over the picture and the 
region in the white frame indicates the engine cylinder seen from one side window used for side-
window combustion visualization. During the experiments of BILE technique, the camera was 
zoomed on the soot visualization region. Because of these special features of the current setup, it 
was quite difficult to obtain quantitative measurement. 

A typical soot visualization example using BILE technique is depicted in Fig. 4.15. Based on 
the Lambert-Beer’s law, the distribution of qualitative KL factor of soot cloud in the engine 
cylinder can be obtained. Because of the light blockage of the piston, only the region between the 
piston top and the upper edge of side window is processed. The presented results for soot 
visualization hereafter are mainly about KL factor. The natural flame emission during the BILE 
experiments is negligible compared with the laser strength due to the narrow band pass filters 
employed in this setup. 

During the soot visualization experiments, the high-speed camera was operated at 12000 
frames per second with a short exposure time of 2 μs. Both background and soot images were 
saved for post-processing. The digital images of the background and soot were processed using 
the same color-map and scales to compare different operating conditions. For each case, 5 sets of 
data were obtained and a typical whole cycle movie was selected. As mentioned before, on the 
basis of the BILE technique, the processed results were the distribution of KL factor 
qualitatively. 

The soot signal was obtained by summing up the pixel values of the soot visualization region 
for all of the cases. One was the spatially integrated soot signal for the whole soot visualization 
region and the other one was the averaged soot signal for that region. The averaged one was 
more useful when discussing the soot evolution process in the engine cylinder. For the spatially 
integrated soot signal, the increase of signal at the beginning was due to the region expansion 
resulted from piston movement. Although the integrated soot signal doesn’t provide much 
information on soot evolution process, it shows overall soot formation information when 
comparing different cases. Similar to the Flame Luminosity Parameter, a number, called Soot 
Parameter (NP), was defined as the ratio of the average integrated soot signal over the released 
heat for the combustion processes. A lower FLP value indicates lower sooting or lower 
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temperature combustion. On the other hand, if the soot concentration and temperature are 
similar, a lower FLP value also shows higher combustion efficiency. Lower value indicates 
better combustion performance for that injection event. For the Soot Parameter (SP), a lower 
value indicates less soot generated for the combustion process. A smaller number indicates better 
soot reduction. 
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4.5 Tables and Figures  

                   

Table 4.1 Specifications of the single cylinder DIATA research engine 
 

Bore 70 mm
Stroke 78mm
Displacement/Cylinder 300 cc
Compression Ratio 19.5:1
Swirl Ratio  2.5
Valves/Cylinder 4
Intake Valve Diameter 24 mm
Exhaust Valve Diameter 21 mm
Maximum Valve Lift 7.30/ 7.67 mm (Intake/ Exhaust) 
Intake Valve Opening 13 CAD ATDC (at 1 mm valve lift) 
Intake Valve Closing 20 CAD ABDC (at 1 mm valve lift) 
Exhaust Valve Opening 33 CAD BBDC (at 1 mm valve lift) 
Exhaust Valve Closing 18 CAD BTDC (at 1 mm valve lift) 

 
 
 
Table 4.2 Boundary conditions remaining constants for the optical engine operation 
 

Engine Speed 1500 [rpm]
Inlet Air Pressure ~1.4  [bar]
Inlet Air Temperature 60  [°C]
Inlet Air Mass Flow Rate 14.8 [kg/h]
Exhaust Gas Pressure 1.5 [bar]
Oil Temperature 75  [°C]
Coolant Temperature 75  [°C]
Fuel Temperature 40  [°C]

 
 
Table 4.3  Physical specifications of the low-sulfur European Diesel fuel 
 

Specific Gravity 0.8369
Cetane Number 54.0
Sulfur Content, ppm 196
Mid Boiling Point, °C 270
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Figure 4.5 The schematic showing the setup of 3-dimensional Mie-scattering technique for 
spray visualization 

 

 
Figure 4.6 The schematic showing the setup of background corrected Mie-scattering 
technique for spray visualization from side windows 
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Figure 4.11 The schematic of the BILE technique used in the optical engine 
 

 

Figure 4.12 The principle and light path for the BILE technique 
 

 

Figure 4.13 The picture showing the grid deformation due to side window curvature 
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5.   Experimental Results and Discussion: Low Temperature Combustion 
5. RESULTS AND DISCUSSIONS 

5.1. In-Cylinder Pressure and Heat Release Analysis 
The operating conditions are considered typical for the metal engine at low load. Intake 

temperatures and pressures were increased to match top dead center conditions within the metal 
engine. These conditions are summarized in Table E5.1.  Before running experiments, the optical 
engine was warmed up by circulating heated coolant and lubricating oil to simulate a warm 
engine environment. The engine operates in skip fire mode in order to reduce the heat load of the 
glass piston with one injection cycle followed by 12 motoring cycles. EGR is simulated in intake 
using equivalent CO2 flow rate from pressurized cylinder bottles. Before taking load data, the 
engine was motored for a certain time to achieve a steady thermal state for the in-cylinder 
environments. Pressure data were taken continuously for the injection cycles and saved to the 
computer for post processing. The gross Indicated Mean Effective Pressure (gIMEP) was 
calculated based on the pressure data, and the injection pulse widths were adjusted accordingly 
to match 3 bar gIMEP for Case 1 and Case 2. Other cases kept the same fuel quantities as the 
relevant cases. Fuel used was a low-sulfur European Diesel fuel, selected properties of which are 
shown in Table E5.2.  

Pressure traces for the six cases are shown in Figure E5.1. For comparison, the motoring 
pressure is also plotted.  The corresponding data of needle lift are shown in Figure E5.2. Because 
Cases 3 and 4 have the same needle lift profiles as Cases 1 and 2 respectively, their profiles are 
not shown in Figure E5.2. It is seen from the figure that high injection pressure results in faster 
combustion and thus more rapid pressure increase due to better fuel spray atomization and 
mixing. Knock-like combustion is seen for Case 2. Cases 3 and 4 have longer ignition delays 
because of a higher EGR rate compared to Cases 1 and 2. Higher EGR rates dilute the air-fuel 
mixture and elongate the ignition process, which provides more time for the air fuel mixing 
process. The above-mentioned MK concept mainly depends on a large EGR rate to improve the 
mixture formation and charge homogeneity, which reduces the chance for the formation of local 
fuel rich-points and thus reduces soot generation. Later injection timing has a strong influence on 
the combustion processes. Cases 5 and 6 have much longer ignition delay than the relevant Case 
1 and Case 2.  

The apparent heat release rates are illustrated in Figure E5.3. In order to show the net effect 
from the fuel burning, the net apparent heat release rates are computed using a similar approach 
to the literature (Miles 2000). Before doing the heat release rate computation, the pressure data 
were smoothed by multi-point averaging. Results in the heat release rates support the 
observations in the in-cylinder pressure plots. Ignitions delays are obviously earlier for higher 
injection pressure, lower EGR rate, and earlier injection timing. After the start of injection, 
negative heat release rates indicate fuel evaporation by absorbing heat from the in-cylinder gas. 
Narrower and higher heat release peaks are seen for higher injection pressure cases showing a 
more rapid combustion and concentrated heat release processes, while flatter and broader heat 
release shapes are seen for lower injection pressure cases. A lower heat release peak indicates 
lower combustion temperature and lower pressure-rise rate, which is better for NOx and noise 
reduction. 
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5.2. Flame luminosity 
The camera was triggered by the pulse from the TDC shaft encoder and captured images at 

12000 frames per second. This frame rate corresponds to 0.75 CAD intervals between two 
sequential images at 1500 rpm. For all of the cases, the F-stop was 11 and exposure time was 2 
us. Flame luminosity varying with crank angle was obtained for the six cases by summing up the 
pixel values of the bottom-view combustion images. The time histories of flame luminosity for 
the six cases are shown in Figure E5.4 using CAD after the Start Of Injection (SOI). Higher 
flame luminosity peaks were found for lower injection pressure. Lower flame luminosity peaks 
were seen for higher EGR rates. To some extent, flame luminosity is used as an indication of 
soot concentration and combustion temperature (Zhao et al., 1998). Based on ideal gas law, the 
estimated bulk temperatures are around 850 K at SOI and the peak temperatures are about 1350 
K for the low injection pressure cases and about 1400 K for the high injection pressure cases as 
shown in Figure E5.5. Since the estimated bulk temperatures are quite close for similar injection 
pressure, the flame luminosity difference is mainly due to soot concentration differences. Based 
on these assumptions and Figure E5.5, it is concluded that later injection timing and higher EGR 
ratio help reduce soot formation. For higher injection pressure conditions, even though the in-
cylinder temperatures are higher than the lower injection pressure conditions, a lower flame 
luminosity as shown in Figure E5.5 indicates much lower soot concentration for these high 
injection pressure conditions. 

A comparison between the flame luminosity and heat release rate provides additional insight 
into this in-cylinder process. When the flame luminosity starts appearing, the heat release rates 
have passed their peaks for Case 2, Case 5 and Case 6, which indicates HCCI-like combustion 
under these conditions with most of the heat released in a smoke-less combustion process. The 
heat release rate peaks appear earlier than flame luminosity peaks for all the cases. During the 
time between the heat release rate peak and flame luminosity peak soot forms locally at fuel rich 
locations as well as high temperature regions. After flame luminosity reaches its peak, soot 
oxidation dominates and flame luminosity decreases.  

 

5.3. Liquid spray visualization 
Liquid distributions imaged using the high-speed Mie-scattering technique are shown in 

Figure E5.6 for four cases, namely Cases 1, 2, 5, and 6. Because Cases 3 and 4 have the same 
injection timing as Cases 1 and 2, only the results of Cases 1 and 2 are presented. Each case has 
three images showing the start of injection, fuel impingement on the bowl wall and the end of 
fuel injection. The start of injection picture is the first image with fuel coming out of the injector 
orifice. The end of injection picture is the last image during the injection event. Both are based 
on the time-revolved spray image sequence. 

From the four images for the start of injection, it is seen that the liquid fuel coming out of the 
injector tip is about 1.25 CAD to 1.50 CAD after the given SOI of injection timing obtained from 
needle-lift data. At the same crank angle, higher injection pressure results in a stronger liquid jet 
from the injector tip as shown in Figure E5.2 for Cases 2 and 6 compared with Cases 1 and 5.   

Generally speaking, the jet structures for the four cases are pretty symmetric, especially for 
later crank angles after SOI. The end of injection for low injection pressure cases is found at 
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about 8.00 CAD after the given SOI.  The injection duration is estimated to be 6.5 CAD. 
However, for high injection pressure cases, the spray ends at about 6.5 CAD after SOI. The 
duration is about 5.00 CAD. High injection pressure leads to a shorter injection duration, which 
indicates that air-fuel mixing process is longer than low injection pressure cases. The early flame 
appearing timings for Cases 1 and 2 are quite close as seen later in the combustion images. Thus 
a more uniform air-fuel mixture is expected for Case 2 than Case 1. For Cases 5 and 6, due to 
later injection timing, the in-cylinder temperature is lower than those of Cases 1 and 2. The early 
flame appearing for Cases 5 and 6 are expected to be later than Case 1 and 2. As shown in the 
Mie-scattering images, the retarded injection timing has little effect on injection duration. 
Therefore, Case 5 and 6 reslut in more uniform mixtures than Cases 1 and 2. 

Although the current diesel engine has a high swirl ratio, the interaction of the liquid jet with 
air swirl is hardly seen in the Mie-scattering pictures. However, the fuel vapor was influenced by 
air swirl, which leads to a more uniform air-fuel mixture in the azimuthal direction. Especially 
for the high injection pressure case, a donut shape vapor signal was seen in the Laser Induced 
Exciplex Fluorescence (LIEF) results (Mathews et al., 2004).  Liquid fuel impingement on the 
bowl wall is seen for all of the four cases. The bottom view images in second pictures show 
some evidences of fuel impingement due to the spreading of the spray tip in the spray radial 
direction. However, it is hard to determine the location of the fuel impingement. Clear fuel 
impingement is seen in the side window pictures. The liquid spray tip hits the bowl wall or the 
bowl lip. The fuel spreads on the bowl wall downward along the bowl wall curvature as shown 
by the jets in the direction toward the camera and in the side jets.  

The observed phenomenon is shown more clearly in the amplified pictures in Figure E5.7. 
Liquid film on the bowl wall is seen for all the cases. As the liquid jet hits the bowl wall, fuel 
splashes in radial directions of the fuel jet. Secondary breakup occurs during this process, which 
can make the fuel droplets more dispersed than those without fuel impingement. Stronger and 
earlier fuel impingement is seen for high injection pressure cases, which is more apparent in the 
Mie-scattering movies. The fuel wall impingement was used in engines to provide better mixing 
in diesel combustion as shown in some combustion concepts (Kato et al., 1992, 1996; Ogura et 
al., 1992). This fuel impingement benefits the air-fuel mixing process as long as the liquid fuel 
film evaporates completely before ignition. For small bore high-speed diesel engines, as shown 
in the current work, it is difficult to avoid fuel impingement even for low load conditions. It is 
important to control the impingement process for better air-fuel mixing and low exhaust 
emission combustion processes. 

 

5.4. Combustion images 
The digital combustion images obtained using the high-speed video camera were processed 

using the same color map and scales to compare different injection strategies. For each case, 5 
combustion movies were obtained and a typical whole cycle movie was selected for analysis and 
presentation. The scale bar indicates the colormap and shows the normalized flame luminosity 
value from “0” to “1”, where “0” means lowest intensity in blue and “1” means the highest 
intensity in red. 

The combustion images obtained from high-speed videos for the six cases are shown in 
Figures E5.8-E5.13 respectively. The initial flames appear as flame pockets isolated within the 
bowl region in the vicinity of the spray tip.  These initial flame pockets expand very quickly in 
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the subsequent process. Stronger early flame luminosity is seen for higher injection pressure, 
which indicates better and faster mixing as well as faster fuel burn. Higher EGR rate leads to a 
slightly later appearance of luminous flame showing longer mixing time and a more uniform 
mixture and flame luminosity is also weaker. Injection timing retardation has a significant 
influence on flame development resulting in a longer mixing time and weaker flame. Multipoint 
ignition is seen for all the cases with high injection pressure cases being more obvious, which 
shows that high injection pressure makes the fuel more dispersed and ready to ignite in multiple 
points. This is consistent with the observation in previous study (Yanagihara et al., 1997). The 
observed bulk ignition process shows that the air-fuel mixture is relatively uniform before 
ignition occurs. Moreover, based on the images from the side window, it is obvious that the 
ignition occurs in the bowl close to the bowl wall. No evidence of diffusion flame is seen for all 
of the cases because there is no liquid fuel seen injected into early flame. As mentioned in the 
Mie-scattering images, the fuel–wall interaction during the fuel injection processes enhances the 
fuel dispersion process. 

With more fuel burned, flame intensity becomes stronger. Most of the flames are confined 
within the bowl region with some above the bowl and little in the squish region. Higher 
luminosity flames are seen for Cases 1 and 3 with 600 bar injection pressure. For Cases 5 and 6, 
it is apparent that uniform and less luminous flame appears within the bowl except the very inner 
circular region around the injector tip. Side window images also show similar results for Cases 5 
and 6. The flame structures observed imply that most of the fuel is confined in the bowl region 
for these injection strategies. Due to the high Swirl Ratio (SR) in this engine (SR=2.5), fuel 
vapor distribution is rotated azimuthally within the bowl and leads to a quite uniform mixture in 
the azimuthal direction. This does not happen in the radial direction. Therefore, a doughnut 
shape flame is observed in the combustion chamber, which is more obvious for both Cases 5 and 
6 due to longer mixing time with more uniform mixture. Another reason is due to the fuel 
impingement on the bowl wall and a wall jet develops back into the central region of the bowl. 
The flame spots in the flame images in Cases 5 and 6 are believed to be the burning of some 
local rich region due to the dispersed droplets near the injector tip after the end of fuel injection. 
It is more obvious from the combustion movie that the luminous spots move along spiral curves 
from the location close to the injector tip to downstream of the spray direction. The spiral motion 
is due to the initial radial momentum of the droplet and the air swirl motion. 

Late cycle combustion images show the soot oxidation in the combustion chamber. It has 
been estimated that the bulk in-cylinder temperature is quite close for the cases with similar 
injection pressure. Flame luminosity mainly depends on soot concentration within the flame. 
Soot oxidation is an important mechanism to reduce the soot going to the exhaust pipe. Weak 
late cycle flame luminosity shows low soot formation and/or faster soot oxidation.  Based on the 
combustion images, it is believed that more soot is generated for Cases 1 and 3. Little soot is 
formed for Cases 5 and 6. Some soot is generated in Cases 2 and 4, but the fast oxidation process 
leaves little soot left at late cycle crank angle, i.e. 35 CAD ATDC. The soot generation for the 
whole cycles of Cases 5 and 6 is rarely seen in the combustion chamber. Although the flame is 
confined within the bowl region in the late cycle event, flame comes out of the bowl due to 
strong air motion induced by downward motion of the piston and the fluid inertia.  

The flame spots seen in combustion images for Cases 4, 5 and 6 provide further evidences 
for the observations discussed earlier. The combustion development process gives a clear picture 
of combustion processes within the cylinder for the six cases. More soot is generated in Cases 1 
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and 3, and the soot oxidation is also slower than other cases. Locally rich equivalence ratios and 
high temperature are the necessary conditions for soot generation. Little soot indicates a locally 
lean mixture occurring within the combustion chamber. For the currently studied cases, it is seen 
that higher EGR leads to lower combustion temperature and lower soot concentration due to 
longer ignition delay with better air-fuel mixing. High injection pressure reduces soot formation 
with much less soot generated than lower injection pressure cases. Delayed injection timing has a 
great effect on combustion. The calculated IMEP shows a work penalty for lower injection 
pressure with delayed injection timing. However, for the high injection pressure cases, the work 
loss is negligible. High injection pressure results in a shorter injection duration and high fuel 
flow rate through the injector orifice, which gives relatively more time for fuel to vaporize and 
mix with air. On the other hand, delayed injection timing leads to fuel injection into a lower 
ambient temperature. This lower ambient temperature is still high enough for fuel vaporization 
and low temperature oxidation but not high enough to initiate the high temperature oxidation. 
The EGR rate, however, will influence the combustion through chemical mechanisms. By 
increasing the mole fraction of the product, the early reaction is weakened. Because the 
investigated cases are low load conditions, EGR effect is somehow limited. The influence of 
delaying injection timing is more effective in changing the combustion process. 

 

5.5. NOx emissions 
An important benefit of low temperature combustion is the low NOx emissions. Because of 

thermal loading limitation for the optical engine, it is risky to run the optical engine in a 
continuous firing mode. Instead, the optical engine was operated in a skip-fire mode with an 
injection pattern of 3 injection cycles followed by 10 motoring cycles. An MEXA-720NOx 
analyzer from Horiba was used to measure the diluted NOx concentration from the exhaust pipe. 
This non-sampling NOx analyzer provides faster response by using a NOx sensor installed on the 
exhaust pipe. The sensor has a response time about 0.7 second. The engine was operated 
continuously for a certain time using the given injection pattern. The final NOx emission values 
were corrected based on the duty-cycle of the operation. The NOx measurement was done for all 
the investigated cases. 

Based on the above discussions, flame luminosity mainly depends on soot concentration 
under similar flame temperature. Low flame luminosity indicates low soot concentration or low 
flame temperature. The Flame Luminosity Parameter (FLP) can be defined as the ratio of the 
average flame luminosity over the released heat for the combustion process. The FLP was 
computed for the six cases. A small value shows lower sooting combustion. On the other hand, 
in order to study the NOx emission characteristics for different cases with different power output, 
a NOx parameter was defined as the NOx emissions per joule of released heat during the 
combustion process. The unit for the NOx parameter is ppm/J. The FLPs and NOx Parameters for 
the six cases are shown in Figure E5.14 with the NOx emissions shown in Figure E5.15. For 
Cases 1, 3 and 5 under lower injection pressure, it is seen that, with the increase of EGR rate and 
the retardation of injection timing, simultaneous reduction of FLP and NOx parameter is obtained 
for both injection pressure, indicating that both soot and NOx can be reduced by increasing EGR 
rate and retarding injection timing for late injection strategy. For higher injection pressure cases, 
however, a significant reduction in FLP is obtained with an increase of the NOx parameter. 
Under higher injection pressure conditions, better air-fuel mixing process benefits FLP reduction 
while it results in faster burning rate and higher in-cylinder temperature as shown in Figure E5.5 
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with more NOx generation in the combustion chamber. In terms of soot and NOx reduction, 
further optimization in injection pressure is necessary for achieving best performance under low 
load conditions.  

 

5.6. Conclusion 
In the current work, low temperature HCCI combustion was investigated within a small bore 

HSDI diesel engine with optical access. Pressure traces and 3-D like liquid spray and combustion 
visualization were used to investigate the influence of injection pressure, EGR rate, and injection 
timing.  Heat release analysis was carried out to estimate the heat release rate showing premixed 
combustion for all the cases. The fuel impingement on the bowl wall is clearly seen for all of the 
cases through side-window images. Due to fuel-wall impingement, liquid fuel films are seen on 
the bowl wall before ignition and at the time of ignition the film has disappeared. This fuel 
impingement is believed to benefit the air-fuel mixing process and consequently a more uniform 
mixture is prepared. Stronger impingement is seen for high injection pressure. Little effect is 
found for injection timing on the fuel impingement. No liquid fuel is seen before ignition 
indicating premixed combustion for all the cases. Based on combustion images, flame luminosity 
history curves versa crank angle were calculated. It is found that high injection pressure is 
favorable for soot reduction with little power penalty. EGR rate will to some extent delay the 
ignition timing and lower the combustion temperature. However, for low load conditions, the 
effect is limited. Low temperature combustion can be realized by delaying injection timing with 
high injection pressure resulting in little penalty on power output. For lower injection pressure, 
delayed injection timing has a greater penalty on power output. NOx can be reduced by 
increasing EGR rate and retarding injection timing for late injection strategy. For higher injection 
pressure cases, however, a significant reduction in FLP is obtained with an increase of the NOx 
parameter, which is due to a faster burning rate and higher in-cylinder temperature in the 
combustion chamber. It is also shown that low temperature combustion has a more homogeneous 
combustion structure indicating that a homogeneous charge is already prepared at the time of 
ignition. 
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Case 
Number

Rail 
Pressure

[bar] 
EGR 
rate 

SOI 
[CAD

ATDC] 

Pulse 
Duration

[us]
IMEP
[bar] 

1 600 25% 0 165 2.98
2 1000 25% 0 94 3.04
3 600 50% 0 165 2.84
4 1000 50% 0 94 3.03
5 600 25% 2 165 2.75
6 1000 25% 2 94 2.98

 
Table E5.1. Summary of engine operating conditions. 

 
 
 

 
 
Table E5.2.  Selected properties of the low-sulfur European Diesel fuel used during 
experimentation. 

 

  

Specific Gravity 0.8352
Cetane Number 52.9
Sulfur, ppm 27.5
Mid Boiling Point, °C 260
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6. Experimental Results and Discussion: Narrow Angle Direct Injection 
6. RESULTS AND DISCUSSIONS 

6.1 Testing Conditions 
The results presented in this paper include operating conditions under different loads with 

various injection strategies. Intake temperatures and pressures are increased to match Top Dead 
Center (TDC) motoring conditions that would occur within the metal engine with the same 
piston geometry.  For the optical engine, the inlet pressure is about 1.35 bar and the temperature 
is about 333 K (60°C). There is no EGR for the current conditions. The engine speed remained 
constant throughout experimentation at 1500 RPM. For comparison and consistency under 
different loads, the injection pressure was maintained constant at 1000 bar for all the cases in the 
current paper. Similar operation conditions with lower injection pressure were also conducted, 
but will not be included in this paper due to the page limit. Three different injection strategies 
were employed including an early pre-TDC injection strategy, a late post-TDC injection strategy, 
and a multiple injection strategy using an early pre-TDC injection plus a late post-TDC injection. 
The relevant operating conditions are summarized in Table E6.1.  The fuel quantity of the first 
injections were calibrated and injected at given injection timings for the multiple injection 
strategy. The main injection pulse duration were adjusted to match the load for the Cases 1-3 to 
be nominal 2.0 bar IMEP, and Cases 4, 6, 7 to be 5.0 bar IMEP. The fuel quantity for Case 5 is 
the same as Case 4 with Case 5 having a later injection timing. Fuel used in these experiments is 
a low-sulfur European Diesel fuel, selected properties of which are shown in Table E6.2.   

 

6.2  In-Cylinder Pressure and Heat Release Analysis 
The optical engine was warmed up by circulating heated coolant and lubricating oil to 

simulate a warm engine environment. The engine operates in skip fire mode in order to reduce 
the quartz piston thermal load with one injection cycle followed by 12 motoring cycles. Before 
taking data, the engine was motored for a minimum of 2 minutes to stabilize the intake pressure 
and achieve a steady thermal state for the in-cylinder environments. In-cylinder pressure data 
were recorded continuously for the injection cycles and saved to the computer for post 
processing. The IMEP was computed and the main injection pulse width was adjusted 
accordingly to match the IMEP for the studied cases.  

The in-cylinder pressure and heat release rate for the investigated cases are shown in Figures 
E6.1-E6.3. Greatly different in-cylinder processes are found in these plots for different injection 
strategies. For early injection strategies with pre-TDC injection timings as shown in Figure E6.1, 
much higher in-cylinder peak pressure is observed because of ignition before TDC and further 
piston work during the compression stroke. Higher in-cylinder pressure means high in-cylinder 
temperature for similar crank angles. Generally speaking, this high in-cylinder temperature is 
helpful for late cycle soot oxidation, but it could increase NOx emissions. However, it should 
also be noticed that early combustion with high in-cylinder temperature would cause higher heat 
losses, which, to some extent, would lower the in-cylinder temperature in very late cycle, unless 
there are significant mixing or combustion efficiency effects. Case 1 with –40 CAD ATDC 
injection timing shows the earliest rapid pressure increase and latest rapid pressure increase is 
seen for Case 3 with –80 CAD ATDC injection timing. Case 2 with –60 CAD ATDC is between 
these two cases. The rapid in-cylinder pressure increase is due to the second stage heat release 
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during the fuel oxidation process. It is interesting to see that for, all the three cases, the heat 
release rates show typical two-stage heat release pattern indicating a cool flame occurs in the 
first stage. The first stage is often referred as low temperature oxidation and the second stage, 
namely the main heat release stage, is the high temperature oxidation part.  

From the heat release rate curves, it is found that the low temperature oxidation occurs at 
similar crank angles for the three cases at about –27 CAD ATDC. The observation shows that 
low temperature combustion is mainly dependent on in-cylinder gas temperature with slight 
dependence on the equivalence ratio for these conditions as seen in previous studies [31-34]. The 
dwell time between the low temperature oxidation and the high temperature oxidation increases 
with the advancement of the injection timing. Case 3 has the longest dwell time between the two 
stages of heat release rate. The transition from low temperature oxidation to high temperature 
oxidation is elongated for earlier pre-TDC injection timing. For pre-TDC early injection 
strategies, a longer dwell time is preferred with main heat release close to the TDC leading to 
higher cycle efficiency.  

The results also indicate that the higher temperature oxidation is greatly affected by air-fuel 
mixture. For a later pre-TDC injection timing, the fuel has less time to mix with the ambient air 
due to shorter ignition delay. Compared to the earlier injection timings, there are more locally 
richer regions. At the same time, with high in-cylinder temperature at a later crank angle, high 
temperature oxidation occurs earlier for the richer regions. These observations are consistent 
with previous results [31]. The shapes for the low temperature stage heat release curves are 
similar for the three cases, while they are different for the high temperature oxidation stage with 
Case 1 having a much higher peak and narrower heat release curve. This narrower heat release 
curve with a large peak value leads to noisy combustion. But for Case 2 and Case 3, the heat 
release rate curves are flatter and fatter with lower heat release rate peaks indicating a quieter 
combustion for these cases.  

Compared with early pre-TDC injection strategy, different observations are found for late 
post-TDC injection strategies as shown in Figure E6.2. Because the fuel is injected after TDC, 
the peak in-cylinder pressure is lower than those of the early pre-TDC injection strategies. Much 
longer ignition delay is seen for Case 5 than Case 4 from the in-cylinder pressure and heat 
release rate curves. Both cases show premixed heat release rate pattern. Two-stage heat release 
process is not observed for these cases. Case 5 has a larger heat release rate peak and longer heat 
release duration due to a higher combustion efficiency for Case 5 than that of Case 4. Although 
Case 5 has the same fuel quantity as Case 4, the load is about 6.0 bar IMEP and about 20% 
higher than that of Case 4. This can be attributed to the fuel impingement on the piston surface 
for Case 4 leading to lower combustion efficiency as discussed in a later section.  

The in-cylinder pressure and heat release rate for multiple injection strategies are illustrated 
in Figure E6.3. Due to the combustion of the small first injection, the TDC pressures for Cases 6 
and 7 are higher than Cases 4 and 5. This first small injection will change the in-cylinder 
temperature at the start of the second injection and affect the combustion modes. Comparison 
between Case 6 and Case 5 clearly shows the influence of the first injection. Case 6 has a much 
lower pressure rise because of a slower combustion process. The heat release pattern for Case 6 
shows poor diffusion flame combustion with a low heat release peak, while Case 5 has a 
premixed-like heat release rate with a higher fuel-burning rate.  Because the first injection timing 
for Case 7 is too early, the air-fuel mixture is too lean to have a complete combustion as shown 
in the TDC pressure for Case 6 and Case 7. To clearly show this effect, the heat release rates of 
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the first injection for Cases 6 and 7 are also shown in Figure E6.3 with a different scale. More 
heat is released from the first injection of Case 6 than that of Case 7 although they have the same 
first fuel quantity. Similar observations in the heat release rate curves for the first injection are 
seen to those of Cases 1-3 with two-stage low temperature combustion.  

The heat release pattern of the second injection for Case 7 is significantly different from that 
of Case 6, which includes a small portion of premixed combustion and a large portion mixing 
control combustion with lower heat release rate under similar load conditions. For Case 7, the 
heat release rate shows a typical premixed dominated combustion process. It is expected that 
liquid spray is injected into some combusted mixture for Case 6, as will be confirmed by the 
visualization results in later section. The observed heat release pattern difference is mainly due to 
the difference of the ambient environment into which the fuel is injected. For typical diffusion 
flame combustion, liquid fuel is injected into a hot flame and the thermal decomposition starts 
quickly after the fuel penetrates into the flame. This thermal cracking process will lead to more 
soot generation as expected in Case 6. But for Case 7, the liquid fuel is being injected into a 
lower temperature environment, which is not high enough to accelerate the thermal cracking 
process but high enough to promote the evaporation process. The thermal decomposition process 
is further impeded by lower ambient temperature due to late main injection timing for Case 7.   

As seen in previous discussion, greatly different combustion behavior is observed in the heat 
release rate pattern for different injection strategies. However, based only on these results, it is 
hard to tell the difference in the combustion processes using different injection strategies with a 
similar combustion mode. For example, from the results of Case 4 and 5 it is difficult to evaluate 
the combustion performance under similar heat release rate pattern. Therefore, it is of great help 
to visualize the combustion flame and the spray behavior to identify the differences. 

 
6.3  Combustion and Liquid Spray Visualization 

The digital images obtained using the high-speed video camera were processed by using 
Matlab. For each case, five combustion movies were obtained and a typical whole cycle movie 
was selected for analysis and presentation. The color-map for the combustion images is a 
pseudo-color one from 0-1, where “0” is shown by dark blue and “1” is denoted by dark red. 
This colormap is called “JET” in Matlab. An example of this color map is shown in Figure E6.4. 
The “low” means “0” and the “high” means “1” in the colormap. In order to improve the contrast 
of the images, the color-map for some images were rescaled and adjusted. For the spray image, a 
gray scale colormap is used with “0” denoting totally dark and “1” denoting totally white. To 
improve the image quality, the brightness or contrast of some spray images are enhanced. Due to 
the greatly different combustion behavior for different injection strategies, the presentation of 
combustion and spray images in this section will be separated into three groups.  

Interesting phenomena can be observed in the combustion images of Case 1 in Figure E6.4. 
Early flames show a very weak flame with a quite uniform flame structure indicating a 
smokeless HCCI-like combustion up to this crank angle. Referring to the heat release rate curves 
in Figure E6.1, these early flames occur later than the peak of the main part of the heat release 
rate. Most of the fuel is burned in an HCCI combustion mode. But for a later crank angle at –16 
CAD ATDC, some local flame starts in the bowl region. These local flames become more 
luminous with the combustion proceeding. The locations of the local flames are well correlated 
with the fuel jets. The reason for these flames is because of the fuel film combustion due to 
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liquid fuel impingement on the bowl wall. The fuel film combustion is often called “pool fire” in 
the literature [35]. Side-window images further confirm the fuel film combustion. The flame 
occurs on the bottom of the piston bowl and stronger flame luminosity is seen on the wall. 
Because of fuel impingement and fuel film deposition, a quite rich region will be formed in the 
near wall region due to less air available for mixing. The rich air-fuel mixtures result in some 
soot formation in the near wall region with high flame luminosity. From the combustion images 
it is seen that the pool fires lasts a very long time. This can be explained by the lower soot 
oxidation rate for pool fires in late cycles due to lower in-cylinder temperature and less oxygen 
available in the soot region [35].  

The combustion images of Case 2 are shown in Figure E6.5. Compared with Case1, Case 2 
has an earlier injection timing. As shown in the heat release rate curve in Figure E6.1, the main 
stage combustion occurs later than that of Case 1. Early flames for Case 2 also occur later than 
those of Case 1 with some weak flame spots in the whole piston bowl region showing an HCCI 
flame in the early stage. The early flame occurring time also passes the peak of the main heat 
release rate. A similar pool fire is seen for Case 2. However, there are some differences. The first 
one is that the pool fires spread more to the center of the bowl than Case 1; the second is that the 
pool fires have more luminous flame; and the third is that pool fires of Case 2 last longer than 
Case 1. These differences can be attributed to differences in fuel impingement angle, strength of 
fuel impingement, and in-cylinder temperature. As we see from Figure E6.1, Case 1 has a higher 
in-cylinder temperature than Case 2, which helps to oxidize the soot in the pool fires leading to 
shorter luminous flame observation time. In a late crank angle, for example 50 CAD ATDC, the 
flame is still visible in the bowl. 

Compared with Cases 1 and 2, an even earlier injection timing results in different 
observations as shown in Figure E6.6 for Case 3. Some flame points occur later than Cases 1 and 
2 in the early combustion stage showing a flameless HCCI combustion. Pool fires are also 
observed occurring on the piston top and along the bowl wall in the vertical direction. Similar to 
Case 2, the pool fires last a longer time than Case 1 due to lower near-wall gas temperature at the 
piston top.  

From the combustion images for early pre-TDC injection strategies, it is seen that all three 
cases have two distinct combustion modes, namely an HCCI combustion and pool fire 
combustion. The HCCI combustion is due to early injection timing with more time for air-fuel 
mixing and at the time of ignition, a quite uniform air-fuel mixture has been prepared spatially in 
the combustion chamber. On the other hand, fuel impingement on the wall leads to a fuel film 
deposition. With less air available and lower temperature on the wall surface than the air, fuel 
film evaporates in a slower rate than the spatially dispersed droplets resulting in pool fires on the 
bowl wall. 

The spray images by Mie-scattering technique are shown in Figure E6.7 for Cases 1-3. For 
each case, three images are included. The first image shows early spray structure; the second one 
gives the fuel wall interaction during the impingement process; and the third shows the droplet 
cloud at the end of injection. Figure E6.8 illustrates a schematic of the interaction of spray axis 
with the piston wall. For Case 1 with later injection timing, the air density and temperature are 
higher compared with Cases 2 and 3. The fuel penetration is shorter for Case 1. Liquid spray tip 
impinges on the bowl wall in the corner at the outer region of the conic extrusion in the bowl. 
The liquid fuel spreads in the corner and develops upward along the bowl curvature. Because the 
fuel film development direction has a large angle with the spray axis direction, the fuel film 
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spread area on the bowl wall is limited to a small region, which verifies the smaller area of pool 
fire for Case 1. But for Case 2, due to cooler air and lower density, spray penetrates longer. The 
impinging point is close to the bowl lip. The fuel film develops along the bowl wall downward. 
The angle between the spray penetration and fuel film development is small and momentum 
from the liquid spray makes the fuel film move more along the bowl curvature leading to a larger 
area of fuel film. For Case 3, the liquid spray will impinge on the piston top. Some fuel will 
develop along the bowl curvature downward and some would bounce back and collide with the 
cylinder liner as seen in the spray images at –72.75 CAD ATDC and –69.75 CAD ATDC. The 
fuel liner collision will lead to fuel leakage to the crankcase without combustion and results in 
worse fuel economy and lubricating oil dilution.  

To summarize the observations in the combustion processes for early pre-TDC injection 
strategies, it is concluded that early Pre-TDC injection strategy helps to form a more uniform air-
fuel mixture before ignition than the conventional diesel combustion. Low temperature flameless 
HCCI combustion is seen in the early stage during the combustion cycle. Because of lower air 
temperature and density, fuel impingement on the bowl wall is unavoidable for the current 
nozzle design. Fuel impingement results in fuel film deposition with pool fires found in the later 
crank angles. Pool fire leads to incomplete combustion with soot formation. The results clearly 
explain the smoke increase in the previous published results using early injection strategy [6,11]. 

Late post-TDC injection strategy 

Different from the early pre-TDC injection strategy, it is noted that for late post-TDC 
injection strategy later injection timing means lower ambient gas temperature and density. The 
combustion images for Cases 4 and 5 employing late post-TDC injection strategies are shown in 
Figures E6.9 and E6.10. Because Case 5 has much weaker flame luminosity than Case 4, the 
pixel value for images of Case 5 is scaled up by a factor of 10. Combustion images for Case 4 
verify the premixed combustion mode seen in the heat release rate curve in Figure E6.2. No 
liquid spray into luminous flame is seen for Case 4. Early flame occurs downstream of the spray 
tip near the bowl wall as well as in the region near the injector, which is different from the 
original injector for this optical engine with a 150 degree injection angle [30]. Different from the 
HCCI combustion seen in Cases 1-3, early flame for this case appears before the heat release rate 
peak. The flame is seen located in the squish region and the vertical section of the bowl wall. 
Flame is rarely seen in the very bottom of the piston bowl and in the central bowl region. The 
flame shows a circular structure over the piston top and along the bowl wall with very strong 
flame luminosity indicating soot formation in hot flames. This flame structure is maintained 
during most of the combustion cycle, which is greatly different from the original injector with 
flame most confined in the bowl region with a donut shape [30]. Even though most of the soot is 
oxidized at late crank angles, quite strong flame can still be observed indicating some soot might 
go through the exhaust without oxidation. 

For Case 4, even though a premixed combustion mode is seen in the heat release rate curve 
and combustion images, because of the spray interaction with the piston bowl, a very rich air-
fuel mixture is formed in the squish region and on the bowl wall due to fuel impingement as 
shown in the spray images later. Fuel impingement leads to less fuel mixed in fast spatial mixing 
and more fuel evaporates in the fuel film configuration with much lower mixing rate. The 
consequence of this is that fuel rich region is generated in certain locations near the wall 
resulting in soot formation. This might give the explanation for smoke increase reported in the 
NADI concept [12]. 
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Compared with Case 4, further retarding the injection timing greatly benefits the smoke 
reduction as shown in Figure E6.10 of Case 5 for a smokeless combustion mode. It is worth to 
reiterate that a factor of 10 is used when processing the combustion images of Case 5. Early 
flame occurs very late after passing the heat release rate peak. Flame luminosity is quite weak 
with a more uniform flame structure compared with Case 4. Although some flame spots have a 
little bit higher flame intensity, the whole cycle flame images show very low flame intensity with 
little soot formation for this case. Case 5 does show a homogeneous smokeless combustion. 
However, if enough attention is paid to the late cycle flames, it is found that the spatially 
distributed flame disappears with some local flame seen on the bowl wall. This is believed to be 
some weak pool fires due to thin fuel film combustion. These flames also last a much longer time 
as shown in the image at 85 CAD ATDC. 

The spray images for Cases 4 and 5 are shown in Figure E6.11 with a schematic of spray 
piston interaction in Figure E6.12. Because the injection timing is close to TDC for these two 
cases, a large amount of fuel impingement is seen for both cases due to a shallower impinging 
angle. The fuel film spreads and moves forward along the cone quite quickly. After it meets with 
the piston bowl corner, the fuel film moves upward along the bowl curvature. For Case 5, 
because the ambient temperature and density is lower than that of Case 4, the impingement is 
stronger with more spread fuel film formed. The upward moving fuel film hits the piston bowl 
lip and separates with secondary breakup, which can be seen in the spray video. 

The combustion images differences for these two cases are mainly due to the ambient 
temperature difference. Case 4 has a higher ambient temperature with shorter ignition delay. The 
fuel film has little time to evaporate and mix with the air, which causes a highly sooting 
combustion for Case 4. On the other hand, for Case 5 lower ambient temperature greatly 
elongates the ignition delay and the fuel film has longer time to mix with air. At the same time, 
the secondary breakup resulting from the film-lip separation also benefits the air-fuel mixing 
process. All these lead to a smokeless combustion with a more homogeneous flame. It is 
interesting to mention here that a narrow angle injector, for example 70 degree, provides more 
crank angle span for late injection strategy. For the original injection angle at 150 degree, there is 
no combustion for a late injection timing as 8.00 CAD ATDC under similar motoring conditions. 

Multiple injection strategy 

The combustion images for the first injection of Case 6 and early flame for the second 
injection are shown in Figure E6.13. Because the flame is so weak, different colormap is used 
here to show the flame location. The two combustion modes discussed in previous sections for 
early pre-TDC injection strategy are clearly seen in the flame for the first injection. Early stage 
flame has a more uniform structure and late flame are local pool fires. The combustion image at 
11.75 CAD ATDC shows some ignition points for the second injection near the injector tip with 
some isolated pool fires on the piston bowl wall. Even though the pool fires for the first injection 
is very weak, it lasts a long duration till after the start of second injection. The weak pool fire and 
higher in-cylinder temperature during the second injection causes a shorter ignition delay.  

Combustion images for the second injection of Case 6 show some interesting observations in 
Figure E6.14. Because of early ignition during the injection process, early flame occurs in the 
bowl region near the bottom. These regions are corresponding to the fuel impingement and fuel 
film spreading areas. Because the ignition delay is short, there is not enough time for fuel film to 
fully develop along the bowl wall and the fuel film is only limited in the bottom of the bowl. 
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With the combustion process proceeding, the combustion flame shows an interesting structure 
similar to a steering wheel with six jets connecting the circle. At 15.75 CAD ADTC, the flame is 
confined in the bowl and liquid fuel is being injected into the hot flame. Flame is also observed 
between the jets. Later flame development leads to some flame coming out of the bowl and 
going into the squish region. This squish region flame is different from that of Case 4. For Case 
4, the flame in the squish region is due to the ignition of air-fuel mixtures in the squish region. 
But for Case 6, the squish region flame is formed due to the push from fuel injection momentum. 
The flame is being pushed from the bottom of the piston bowl; moves upward along the bowl 
curvature; and finally goes into the squish region. The combustion images in Case 6 clearly show 
this process. Because of the fuel film combustion in hot environment, a great amount of soot is 
formed resulting in highly luminous flame. Although a significant amount of soot is oxidized 
during the late cycle burning, some soot still exists in the combustion gases for a very late crank 
angle at 80 CAD ATDC. Because of the lower cylinder temperature at this late cycle, the 
oxidation rate becomes very slow and a large fraction of the soot at this stage will go to the 
exhaust. 

Case 6 illustrates a highly sooting combustion mode using multiple injection strategy. This 
does not mean the narrow angle injector always leads to high soot emissions. The main reason 
for high soot formation in Case 6 is because of the pool fire from the first injection and high 
ambient temperature at the second injection. In order to obtain a smokeless combustion, the long 
lasting pool fire must be avoided from the first injection. Case 7 depicts a smokeless combustion 
mode with multiple injection strategy by further advancing the first injection and retarding the 
second injection timing as shown in Figure E6.15. Because the fuel amount for the first injection 
is small and is injected very early, there is not visible flame observed for the first injection. At 
the same time, the combustion for the first injection is not as complete at that of Case 6. The in-
cylinder temperature after the first injection combustion is lower than Case 6. 

By further retarding the second injection timing, an even lower ambient temperature is 
obtained during the second injection. This lower ambient temperature is low enough to elongate 
the ignition delay and impedes the soot formation during the early combustion stage. But the 
temperature is high enough for fuel evaporation and ignition. Notice that the pixel value is scaled 
up by a factor of 10 for Case 7.  

Weak uniform combustion flame appears after the heat release rate peak showing a 
smokeless combustion. The flame is quite uniform not only in the radial direction but also in the 
vertical direction in the combustion chamber. Late cycle flame shows little weak flame left. This 
is different from that of Case 5. Even though Case 5 has a smokeless combustion with little soot 
formation, there does exist some weak pool fires on the piston bowl wall. For Case 7, the late 
cycle pool fires do not occur any more. Compared with other cases discussed in the current work, 
Case 7 shows the best performance in terms of smoke reduction and eliminating pool fires. It is 
also shown that for the narrow angle injector it is promising to obtain clean combustion through 
the optimization of the injection parameters. 

The spray images for the two injections of Case 6 are shown in Figure E6.16. Although the 
first fuel quantity is small, the spray tip penetrates a considerable distance and touches the piston 
bowl with some fuel film formed. The spray images for the second injection illustrate the fuel 
impingement on the wall and coexistence of liquid fuel film and combustion flame, which leads 
to a large amount of soot formation. But for Case 7 as shown in Figure E6.17, the spray tip of the 
first injection has little impingement on the piston top during the injection process. No obvious 
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impingement is observed. For the second injection of Case 7, the spray impinges on the bowl 
wall and fuel film moves upward along the bowl wall. Secondary breakup is also seen for this 
case resulting from the fuel film collision with the bowl lip. Due to retarded injection timing 
compared to Case 5, more fuel is mixed with air for Case 7 spatially, which leads to less fuel 
film deposit for Case 7 than Case 5. Therefore, the pool fires for Case 7 in late cycle are rarely 
seen. 

 

6.4  NOx Measurement in the Exhaust Pipe
An important benefit of low temperature combustion is the low NOx emissions. Because of 

thermal loading limitation for the optical engine, it is risky to run the optical engine in a 
continuous firing mode. Instead, the optical engine was operated in a skip-fire mode with an 
injection pattern of 3 injection cycles followed by 10 motoring cycles. An MEXA-720NOx 
analyzer from Horiba was used to measure the diluted NOx concentration from the exhaust pipe. 
This non-sampling NOx analyzer provides faster response by using a NOx sensor installed on the 
exhaust pipe. The sensor has a response time about 0.7 second. The engine was operated 
continuously for a certain time using the given injection pattern. The final NOx emission values 
were corrected based on the duty-cycle of the operation. The NOx measurement was done for all 
the investigated cases. 

As discussed in previous sections, low sooting combustion is obtained by using different 
injection strategies. Although some soot is generated in the pool fires for early injection 
strategies, the exhaust soot emissions for Cases 1-3 will be much lower compared with Cases 4 
and 6. It is expected that Cases 1-3, 5 and 7 offer very low soot combustion processes. NOx 
emission is an important problem for diesel engines in order to meet the stringent emission 
standards. The measured NOx emission results in the exhaust are shown in Figure E6.18. For 
Case 3, because the reading of the NOx analyzer is zero, it is expected that the NOx emission 
must be less than 4.3 ppm. The number “4.3” is used for this case. In Figure E6.18, the NOx 
emissions are plotted in two scales including a linear scale in the top plot and a log-scale plot in 
the bottom plot.   

The NOx results show quite interesting behavior. Case 3 with –80 CAD ATDC injection 
timing has zero NOx emission with little soot formation. It offers a simultaneous reduction in 
soot and NOx. However, the fuel consumption for this case is not acceptable. Cases 1 and 2 
employing early pre-TDC injection strategies result in very high NOx emission at a very low 
load condition with 2 bar IMEP, which is attributed to high in-cylinder temperature from too 
early ignition timing.  For late post-TDC injection strategy, the NOx emissions are lower under 
higher load conditions at 5 bar IMEP. It is worth noting that Case 4 has a lower NOx emission 
than Case 5. For Case 4, the air fuel mixture combusts in locally richer conditions than that of 
Case 5. Case 5 has a more complete combustion with more heat released even though it has the 
same injected fuel quantity as that of Case 4. A richer mixture helps reduce NOx formation. 
More released heat increases the in-cylinder temperature. Both factors cause the higher NOx 
emission for Case 5. The same reason can also explain the lower value of NOx emission in Case 
6. Fuel is burnt in a highly sooting combustion with less NOx formed for Case 6. Case 7 shows 
an increase in NOx because of a more complete combustion. However, Case 7 has a much lower 
NOx emission than that of Case 5, although both are in smokeless combustion mode. 
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In summary, based on the discussions of heat release analysis, combustion flame, and NOx 
emissions for the investigated cases, it is concluded that Case 7 has the best performance in 
terms of fuel consumption, soot formation and NOx emissions. Even though very early in-
cylinder injection gives a long time for air-fuel mixing process, the in-cylinder pressure and 
temperature are too low resulting in long liquid penetration with wall wetting and slow 
evaporation rate. On the other hand, the ignition timing is difficult to control. Compared with 
early injection strategy, late post-TDC injection strategy has a better controllability of 
combustion phase and the fuel evaporates faster than the early injection strategy. Under certain 
motoring conditions, however, the injection timing retardation is limited within certain crank 
angles. Too late injection timing causes misfire. Under such conditions, in order to assure 
combustion with further injection timing retardation, a small early injection will help in 
modulating the ambient conditions during the main injection. Multiple injection strategy with a 
small early injection and a late post-TDC main injection offers great flexibility in combustion 
mode control. From the point of view of the injection angle, the results show that a narrow 
injection angle provides more crank angle span with reliable ignition. At the same time, narrow 
injection angles change the spray-air and spray wall interaction during the injection process. 
Under certain conditions, the spray-wall interaction before combustion benefits the air-fuel 
mixing process. Narrow angle direct injection technique offers a promising approach to optimize 
the combustion process with low PM and NOx emissions while maintaining higher fuel 
efficiency. 

 

6.5  Conclusion 
In this work, combustion processes employing different injection strategies was studied in an 

optically accessible single cylinder small-bore HSDI diesel engine with a narrow angle injector. 
Heat release characteristics were analyzed through the measurement of in-cylinder pressure. 
Spray and combustion flame were imaged using a high-speed video camera. NOx emissions 
were measured in the exhaust pipe. The influence of varying injection strategy was investigated. 
Based on the results some observations and conclusions are listed as follows: 

1. For early pre-TDC injection strategies, two-stage low temperature combustion heat 
release rate pattern was observed. Combustion images show two combustion modes 
including an HCCI combustion and fuel film combustion (pool fire). The pool fires are 
due to the fuel impingement on the bowl wall. 

2. Late post-TDC injection strategy leads to a premixed heat release rate pattern. Retarded 
late injection timing results in a smokeless combustion. 

3. For multiple injection strategies, highly sooting combustion was observed with pool fires 
left from the first injection during the second injection process. Shorter ignition delay 
results in liquid fuel injected into hot burning flame. By further advancing the first 
injection and retarding the second injection, the pool fires from the first injection can be 
eliminated. At the same time, a lower in-cylinder temperature elongates the ignition delay 
for the second injection leading to a smokeless low NOx combustion mode.   

4. Compared with the original injection angle, the narrow angle injector offers more 
flexibility in combustion mode control.  
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5. Multiple injection strategy employing a small early injection and a late main injection 
provides a promising solution to obtain clean combustion with low soot and NOx 
emissions. 

6. It should be noticed that the current piston bowl design is not optimized for a narrow 
angle injector. Better performances are possible by optimizing the injector, piston bowl 
geometry, and using other measures such as EGR. 
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Case 
Number 

First Timing
[CAD ATDC]

First
Injection 
Quantity 
[mm

3
]

Main 
Injection 
Timing 

[CAD ATDC]

Main 
Injection 
Quantity
[mm

3
]

IMEP 
[bar] 

1 -- -- -40 7.9 2.07 
2 -- -- -60 8.7 2.01 
3 -- -- -80 19.9 2.09 
4 -- -- 2 15.3 4.98 
5 -- -- 8 15.3 5.98 
6 -40 1.3 8 11.6 4.98 
7 -70 1.3 13 10.2 5.04 

Table E6.1. Summary of engine operating conditions. 

 

 

 
Table E6.2. Selected properties of the low-sulfur European Diesel fuel used during 

experimentation. 

 
 

  

Specific Gravity 0.8352
Cetane Number 52.9
Sulfur, ppm 27.5
Mid Boiling Point, °C 260
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7. RESULTS AND DISCUSSIONS 

7. 1 In-Cylinder Pressure and Heat Release Analysis 

The optical engine was warmed up by circulating heated coolant and lubricating oil to 
simulate a warm engine environment. The engine operates in skip fire mode in order to reduce 
the quartz piston thermal load with one injection cycle followed by 12 motoring cycles. Before 
taking data, the engine was motored for a minimum of 2 minutes to stabilize the intake pressure 
and achieve a steady thermal state for the in-cylinder environments. In-cylinder pressure data 
were recorded continuously for the injection cycles and saved to the computer for post 
processing. The IMEP was computed and the main injection pulse width was adjusted 
accordingly to match the IMEP for the studied cases.  

The in-cylinder pressure traces are shown in Figure E7.1 with the needle lift data illustrated 
in Figure E7.2. The data are grouped in four subplots for different fuel blends. In each subplot, 
three in-cylinder pressures or needle lift curves are plotted. For other results, the figures are 
grouped in the same structure. The influence of injection timings on the in-cylinder pressure is 
quite similar for different fuel blends. For an early pre-TDC injection timing, the ignition takes 
place quite early before TDC. The in-cylinder pressure is relatively higher than other injection 
timings. At the same time, because of the early combustion process, the high temperature 
combusted gas mixture is further compressed by the piston resulting in even higher in-cylinder 
temperature. This high in-cylinder temperature will possibly increase the NOx emissions. For an 
injection timing at –10 CAD ATDC, ignition occurs around TDC. This ignition timing is helpful 
in obtaining higher thermal cycle efficiency by making full use of the geometric compression 
ratio of the engine. The in-cylinder pressure peak is still quite high, but it is lower than the early 
injection timing case. With a post-TDC injection timing at 3 CAD ATDC, the late injection 
strategy case has a much longer ignition delay than the case with –10 CAD ATDC injection 
timing, as will be shown in the heat release rate curves later. The ignition delay is defined as the 
time between the start of injection timing and the timing at which the heat release rate intercepts 
with the zero heat release rate line. The in-cylinder pressure is much lower than the other two 
injection timings. For some cases, the combustion pressure peak is lower than the motoring 
pressure peak.  

The effects of different fuel blends on the in-cylinder pressure are quite apparent. It is 
observed that with the increase of bio-diesel fuel percentage, the ignition delay becomes longer 
for all injection timings. This can be explained from the properties of different fuels. From Table 
E7.2, the bio-diesel fuel has a relatively higher boiling point. This high boiling point leads to a 
slower droplet evaporation rate and as a consequence, the preparation of the ignitable air-fuel 
mixture is delayed by a certain time. In addition, the cetane number for the bio-diesel fuel is 
expected to be similar or less than the European low sulfur diesel fuel. This may have similar 
effects on the auto-ignition processes. By combining these two factors, it is reasonable that 
higher bio-diesel content results in a longer ignition delay. This observation, however, is 
opposite to the results reported in previously published bio-diesel fuel papers. In these papers, it 
was observed that NOx emissions increased with increasing bio-diesel fuel, which was attributed 
to the early injection timing or ignition timing of bio-diesel fuel with the same mechanical pump 
settings. The early ignition timing was also observed from the in-cylinder pressure.  
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The difference of the current results from their results can be explained by the following 
points. First of all, the diesel fuel used here was European low sulfur diesel fuel, which had a 
higher cetane number than the No. 2 diesel fuel used in their experiments. Secondly, their fuel 
injection system was a mechanically controlled jerk-type injection pump. In a mechanical fuel 
injection system, the fuel bulk modulus greatly affects the pressure wave propagation in the 
high-pressure fuel line. Bio-diesel fuel has a higher bulk modulus than the No.2 diesel fuel. Also 
for a mechanical fuel injection system, due to the configuration of the whole fuel injection 
system, the high-pressure fuel line is typically longer than that of the common rail fuel injection 
system. The longer the high-pressure fuel line is, the larger the difference in the timing of the 
pressure wave arriving at the injector tip. Therefore, the injection timing is more advanced for 
the bio-diesel fuel than the No. 2 diesel fuel for a mechanical fuel injection system. But for a 
common rail system, the line pressure is established and maintained by the high-pressure pump 
and pressure regulator in the fuel rail. The fuel is not compressed in one cycle from a low 
pressure to a much higher injection pressure. Thus the influence of bulk modulus difference is 
slight for common rail fuel injection system, which is also observed in previous publication. The 
combined effects of earlier injection timing and higher cetane number lead to the early ignition 
timing in the previous studies for the bio-diesel fuel. Referring to the needle lift data in Figure 
E7.2, there is relatively little difference in the injection timing for these different fuel blends, 
confirming the negligible effect of bulk modulus.  

The heat release rates for these conditions are illustrated in Figure E7.3. The heat release rate 
information further confirms the observation in the in-cylinder pressure. It is worth mentioning 
that most of the conditions have premixed dominated combustion heat release rate patterns. For a 
certain type of fuel with different injection timings, an early pre-TDC injection timing, namely at 
–25 CAD ATDC, results in a higher heat release rate peak followed by the conventional injection 
timing and then by the retarded post-TDC injection timing case. A higher heat release rate peak 
value leads to noisy combustion. The heat release duration is shorter for the early injection 
timing case than the post-TDC late injection timing case. The heat release duration for a late 
post-TDC injection timing is also longer and the rate is lower than the early pre-TDC injection 
case. This is a preferred heat release rate pattern in terms of noise reduction. For different fuel 
blends, the ignition delay is longer as explained with the increase of bio-diesel fuel content 
discussed in the previous paragraph. For Case 1 of all of the fuel blends, the heat release rate 
curves are quite similar with approximately the same duration. But there is a slight difference in 
the heat release rate peak values. These peaks decrease with increasing bio-diesel content, which 
is attributed to the higher boiling point of the bio-diesel fuel. For the conventional injection 
timing case, namely Case 2, B0 has a lower heat release rate peak than other fuel blends with 
some evidence of diffusion combustion after the dominant premixed heat release event. But for 
other fuel blends, little diffusion combustion can be found. This is believed to be a result of the 
longer ignition delay for the bio-diesel blends than the pure low sulfur diesel fuel. For retarded 
post-TDC injection timings, namely Case 3, the heat release rate curves become lower and 
broader with the increase of bio-diesel fuel content.  

7. 2  Combustion and Liquid Spray Visualization 

The digital images obtained using the high-speed video camera were processed by using 
Matlab. For each case, five combustion movies were obtained and a typical whole cycle movie 
was selected for analysis and presentation. The color-map for the combustion images is a 
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pseudo-color one from 0-1, where “0” is shown by dark blue and “1” is denoted by dark red. 
This colormap is called “JET” in Matlab. The “low” means “0” and the “high” means “1” in the 
colormap. For the spray image, a gray scale colormap is used with “0” denoting totally dark and 
“1” denoting totally white. To improve the image quality, the brightness or contrast of some 
spray images are enhanced.  

Spray Visualization 

The liquid spray images are grouped in Figures E7.4-E7.6 according to the injection timing 
respectively. In each figure, spray images for the four different fuel blends are illustrated with 
each case having 6 images. The first two images are the very first two images after the start of 
injection; the third shows the images with maximum liquid penetration; and the other 3 images 
depict the spray shutting off process.  

With an injection timing at –25 CAD ATDC, fuel comes out of the injector nozzle at about 
1.5 CAD ASOI with very little difference among the different fuel blends. The spray 
development process is also similar for different fuels. Due to the fuel quantity difference as seen 
in Table E7.1, a slightly longer injection duration is seen for fuels with more bio-diesel content. 
But the difference is less than 0.75 CAD based on the spray images. For all four cases, the 
injection is done well before the ignition timing indicating a premixed combustion mode for 
these conditions. The spray piston wall impingement is observed for all the conditions. If careful 
attention is paid to the side-window Mie-scattering signal from the fuel droplet or film near the 
bowl wall, a slightly stronger signal is found for B20, B50, and B100 than B0, which shows 
more fuel impingement for B20, B50, and B100. This will be discussed further later for B0 and 
B100. The stronger fuel impingement for B20, B50, and B100 than B0 is attributed to a few 
factors. First of all, bio-diesel fuel has a higher boiling point leading to a slower fuel evaporation 
rate causing longer penetration and more fuel impingement. Secondly, the density of bio-diesel is 
slightly higher than that of the diesel fuel, which causes longer penetration. Thirdly, the fuel 
quantity for the bio-diesel blends is slightly higher than the diesel fuel for the load conditions 
with the same IMEP due to a lower heat content of the bio-diesel fuel. The combined effects of 
these factors make the fuel impingement of bio-diesel stronger than B0. This observation can be 
confirmed in the combustion flame images as seen in a later section. 

The spray images for Case 2 with different fuel blends are shown in Figure E7.5. The overall 
process is quite similar to that of Case 1. Fuel comes out of the nozzle at about 1.5 CAD ASOI. 
Not much difference is seen for different fuel blends. Fuel impingement is seen for all four fuels. 
Again, slightly stronger fuel impingement is observed for fuels with more bio-diesel content. 
B100 has more fuel impingement than B0. The injection duration is slightly longer for fuels with 
more bio-diesel content due to higher fuel quantity. For B0, an early flame occurs near the end of 
injection but before the end of injection, which implies that there is some liquid fuel injected into 
this flame. This proves the existence of some weak diffusion flame combustion observed from 
the heat release rate curves. For the other three fuels, there is no flame-spray overlap indicating a 
premixed combustion mode. Compared with the spray images of Case 1 with an early pre-TDC 
injection timing, although the spray develops in a similar manner, fuel impingement is seen to be 
stronger for Case 1 than Case 2 for all four fuels. This difference is attributed to the difference in 
ambient conditions. For a later injection timing, the ambient gas density is higher and the 
temperature is also higher. A high ambient air density reduces the liquid spray penetration while 
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a high air temperature increases the fuel evaporation rate with less liquid penetration. Both 
factors make the fuel impingement stronger for Case 1 than Case 2.  

With retarded injection timings, the spray images shown in Figure E7.6 do not show very 
different spray evolution from the other two injection timings. Fuel appears out of the nozzle at 
about 1.25 CAD ATDC. The injection duration is about 0.75 CAD shorter than that of Case 2 
except for B100. This is consistent with the fact that less fuel is injected for Case 3 than Case 2 
as listed in Table E7.1. The less fuel quantity may be explained by the reduced heat loss and 
more premixed combustion for the retarded post-TDC injection timings. As seen in the 
combustion images for Case 2, combustion flame contacts with the piston wall in a relatively 
large area. But for Case 3, the flame has much less contact with the piston wall. This reduced 
flame-wall contact greatly decreases the heat loss to the wall. The other factor is due to the 
radiation heat loss to the wall. As to be seen in the combustion images later, a significantly 
higher soot concentration is observed for Case 2 than Case 3. Soot particles are good heat 
radiators. Lower soot concentration in Case 3 greatly reduces the heat loss. The fuel 
impingement for Case 3 is seen to be stronger than that of Case 2. Again, stronger fuel 
impingement is seen for fuel blends with more bio-diesel content. 

In order to further elaborate the fuel impingement and fuel film deposition on the wall, 
amplified bottom-viewed spray images for B0 and B100 at different injection timings are 
illustrated in Figure E7.7. For B100, there are obvious fuel film ripples on the bowl wall as 
indicated by the ovals in the figure. For B0, no obvious fuel film ripples can be found in the 
images. The fuel film is a liquid sheet that does not scatter as much light as the droplet clouds. 
Only some signal from the film ripples can be observed. However, this observation is sufficient 
to confirm that more fuel film deposition on the wall occurs for B100 than B0. The fuel film of 
Case 1 for B100 is the most obvious followed by Case 3, then Case 2. This fuel film further 
confirms the strength of fuel impingement for different injection timings. 

Combustion Visualization 

The combustion images for an early pre-TDC injection timing at –25 CAD ATDC are shown 
in Figure 7.8 for the four fuel blends. Ignition for B0 occurs at about –13.75 CAD ATDC, about 
2 CAD later than the end of injection. The combustion mode is dominated by premixed 
combustion. Combustion flame is mostly confined in the bowl with little in the squish region. As 
a matter of fact, the flame is mostly near the bottom of the bowl. Luminous flame is observed for 
some crank angles indicating soot formation in the combustion flame. However, this highly 
luminous flame is oxidized after a few crank angle degrees. Late cycle flame shows a local 
structure on the piston wall due to the fuel impingement during the fuel injection process. Up to 
14 CAD ATDC, the flame is almost invisible in the engine cylinder with very low flame 
luminosity. The differences between bio-diesel blends and B0 are ignition timing and flame 
intensity. The early flame occurs later with increasing bio-diesel content in the fuel blends. The 
weakest flame intensity is seen for B20 compared with the other three fuel blends. The flame 
intensity increases with increasing bio-diesel content for B20, B50, and B100. The flame 
intensity of B20, B50, and B100, however, is much lower than that of B0 fuel. Besides the low 
flame intensity for bio-diesel blends, the flame has some local structure. The flame is not as 
distributed as that of B0.  
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The locally strong flame intensity in the bio-diesel blends is mainly due to the slow 
evaporation rate of the bio-diesel fuel. As discussed in the previous section, a later ignition 
timing for fuel blends with more bio-diesel content is possibly attributed to the lower volatility of 
bio-diesel fuel. The cetane number for bio-diesel is close or less than the European low sulfur 
diesel, which may partly contribute to the ignition timing too. The fact that B0 has the most soot 
formation in the combustion flame is due to that pure diesel fuel has no oxygen in the fuel 
compared with bio-diesel fuel blends and the combustion occurs in a relatively richer 
environment than bio-diesel fuel blends. For bio-diesel blends such as B20, B50, and B100, the 
flame intensity increases with the increase of bio-diesel content. This is attributed to the lower 
evaporation rate for more bio-diesel content. A certain kind of tradeoff between fuel volatility 
and oxygen content controls the soot formation process. Based on the results, oxygen content 
plays a more important role than the volatility for the current results. From late cycle flames, 
there are some local flames in the bowl wall for B100 fuel. This observation confirms that the 
fuel impingement for B100 is stronger than other fuel blends as seen in the spray images. 

As the injection timing is retarded, the combustion mode transits to a more conventional 
diffusion combustion mode for B0 as seen in Figure 7.9 with an injection timing at –10 CAD 
ATDC. Ignition occurs very early during the fuel injection process at about –2.5 CAD ATDC. 
The fuel injection finishes at about –1.0 CAD ATDC. There is obvious flame spray overlap for 
B0. Some evidence of diffusion combustion can be seen in the combustion images with apparent 
liquid jets in early flames. Some flame is observed in the squish region and most of the flame is 
within the bowl region. This flame structure is due to the spray impingement on the bowl lip with 
fuel split into the squish region and the piston bowl. The flame is highly luminous showing a 
large amount of soot generation. There is obvious flame contact with the bowl wall for B0, 
which contributes to the heat loss from combustion flame to the wall. The late cycle flame 
becomes weak due to soot oxidation. At 32 CAD ATDC, there is still some flame observed in 
the bowl.  

Compared with B0, bio-diesel fuel blends have longer ignition delays. This longer ignition 
delay leads to a premixed combustion mode for these fuels with –10 CAD ATDC injection 
timing. Even though there are some local early flames near the spray tip location in the bowl, no 
apparent jet flames are seen for these fuels. Flame intensity is weaker than B0 indicating less 
soot formation in the combustion flame. Especially for B100, the flame luminosity is much 
weaker compared with other fuels. Another difference is that the late cycle flame is oxidized 
much faster for B20, B50, and B100 than B0. This provides a proof that the bio-diesel fuel has a 
higher late cycle soot oxidation rate than pure diesel fuel. The reason is the oxygen content in the 
fuel. Based on the current results, it is concluded that bio-diesel fuel greatly helps reduce the soot 
emissions due to the fact that soot formation is less and soot oxidation is faster compared with 
pure diesel fuel. Both factors lead to the lower soot emissions in the exhaust for the bio-diesel 
fuel. 

With retarded post-TDC injection timings, the combustion mode transits to premixed 
combustion for all the four fuels as seen in Figure 7.10. For B0, the fuel injection is completed at 
about 10.25~11.00 CAD ATDC. Early flame occurs at 11.75 CAD ATDC. There is no flame-
spray overlap indicating a premixed combustion mode. However, due to the early ignition 
timing, the air-fuel mixing process is not sufficient to have an HCCI-like combustion mode. The 
flame luminosity is still quite high, which is comparable to that of Case 1. Luminous flame lasts 
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a long time. At 38 CAD ATDC, the flame is still observable. But for other fuels, the combustion 
process for this case is significantly different. Due to much later appearance timing of the early 
flame, namely at about 17.75 CAD ATDC for B20 and B50, and 18.5 CAD ATDC for B100, the 
air-fuel mixing process is much longer for these fuels than B0. Consequently, there is sufficient 
time to obtain a more distributed air-fuel mixture with an HCCI or PCCI-like combustion mode 
for all three cases. The flame intensity is much weaker compared with that of B0. The weak 
flame has little contact with the bowl wall with less heat loss from the wall. Compared with Case 
2, the flame contact on the wall is a lot less for Case 3. This, to some extent, explains the lower 
fuel quantity for Case 3 than Case 2 for B0, B20, and B50.  

This retarded post-TDC injection timing results in a further reduction in soot formation on 
the basis of bio-diesel fuel. By combining the low sooting characteristics of bio-diesel with the 
low temperature combustion feature of the retarded post-TDC injection strategy, ultra-low soot 
and NOx emissions can be achieved for bio-diesel engines. The fuel efficiency is also 
comparable or even better than the conventional combustion conditions because of the reduced 
heat loss to the walls. It is concluded that without other measures such as EGR, a retarded 
injection strategy offers the best performance in terms of emissions and fuel consumption among 
the investigated three injection strategies. This is a promising combustion mode for practical 
applications in the low emission diesel engines operated with both petro-diesel or bio-diesel fuels 
in the near future. 

7.3  NOx Measurement in the Exhaust Pipe

An important benefit of low temperature combustion is the low NOx emissions. Because of 
thermal loading limitation for the optical engine, it is risky to run the optical engine in a 
continuous firing mode. Instead, the optical engine was operated in a skip-fire mode with an 
injection pattern of 3 injection cycles followed by 10 motoring cycles. An MEXA-720NOx 
analyzer from Horiba was used to measure the diluted NOx concentration from the exhaust pipe. 
This non-sampling NOx analyzer provides faster response by using a NOx sensor installed on the 
exhaust pipe. The sensor has a response time about 0.7 second. The analyzer was calibrated 
according to the operation manual before using it for emission measurement. The engine was 
operated continuously for a certain time using the given injection pattern. The final NOx 
emission values were corrected based on the duty-cycle of the operation. The NOx measurement 
was done for all the investigated cases. 

NOx emissions show interesting variation trends as illustrated in Figure 7.11. For Cases 2 and 
3, NOx emissions increase with increasing bio-diesel content, which is consistent with the 
previously published results. However, for early pre-TDC injection timings, NOx emissions first 
decrease with increasing bio-diesel content. Then after the bio-diesel content passes a certain 
value, the NOx emissions increase with the increase of bio-diesel content. This implies a trade-
off between some parameters. For a certain type of fuel, retarding injection timing significantly 
reduces the NOx emissions. Especially for a retarded post-TDC injection strategy, low NOx and 
soot emissions are observed due to PCCI or HCCI-like low temperature combustion. 
Simultaneous reduction of NOx and soot is feasible for the low temperature HCCI-like 
combustion mode. Recalling the observation in the ignition delay that higher bio-diesel fuel 
content leads to longer ignition delay, it is expected that the NOx emission increase with 
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increasing bio-diesel content is not due to the influence of ignition delay as explained in previous 
results.  

For conventional or late injection strategies, ignition occurs near TDC, a longer ignition 
delay means a lower in-cylinder global temperature. Thus, a longer ignition delay helps reduce 
the NOx emissions for ignition occurring after TDC. Even though the ignition delay is longer for 
bio-diesel fuel for the current study, the NOx emissions are higher for bio-diesel fuel. This is 
mainly attributed to the higher oxygen content in the bio-diesel fuel leading to a higher adiabatic 
flame temperature. In addition, this higher oxygen content also results in a relatively leaner 
combustion compared with regular diesel fuel. This relatively leaner combustion together with 
the higher flame temperature cause higher NOx emissions for a higher bio-diesel content. The 
results indicate indirectly that the oxygen content plays more pronounced roles than ignition 
delay for the conventional and late injection strategies. But for the early pre-TDC injection 
timing, namely Case 1 at –25 CAD ATDC, there is a trade-off between the ignition delay and the 
oxygen content. For ignition occurring very early before TDC, early ignition timing leads to a 
high in-cylinder global temperature. This in-cylinder temperature becomes even higher than the 
other two injection timings due to more piston compression work. Consequently, there is a 
balanced effect of the high in-cylinder temperature resulting from early ignition and the high 
oxygen content in the bio-diesel fuel. The tradeoff of ignition delay and bio-diesel content for 
different fuel blends leads to the observed NOx emissions for Case 1. Comparing Case 1 with 
Case 2 and 3, significantly higher NOx emission is observed for all of the fuel types. A retarded 
post-TDC injection strategy leads to the best performance in terms of soot and NOx emissions. 
Meanwhile, the high NOx emission problems of bio-diesel fuel can be solved by applying this 
injection strategy with a simultaneous reduction in soot and NOx emissions compared with the 
conventional combustion with pure European low sulfur diesel fuel. Low temperature HCCI or 
PCCI-like combustion is a promising solution for low emission bio-diesel engines. 

Based on the calibrated fuel quantity in Table E7.1 for each cycle and the IMEP for each 
case, the Indicated Specific Fuel Consumption (ISFC) was calculated for the twelve cases. The 
results are shown in Figure E7.12. It is found from Figure E7.12 that for the three injection 
timings the fuel consumption increase with the increase of bio-diesel blending ratio. This is 
mainly because of the lower energy density per unit mass for the biodiesel fuel due to its 
oxygenate nature for the fuel molecules. For each fuel, on the other hand, the fuel consumption 
generally decreases with retarding injection timing. The low temperature combustion mode with 
less heat loss might contribute to this observation. One exception is for the B100, which has a 
lowest ISFC for -10 CAD ATDC injection timing. This is believed due to the late and slow heat 
release process as shown in the heat release rate curves. 

In summary, based on the discussions of heat release analysis, combustion flame, and NOx 
emissions for the investigated cases, it is concluded that retarded injection strategy has the best 
performance in terms of fuel consumption, soot formation and NOx emissions. This retarded 
post-TDC injection timing results in a further reduction in soot formation on the basis of bio-
diesel fuel. By combining the low sooting characteristics of bio-diesel with the low temperature 
combustion feature of the retarded post-TDC injection strategy, ultra-low soot and NOx 
emissions can be achieved for bio-diesel engines. The fuel efficiency is also comparable or even 
better than the conventional combustion conditions because of the reduced heat loss to the walls. 
This is a promising combustion mode for practical applications in the low emission diesel 
engines operated with both petro-diesel or bio-diesel fuels in the near future.  
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7. 4  Conclusion 

In this paper, the effects of diesel and bio-diesel fuel blends on the combustion process were 
experimentally investigated in a small-bore HSDI diesel engine using single injection strategies. 
Three injection strategies were studied showing the injection timing influences on the 
combustion modes for four different fuel blends. The whole-cycle spray and combustion 
processes were visualized using a high speed digital camera. Heat release process was analyzed 
via the measurement of in-cylinder pressure. Based on the results some observations and 
conclusions are listed as follows: 

7. In terms of fuel injection process, the effects of bulk modulus difference for different 
fuels are minor and negligible for common rail fuel injection system because the rail 
pressure has been readily established in the fuel rail before injection; 

8. A longer ignition delay was observed with more bio-diesel content due to the higher 
boiling point of the bio-diesel fuel for three injection timings; 

9. Longer liquid fuel penetration was observed for fuel blends with more biodiesel fuel 
leading to more fuel impingement on the bowl wall. This is believed due to the combined 
effects of higher density, lower volatility, and slightly higher fuel quantity for biodiesel 
or biodiesel blends; 

10. Lower combustion flame luminosity was observed for fuel blends with higher bio-diesel 
content showing less soot generation for biodiesel fuel. Early and late injection timings 
result in lower flame luminosity due to bettering mixing with longer ignition delay. Late 
post-TDC injection strategy leads more homogeneous and HCCI-like combustion flame; 

11. For a single-injection strategy, with conventional injection timing and late injection 
timing, the NOx emissions consistently increased with the increase of bio-diesel content. 
But for an early injection strategy, there was a trade-off between ignition delay and 
oxygen content in affecting the NOx emissions. The lowest NOx emission was seen for 
B50. The injection timing greatly affected the NOx emissions. For an early pre-TDC 
injection strategy, due to a higher in-cylinder temperature and a longer lasting time of this 
high temperature, the NOx emission was much higher than the other two injection 
timings; 

12. Higher fuel consumption for fuel blends with higher biodiesel contents is observed due to 
the lower energy density of biodiesel fuel with oxygen content. For most of the fuel 
blends, lowest ISFC is seen for late post-TDC injection strategy, while early pre-TDC 
injection results in much higher fuel consumption due to too early ignition with negative 
work and high heat loss; 

13. Retarded post-TDC injection timing resulted in simultaneous reduction in soot and NOx 
emissions with a good fuel economy. By combining the injection timing optimization 
with bio-diesel fuel blending ratio, simultaneously reduction of soot and NOx can be 
realized in practical engines. 
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Fuel 
Type 

Case 
Number

Main SOI
[CAD 

ATDC] 

Fuel
Quantity 

[mm3]

Fuel 
Mass 
[mg]

IMEP 
[bar]

B0 1 -25 8.4 7.1 2.00 
B0 2 -10 4.9 4.1 2.06 
B0 3 3 4.4 3.7 2.03 
B20 1 -25 8.8 7.4 2.01 
B20 2 -10 5.2 4.4 2.02 
B20 3 3 4.7 3.9 2.02 
B50 1 -25 9.1 7.8 2.03 
B50 2 -10 5.6 4.8 2.01 
B50 3 3 5.0 4.3 2.01 

 B100 1 -25 9.3 8.2 2.02 
 B100 2 -10 5.6 4.9 2.00 
 B100 3 3 6.0 5.2 2.04 

Table E7.1. Summary of engine operating conditions. 

Fuel 
Property 

European Low 
Sulfur Diesel 

Fuel 

Soybean 
Bio-diesel 

Fuel 
Specific 
Gravity 0.837 0.877 

Sulfur (ppm) 196 ~0 
Flash Point 

(°F) 130.4 >201 

Boiling Point 
(°F)

396.3 (IBP) 
518.0(50%) 
671.9 (EP) >600 

Viscosity 
(cps) 3.2 (@40°C) 7(@25°C) 

Cetane 
Number 54.0 50 

 

Table E7.2.  Selected properties of the low-sulfur European Diesel fuel and soybean 
biodiesel fuel used during experimentation. 
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8.  Conclusions and Future Work 
Four major contributions can be summarized from the current work.  First, the development 

and application of different diagnostic techniques in the optical engine provided a comprehensive 
understanding of the combustion process in the optical diesel engine.  Second, low temperature 
combustion was investigated under various operation conditions with different injection 
strategies.  Third, experiments using a narrow angle direct injection technique were performed 
under different combustion modes including the conventional diesel combustion and low sooting 
clean combustion modes. Finally, the combustion characteristics using bio-diesel fuel blends 
were investigated under different loads and injection strategies.   

The setup and development of different diagnostic techniques were the bases for 
investigating the different transient processes occurring during a combustion cycle including the 
air-fuel mixing process, combustion process, and the emissions generated during combustion. 
The air-fuel mixing processes were visualized by applying the high speed Mie-scattering 
technique for the liquid phase in a combusting environment, and the LIEF technique for 
simultaneous liquid fuel and vapor fuel distributions in a non-combusting environment. Two 
kinds of Mie-scattering techniques were applied including a 3-dimensional setup allowing 
simultaneous imaging of the liquid spray from the bottom of the piston and from the side-
window, and a background corrected Mie-scattering technique through the side window showing 
more detailed information for the spray-piston wall interaction. The whole cycle combustion 
process was imaged by using the same optical access as for the 3-dimensional Mie-scattering 
technique. The late cycle soot for certain conditions was visualized by using the Backward 
Illumination Light Extinction (BILE) technique. In addition, NOx emissions were measured in 
the exhaust pipe as a supplement to the emission analysis.  

The low temperature combustion mode was extensively examined with the original fuel 
injector using the European low sulfur diesel fuel. Various injection strategies were investigated 
under different load conditions. The low temperature compression ignition engine concept was 
proposed based on the combination of different combustion modes under different conditions. At 
low loads, a single late injection was employed; under medium load, a multiple-injection 
strategy, with a small early pre-TDC injection and a retarded post-TDC second injection, was 
adopted to achieve PCCI-like combustion; and for high load conditions, a low temperature 
mixing controlled combustion mode with some charge stratification was employed with a 
multiple-injection strategy. Thus without significant modifications, a clean combustion diesel 
engine could be implemented in most of the operation regimes. From the results, simultaneous 
reduction of soot and NOx was achieved using single a late injection strategy with an HCCI-like 
combustion mode. The air-fuel mixture was quite uniform before auto-ignition. Retarding 
injection timing with reliable ignition was an effective way to implement HCCI like combustion 
at low load conditions. With increasing engine load, it was necessary to further retard the 
injection timing to achieve PCCI-like combustion mode. However, further retardation of 
injection timing led to misfire. Therefore, a small early pre-TDC injection was adopted to 
modulate the ambient environment during the second main injection with reliable ignition and a 
clean combustion process. Simultaneous reduction of soot and NOx emissions was accomplished 
compared with the conventional diesel combustion. For higher load conditions, the same idea 
was applied with a small pre-TDC early injection and a second retarded main injection. 
However, due to the large fuel amount for high load conditions, a spray-flame overlap was 
difficult to avoid. Therefore, a low temperature mixing controlled combustion mode was 
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achieved by modulating the ambient environment during the main injection with low temperature 
early stage reactions leading to significant reduction in soot formation. The NOx emission was 
also reduced by reducing the near stoichiometric mixture region during the combustion process. 
It was shown that retarding injection timing did not sufficiently lead to cycle efficiency 
reduction. Due to a faster combustion process for the clean combustion modes, the cycle 
efficiency was comparable to those with conventional combustion modes with greatly improved 
exhaust emissions. 

For the original fuel injector, due to its wider injection angle, an injection timing close to 
TDC was preferable. For very early pre-TDC injection timings, fuel was seen in the squish 
region leading to liner wetting. In order to confine the fuel in the central bowl region, a narrow 
angle direct injection technique was investigated by using narrower angle injector tips. Results 
showed a significant influence of injection angles on the combustion process. Comparison of the 
early pre-TDC injection strategy and the late post-TDC injection strategy indicated that the late 
post-TDC injection strategy resulted in improved performance in terms of soot, NOx and fuel 
efficiency. With a narrow angle injector, the main injection timing could be greatly retarded 
without misfire for the single-injection strategy. Thus ultra-low soot emissions were achieved 
with HCCI-like combustion flames. A multiple-injection strategy with a small early pre-TDC 
injection followed by a retarded post-TDC injection provided more room for injection timing 
optimization. Compared with the original injection angle, more injection control flexibility was 
obtained for the narrow injection angle cases. Using a narrow 70-degree angle injector, results 
showed increased combustion efficiency for retarded injection timing due to better mixing and 
less fuel impingement. Although the narrow angle direct injection technique showed improved 
performance, there were some problems that needed further improvement. First of all, fuel 
impingement was unavoidable for the narrow angle injector. How to make full use of this fuel 
impingement was a challenging problem to solve. Without sufficient manipulation of the fuel 
impingement, pool fires or fuel film combustion modes occurred with soot formation. Pool fires 
from the first injection greatly affected the combustion mode of the main injection. For the main 
injection with a retarded post-TDC injection, fuel impingement before ignition benefited the air 
fuel mixing process with an HCCI combustion flame structure. It should be noted that the piston 
geometry design was probably not optimized for the narrow angle direct injection technique. To 
obtain better performance, a comprehensive optimization of combustion chamber and fuel 
injection system is necessary. 

Renewable fuels are attractive alternative fuels for the future energy needs. Bio-diesel fuel is 
a promising future oriented fuel used in diesel engines. The combustion processes of bio-diesel 
blended with European low sulfur diesel fuel were conducted with different combustion modes. 
The injection angle was 150 degrees. A single-injection strategy and a multiple-injection strategy 
with a small first injection followed by a second main injection were studied. For the single-
injection strategy, soot emission was lower for the bio-diesel blends compared to the pure petro-
diesel fuel under all the injection timings. For conventional and late injection strategies, the NOx 
emissions increased with increased bio-diesel fuel content in the blends. However, for an early 
pre-TDC injection timing, with the increase of bio-diesel fuel content, a first reduction followed 
by an increase in the NOx emissions was observed due to the tradeoff of ignition delay and 
oxygen content in the fuel blends. For ignition occurring very early before TDC, the early 
ignition timing leads to a high in-cylinder global temperature. This in-cylinder temperature 
becomes even higher than the other two injection timings due to more piston compression work. 
Consequently, there is a balanced effect of the high in-cylinder temperature resulting from early 
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ignition and the high oxygen content in the bio-diesel fuel. The tradeoff of ignition delay and 
bio-diesel content for different fuel blends leads to the observed NOx emissions. Compared with 
the early injection and conventional injection timings, a late post-TDC injection timing resulted 
in a significant reduction in the NOx emissions with low temperature HCCI-like combustion 
modes. Therefore, simultaneous reduction of soot and NOx emissions could be achieved by 
using a late post-TDC injection strategy with a low temperature combustion mode. The multiple-
injection strategy offered more flexibility in emission control than the single-injection strategy. 
The multiple-injection strategy altered the emission trends observed with the single-injection 
strategy with increasing bio-diesel content in the fuel blends. Lower NOx emissions could be 
obtained for higher bio-diesel contents with more bio-diesel content under certain multiple-
injection strategies with a low temperature combustion mode. The reduction of soot emissions 
for bio-diesel fuel was mainly due to the lower soot formation rate and faster soot oxidation rate 
with more available oxygen concentration through the combustion process. The combination of 
the two effects led to a great reduction of in-cylinder soot generation. The NOx emission increase 
was mainly due to the higher oxygen content with a higher adiabatic flame temperature. By 
changing injection strategies the combustion mode could be controlled with lower combustion 
temperature and better mixing. Results showed that for the bio-diesel fuel in this study, the 
injection strategy played an essential role in controlling the combustion modes and emission 
characteristics. A multiple-injection strategy with an early pre-TDC injection followed by a 
retarded main injection showed the best performance. The addition of bio-diesel played a 
secondary role with a minor change of the exhaust emissions.  

Based on the above discussion, it was concluded that clean combustion modes with advanced 
injection strategy using renewable alternative fuel would be a strategic option in the long run for 
the diesel engine community as long as there was no other alternative power stations with 
comprehensive competitive performance.  

Even though some experiments were conducted in the optical engine under different 
operating conditions, the experimentation was far from being complete. The fascinating aspect of 
the combustion process in the engine was not being able to predict the flame structure because of 
the complicated combustion chamber geometry and various operation parameters.  With respect 
to the future experimentation, the following aspects are worth being investigated: 

1. Weak chemiluminescence signal imaging is useful to study the early flame 
development by using an ICCD camera. The OH and formaldehyde are useful 
radicals to visualize the low temperature combustion flame. Laser induced 
fluorescence or direct imaging techniques might be used; 

2. Injection strategy with more than two injections might be another interesting area 
because a late small injection can improve the soot oxidation process and some 
post injections also help in the exhaust after-treatment systems. The examples 
might include the injection patterns such as early multiple-injections, 
early+main+post, main+post, main+post+post, and etc.; 

3. The effects of increased intake swirl might be interesting to explore. The swirl 
ratio for the current study is 2.5. The design maximum swirl ratio is 4.0 by 
shutting off one of the intake port. Increased swirl ratio would help to promote the 
air-fuel mixing process and the implementation of HCCI-like combustion might 
be easier; 
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4. Even thought the NOx emissions were measured in the exhaust pipe, there is no 
in-cylinder NOx data available. In-cylinder NO detection will be a challenging but 
useful area to explore, especially for small-bore HCDI diesel engines; 

5. Further investigation of the sooting characteristics of the engine is necessary.  
Due to the complex piston geometry, the FILE and BILE technique could not 
acquire quite useful information for studying soot formation or soot oxidation. A 
technique worth to try might be the two-color method to measure the soot and 
temperature distribution during the combustion process; 

6. Bio-diesel combustion using narrow angle direct injection techique is also an area 
worthy of further investigations. 
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F. LASER DIAGNOSTICS OF BIODIESEL COMBUSTION IN 
CONSTANT VOLUME CHAMBER 

 

Although the experiments conducted on Lion Engine had provided us information on the 
combustion and emission characteristics of biodiesel and diesel blends with different blending 
ratio regarding engine operation and optimized points have been acquired under both 
conventional and low temperature combustion (LTC) modes, more fundamental studies are 
required through laser diagnostic methods to provide insights on the spray, combustion and 
emission characteristics of the biodiesel and biodiesel-diesel blends. The experiment was 
conducted in a constant volume chamber with optical access. To simulate the real diesel engine 
operation, a premixed mixture was combusted first to provide a high temperature high pressure 
environment inside the chamber before the fuel was injected.  

To coincide with the experiments conducted on the Lion Engine, the two major parameters 
taken into account were the ambient temperature and the ambient oxygen concentration. The 
ambient temperature at which the main injection of the fuel is initiated is an important parameter 
in the LTC studies since the primary motivation of the LTC study is to explore the benefits of 
combusting fuel under lowered ambient temperature environments. With different injection 
strategy applied on the Lion engine, the ambient temperature of the main injection varied and 
had shown different results in terms of both the engine performance and exhaust emissions. On 
the other hand, the ambient oxygen concentration corresponds to different EGR applied on the 
Lion engine, since the oxygen in the intake manifold is diluted with the exhaust gas re-circulated. 
EGR is widely used nowadays and considered as a major contribution to achieve LTC. The 
methods of controlling the ambient temperature and ambient oxygen will be detailed in later 
sections. In addition, the butanol has been considered a challenging alcohol competitor for 
application in diesel engines, thus the combustion and soot emission characteristics of a ternary 
blend of butanol, diesel and biodiesel was also studied.  

 

1. Introduction 
Biofuels produced from locally available feedstock are considered as the most viable 

replacement for petroleum-based fuels and are gaining increasing public and scientific attention. 
For the conventional vehicles, various biofuels have been used or researched, such as biodiesel, 
bioDME, biomethanol, bioethanol, biobutanol, etc. Due to the concern on the possible energy 
crisis in the future with the current prompt consumption of the non-renewable fuels as well as 
more stringent emission regulation enforced by the governments all around the world, the share 
of biofuels in the automotive fuel market is expected to grow rapidly over the next decade [1-3]. 
On the other hand, future biofuel production systems should be integrated into existing technical 
biomass potentials. Considering the existing infrastructure of fuel distribution and fuel usage, 
only a reasonable mix of promising biofuels could be implemented in the current energy system. 
The utilization of current and future biofuels is required to meet exhaust gas emission standards 
(European standard: EURO 5/6 [1] and US standard: Tier2 Bin5 [2]) and be produced in a 
technically and economically efficient way, i.e. with high conversion rates and costs which are 
competitive with fossil fuel [3]. Therefore, numerous researches have been carried on replacing 
the conventional gasoline or diesel with the biofuels in part or full. 
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Among all the biofuels, biodiesel is probably the mostly studied and matured alternative to 
diesel since it is biodegradable, environmental friendly, low emission, and low in cost. Lee et al. 
[4] studied the effect of biodiesel blending ratio in a compression ignition engine and reported 
that HC and CO emissions are decreased and the ignition delay is shortened when the blending 
ratio of the biodiesel increased. Bhale et al. [5] studied the properties of biodiesel at low 
temperature. They observed the improvement of flow characteristics of biodiesel fuel using 
ethanol and kerosene as an additive. Previous studies in our research group [6, 7] have also 
shown that biodiesel produces less CO, CO2, soot and unburned hydrocarbon, albeit a slight 
increase in NOx. Such benefits of reducing emission will be particularly important with the 
increasing emission restrictions. Meanwhile, biodiesel fuel has also brought some challenges in 
the practical use such as difficulty in storage and the decline of flow characteristics at low fuel 
temperatures. To solve these problems, research on blended biodiesel fuels is underway. The 
other biofuel that has been used widely is bioalcohol, such as the mixing fuels of methanol -
gasoline or ethanol-gasoline. The effect of diesel with ethanol or methanol additive on blending 
stability, combustion and emissions had been studied by a number of research groups [8-10].  

A very challenging alcohol competitor for use in diesel engines is butanol. Butanol is of 
particular interest as a renewable biofuel, as it is less hydrophilic and it is featured by higher 
heating value, higher cetane number, lower vapor pressure, and higher miscibility than ethanol or 
methanol, making butanol preferable to ethanol or methanol for blending with conventional 
diesel fuel. Rakopoulos et al. [11, 12] investigated the effects of using blends of n-butanol 
(normal butanol) with conventional diesel fuel, with 8%, 16% and 24% (by volume) n-butanol, 
on the performance and exhaust emissions of a high-speed, direct injection diesel engine. The 
results revealed that this fuel, which can be produced from biomass (biobutanol), forms a 
challenging and promising bio-fuel for diesel engines. Yao et al. [13] investigated the influence 
of the diesel fuel n-butanol content on the performance and emissions of a heavy duty direct 
injection diesel engine with multi-injection capability and various EGR ratios. A triple-injection 
strategy with a higher n-butanol fraction offers the lowest soot emission. 

The addition of the alcohol to diesel fuel, however, also decreased fuel density, kinematic 
viscosity, and cetane number. In order to provide a stable mixture and acceptable fuel properties 
for use as an alternative fuel in diesel engines, the biodiesel is used to compensate the decrease 
of density, viscosity, CN for the alcohol-diesel blends in some previous studies [14]. It was 
reported that 5% by volume of methanol can be mixed uniformly with biodiesel–diesel blend 
without using additives, once the methanol content is more than 5%, it is necessary to add oleic 
acid as additive to prevent phase separation of blended fuel [14]. Qi et al. [14] also found the 
addition of higher oxygen content and high volatility methanol can be a promising technique for 
using biodiesel-diesel blend efficiently in diesel engines without any engine modifications. 
Cheenkachorn and Fungtammasan [15, 16] investigated the fuel properties, combustion and 
emissions characteristics using diesel-ethanol-biodiesel blends in a diesel engine. Results showed 
that biodiesel itself can properly perform as an effective emulsifier. Compared with diesel fuel, 
the diesel-ethanol-biodiesel blends show no significant difference on the emissions of CO2 and 
NOx, but a lower particulate matter and CO emissions. It also yielded a lower maximum power 
output due to its lower heating value. Park et al. [17] investigated the spray-atomization 
characteristics of diesel-ethanol-biodiesel blended fuels in a common rail diesel injection system. 
The mean droplet size decreased as the ethanol blending ratio increased because of the low 
kinematic viscosity and low surface tension of ethanol blended fuels. Therefore, the fuel 
atomization of diesel fuel can be improved by the addition of ethanol fuel. The same results also 
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can be found in the researches of Park et al. [18, 19] using bioethanol-biodiesel blends. A 
comparative study of phase stability, the dependence of solubility on temperature (10, 20, and 30 
°C), and an evaluation of some basic fuel properties according to the ASTM of diesel-biodiesel-
ethanol and diesel-biodiesel-butanol three-component systems at different component 
concentrations was done by Chotwichien et al. [20]. The solubility of diesel-biodiesel-butanol 
was higher than the solubility of diesel-biodiesel-ethanol and the use of butanol in diesohol could 
solve the problem with phase separation because of its high solubility in the diesel fuel. The 
blend of 85% diesel, 10% palm oil ethyl ester, and 5% butanol was found the most suitable, as it 
provided a stable mixture and acceptable fuel properties for use as an alternative fuel in diesel 
engines. 

 

2. Experimental Setup 
The experiments were conducted in a constant-volume combustion chamber which is able to 

simulate the combustion condition inside a real diesel engine. A schematic of the combustion 
chamber is shown in Figure F1. The combustion chamber was designed for optimum optical 
access and fitted with a DI diesel injector. The chamber had a bore of 110 mm and a height of 65 
mm; equipments needed for the experiments such as spark plug and flame arrestor were 
embedded in the chamber wall as shown in Figure F2. The maximum operating pressure allowed 
in the chamber was 18 MPa and the maximum chamber gas density was 30 kg/m3. Optical access 
was provided by Dynasil 1100 fused silica with high UV transmittance down to 190 nm located 
on top and side of the chamber while the side window was placed into a pocket in the side wall 
of the spacer, providing restraint for securing the window in the spacer when the chamber 
pressure was above atmospheric pressure. To prevent the window from being sucked into the 
chamber while the chamber is under vacuum, a high temperature silicone rubber compound 
RTV60 and silicone prime SS4044 made by GE silicones were applied into the space between 
the spacer and the window. In addition, such setup provided a good sealing between the window 
and the spacer. The end window was 130 mm in diameter and 60 mm thick, mounted directly 
opposite the injector and allowed full optical access to all six spray jets. A C-shaped cross-
section seal made by Advanced Products Company was used to seal the end window to the 
spacer.  

A coil-on-plug system made by Ignition Solutions Inc. was installed within the spacer with 
spark plug electrode protruding from the spacer wall; the coil-on-plug system combined the 
power output stage with the ignition coil eliminating a high voltage cable. Moreover it was 
capable of generating a powerful spark of about 42 mJ energy coupled with the spark plug which 
was featured by a 1.2 mm gap. A mixing fan was also mounted on the spacer wall to ensure the 
uniform ambient temperature field inside the chamber. A flame arrestor made of multiple layers 
of stainless steel mesh was installed in the end close to the chamber to stop flame propagation 
into the gas line. A Kistler 6121 Quartz pressure transducer coupled with a 5026 dual mode 
differential charge amplifier was embedded in the spacer for recording the chamber pressure. 
This pressure transducer could work up to 350 °C, thus no cooling water was needed. The 
protective plate in front of the diaphragm reduced the thermal shock error.  

The fuel injection in this study was a Caterpillar Hydraulic actuated Electronic controlled 
Unit Injector (HEUI) HI300A prime injector, of which the peak injection pressure was 162 MPa. 
The electrical current to drive the injector solenoid was provided by the Electronic Control 
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Module (ECM) supplied by Caterpillar. A rising TTL pulse was given to ECM to control how 
long the solenoid was energized and correspondingly how much fuel was injected; the fuel came 
out of the nozzle tip at around 1.2 ms after the injection signal was initiated.  

The chamber was heated with cartridge electric heaters to simulate engine-wall temperature 
of 380 K and to prevent water condensation on the windows. Only one of the six spray jets was 
examined due to the limitation of the field of view. For a better observation of flame 
impingement on the wall, a portion of an aluminum ring with an outer diameter equal to the 
chamber inner diameter was attached to the chamber wall facing the jet to be studied. This wall 
block was 7 mm thick on top and 3 mm thick on the bottom, and as a result, the inner surface 
only projected a line on the image taken by the camera above the chamber.  

The experiment procedure used to simulate diesel fuel injection and combustion processes in 
a constant-volume combustion chamber was developed in previous studies [21-25]. The test 
procedure was started by filling the chamber to a specified density with a premixed, 
combustible-gas mixture. The mixture, including acetylene (C2H2), oxygen and nitrogen whose 
concentration can be precisely controlled through their source pressure, was then ignited with 
spark plug and burned to create a high-temperature, high-pressure environment in the chamber. 
Acetylene was used as the combustible gas because of its flammability and low window 
contamination. Equation (1) shows the chemical reaction of the mixture, 

 4 C2H2 + ( )11 + �  O2 + 65 N2 	 8 CO2 + 4 H2O + � O2 + 65 N2                (1) 

where � denotes the amount of excess oxygen. If the chamber ambient contained 21% 
oxygen, the molecular weight for the post-combustion gas mixture was 29.738 kg/kmole, and the 
density was 14.8 kg/m3. After the premixed combustion, the mixture within the chamber would 
be cooled down over a relatively long time due to the heat loss through the chamber wall. When 
the desired ambient temperature was reached, the injector was triggered and the fuel injection, 
auto-ignition and combustion took place sequentially. In this way, the density, temperature and 
composition of the ambient gas inside the chamber at the time of injection could be varied to 
correspond to different injection strategy and EGR conditions in the Lion engine.  

Table F1 shows the operation conditions considered in this study. Note that an operating 
condition of 1000 K ambient temperature and 15 kg/m3 ambient density represents a typical 
diesel engine top dead center (TDC) environment. European low sulfur diesel, its blends with 
soybean biodiesel, its blends with n-butanol and a ternary blend of the same n-butanol, diesel and 
biodiesel with different blending ratio were considered for this project. In the later sections, the 
low sulfur diesel will be referred as ‘D’, soybean biodiesel as ‘B’ and n-butanol as ‘BT’; the 
number afterwards will represent the volumetric ratio of this component. The low sulfur diesel is 
considered the base fuel and is regarded as default whenever the label is not included, i.e. B20 
means 20% soybean biodiesel, 80% low sulfur diesel. Table F2 lists some of the important fuel 
properties of diesel, soybean biodiesel and butanol. Various ambient temperatures and ambient 
oxygen concentrations were set. It is worthwhile to mention that the 21 %, 18% and 15 % 
ambient oxygen concentration correspond to running the engine with no EGR, low EGR and 
heavy EGR.  

 
 
 



452 
 

3. Diagnostics and measurements 
Three different optical diagnostics were employed in this study including light scattering, 

natural flame luminosity imaging, and forward illumination light extinction (FILE) technique. 
The light scattering was used to measure the liquid jet penetration, while the natural flame 
luminosity images were recorded to compare flame development and soot evolution for different 
fuels under various conditions. The FILE technique, which was developed in this lab, was 
applied in the chamber to provide a 2-D quantitative soot distribution for different cases. The 
principle and optical configuration for these three techniques will be detailed in the following 
sections.  

3.1 FILE technique for soot measurement.  
The new Forward Illumination Light Extinction (FILE) method was developed and verified 

by Xu and Lee [16] It was demonstrated that the FILE technique has the ability to provide 2D 
time-resolved quantitative soot measurement while using only one optical window. Unlike the 
back illumination, where two windows are required, the FILE technique has a light diffuser 
placed behind the flame plume, so that the light source and camera can be located at the same 
side of the lame through one window, which is shown in Figure F3. A high pulse rate copper-
vapor laser was used as the light source and synchronized with a Phantom v 7.1 high-speed 
digital video camera in the FILE measurement. The image resolution, frame rate and exposure 
time for the camera were 256 × 256 pixels, 15000 fps and 3ms, respectively. Each laser pulse 
lasted only 25 ns, which was ideal for freezing the transient movement. The copper vapor laser 
had a two-color output at a wavelength of 511 nm and 578 nm with a power ratio of 2:1. 
Interference filters were used to filter out the light at 578 nm for monochrome light extinction. A 
neutral density filter was also adopted to fit the light intensity within the camera measurement 
range. To suppress the flame emission, a narrow transmittance bandwidth filter with 5 nm full 
width at half-maximum (FWHM) was achieved by aligning two interference filters at 510 nm 
and 515 nm with 10 nm FWHM together. The light emitted from the fiber of the copper vapor 
laser was condensed by an aspheric condenser lens, so that a small reflecting mirror could be 
used. A small mirror with a diameter of just 6 mm was adopted and installed in front of the lens 
without blocking much light going into the camera so that the incident light could be considered 
from a point light source after reflected from the mirror. For forward illumination technique, the 
incident light Ii passed through the soot cloud twice instead of once as shown in Figure F4. The 
light was modified by the light diffuser besides the extinction due to soot appearance. It was 
verified that the change of reflected light intensity was only resulted from the presence of soot 
similar to Lamber-Beer’s Law. The soot volume fraction Cv can be shown as:  

ln
(2 )

o
v

a

IC
L K I
λ 	 �= � �

� �
                                     2) 

where l is the wavelength of mono-color light, Ka is the dimensionless absorption constant 
which is determined by the soot refractive index m. In this paper, a value of 5.47 is used for m. L 
is the path length through the soot cloud. I is the reflected light intensity with the presence of 
soot cloud and I0 is the reflected light intensity without the presence of the soot cloud. The 
images recorded with and without soot clouds were processed pixel by pixel to calculate the soot 
volume fraction using Equation M2. For non-axisymmetric diesel flame, the thickness of the soot 
cloud was unknown and therefore what obtained was a line-of sight measurement of CvL. If the 
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area represented by each pixel was a square with a dimension of �r, then the soot mass at each 
pixel will be given as: 

2( )i s vm C L rρ= Δ                                      3) 

where rs is the soot density typically chosen as 2 g/cm3. By summing all the pixel values 
together, the total soot mass in the flame could be obtained. 

3.2 Light scattering for liquid penetration measurement.  
Light scattering was adopted to study liquid jet penetration with the presence of combustion. 

The setup of liquid jet light scattering was almost the same as FILE setup except there was no 
diffuser behind the jet. The chamber wall was directly exposed to the copper vapor laser. Since 
the chamber wall was dark with low reflectivity and the liquid jet had a higher reflectivity, more 
incident light would be reflected back to the camera from the liquid jet, and thus the liquid jet 
could be highlighted exclusive of the background as can be seen later.  

3.3 Nature flame emission measurement.  
Natural flame emission images were recorded to visualize the fuel combustion process. The 

natural flame emission consists of two parts: chemiluminescence and soot luminosity. The 
intensity of the image depends on the soot volume fraction and the temperature of the soot. The 
high speed digital video camera was used to capture the natural flame emission directly. The 
setup of the high speed digital video camera is the same as used in FILE measurement. 

 
4. Results and discussion 
4.1 In-cylinder combustion pressure and heat release rate results.  
4.1.2 Ambient oxygen concentration effects 

The in-cylinder combustion pressure and heat release rate results of B0 and B100 at different 
ambient temperatures and oxygen concentrations are shown in Figure F5. The peak combustion 
pressure was higher for lower ambient temperature due to the lower combustion temperature at 
lower ambient temperature which caused less heat transfer through the chamber wall and 
windows. It can be seen that the higher peak combustion pressure occurred at higher oxygen 
concentration under all ambient temperatures for B0 because of the more efficient combustion at 
a relatively higher oxygen concentration except at low ambient temperature conditions (800 K 
and 900 K). Higher peak combustion pressure was observed for B0 at 15 % oxygen 
concentration than at 18 % oxygen concentration at low ambient temperatures due to longer 
ignition delay, which resulted in more time for the fuel to mix with ambient oxygen and leaded 
to more efficient combustion despite the lower oxygen concentration effect. While for B100, it 
was very interesting to see that the highest peak combustion pressure also occurred at 21 % 
oxygen concentration under each ambient temperature but the peak combustion pressure was 
higher at 15 % oxygen concentration than at 18 % oxygen concentration under all ambient 
temperatures. As for the latter period of the combustion process, the combustion pressure at 15 
% oxygen concentration became higher than that of 18% and 21% cases which was due to the 
effects of both the oxidizer content inside biodiesel and longer ignition delay at lower oxygen 
concentration. Longer ignition delay was observed for both B0 and B100 at lower oxygen 
concentration under each ambient temperature due to the retarded fuel air mixing process at 
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lower oxygen concentration before ignition. More obvious difference could be seen at lower 
ambient temperature. Peak heat release rate decreased with decreasing oxygen concentration for 
both B0 and B100 at all ambient temperatures except for B0 at 15 % oxygen concentration, 900 
K ambient temperature and B100 at 15 % oxygen concentration, 900 K-1200 K ambient 
temperature. At 21 % and 18 % oxygen concentration, the heat release rate of B0 was higher 
than B100 at all ambient temperatures, which was resulted from the higher heating value of B0 
than B100. While at 15 % oxygen concentration, the simulation of heavy EGR rate, the heat 
release rate of B100 became higher than B0 at all ambient temperatures due to the high oxygen 
content inside biodiesel. The overall oxygen content inside the chamber was much more for 
B100 than B0 at 15 % oxygen concentration, so that the combustion for B100 at 15 % oxygen 
concentration was more efficient. Significant transit from premixed combustion to mixing 
controlled combustion can be observed in Figure 5 for both fuels when ambient temperature 
varied from 800 K to 1200 K. For diesel, the combustion process was similar at different oxygen 
concentrations. At 800 K ambient temperature, the combustion was totally premixed combustion, 
while both premixed combustion and mixing controlled combustion were found when the 
ambient temperature varies from 900 K to 1100 K, then the combustion became totally mixing 
controlled combustion at 1200 K. The combustion at 900 K ambient temperature was premixed 
combustion dominant combustion while at 1000 K and 1100 K, it was mixing controlled 
combustion dominant combustion. For biodiesel, two stages combustion can be seen from 800K 
to 1100 K ambient temperature, then transfer to mixing controlled combustion at 1200 K. Figure 
F6 illustrates the ignition time of B0 and B100 at different ambient temperatures and oxygen 
concentrations. Ignition time was defined as the time duration between the moment the injector 
was triggered and the start of combustion. The start of combustion was defined as the zero point 
when the heat release rate curve goes from negative value to positive value. The ignition delay 
was shorter for B100 at 21 % and 18 % oxygen concentration despite the high viscosity, smaller 
cetane number of biodiesel. This can be explained by the higher bulk modulus of biodiesel and 
the hydraulic actuated fuel system used in this study and the high oxygen content of biodiesel. 
The higher bulk modulus of biodiesel caused biodiesel less compressible and came out of the 
injector nozzle a little earlier compared to diesel, which will be shown later. While at 15 % 
oxygen concentration, the ignition delay was longer for B100 at low ambient temperature (800 
K) and higher ambient temperatures (1100 K and 1200 K). With decreasing oxygen 
concentration, the ignition delay increased due to the slower fuel air mixing process before auto-
ignition at lower oxygen concentration.  

4.1.2 Fuel effects 
The in-cylinder combustion pressure and heat release rate results of different fuels at 

different ambient temperatures, and different fuels at the same ambient temperature are plotted in 
Figure F7-F10. The data acquisition process was initiated at the same time the injector was 
triggered. The ignition delay was defined as the interval between the moment the injector was 
triggered and the heat release rate curve went from negative to positive for the first time. The 
duration between the first time the heat release rate curve went from negative to positive and the 
heat release rate curve went from positive to negative was defined as the combustion duration.  

The peak combustion pressures at different ambient temperatures were very close to each 
other among the biodiesel diesel blends. Combustion at a lower ambient temperature had a 
slightly higher peak pressure rise due to lower heat loss through the chamber wall and flame 
radiation. With increasing biodiesel content at a fixed ambient temperature, the peak combustion 
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pressure decreased slightly because of the lower heating value of biodiesel. The ignition delay 
was shorter at a higher ambient temperature, as can be seen from the heat release rate curves in 
Figure F7. A longer ignition delay resulted in more time available for the liquid jet to penetrate 
into the chamber, and more oxygen to be entrained into the jet to form a premixed zone. 
Therefore, at a lower ambient temperature, more fuel was burned in the premixed combustion 
mode.  

The heat release rate plots at the top right of Figure F7 also demonstrate the transition from 
premixed dominated combustion at a lower ambient temperature to mixing controlled dominated 
combustion at a higher ambient temperature. This transition process was shown more clearly at 
the bottom of Figure F8. For B0, typical two-stage combustion was observed at 900 K and 1000 
K, with the transition from pre-mixed combustion at 700 K and 800 K to mixing controlled 
combustion at 1100 K and 1200 K. For B20, B50 and B100, the two-stage combustion started at 
800 K and switched to mixing controlled combustion at 1000 K. It is also very interesting to 
notice that although biodiesel has a higher viscosity and lower cetane number, B20, B50 and 
B100 exhibited a shorter ignition delay than B0, and the ignition delay decreased with increasing 
biodiesel content which was due to the advanced injection timing of biodiesel as explained in 
Ref. [26]. The combustion in all cases ended at around 7 ms and longer combustion duration was 
found in the cases of higher ambient temperatures. The highest peak pressure and heat release 
rate for each fuel were found in the cases of the ambient temperature of 700 K, however, the 
ignition delay was much longer at such a low temperature, possibly limiting the attainable speed 
in an engine.  

Figure F9 illustrates the combustion pressure and heat release rate results of four different 
butanol diesel blends at different ambient temperatures. Lower ambient temperature combustion 
displayed a slightly higher pressure because of the lower ambient pressure generated from C2H2 
premixed combustion and less heat loss through both chamber wall conduction and flame 
radiation. The heat release rate of pure diesel demonstrated again distinct transition from 
premixed combustion dominant one at 800K to total mixing controlled combustion at 1200K as 
those for biodiesel diesel blends. The ambient temperature also had strong effect on the auto-
ignition timing. Under lower ambient temperature condition, the auto-ignition delay became 
longer for all four blend fuels. The longer auto-igntion delay allowed more time for the liquid jet 
penetrating into the chamber and more ambient air entrained into the jet to form a premixed zone 
with fuel vapor. Therefore, with the decrease of ambient temperature, more ambient air is 
entrained into the spray jet and the premixed burn is remarkably stronger. In addition, the 
combustion pressures and heat release rate reduced with increasing of n-butanol volume at all 
ambient temperatures because n-butanol has a lower heating value compared to diesel fuel since 
the injection duration was kept constant.  

At 800K ambient temperature condition, the auto-ignition timing of D100 fuel was 
approximately 0.25 ms advanced than n-butanol blend fuels. With ambient temperature 
increasing, the ignition delay of n-butanol blend fuels reduced and became unperceivable in 
comparison with D100 at 1000K and 1200K. This was consistent with the cetane number (CN) 
value of these blends since the lower the cetane number fuel induced a longer auto-ignition 
delay. With increasing of n-butanol in blend, the fuel CN reduced due to a lower cetane number 
for n-butanol. However, there was no obvious longer ignition delay of BT100 fuel than 
BT20D80 and BT50D50 blends since n-butanol atomization and chemical reaction rate advances 
with ambient temperature increasing. Therefore, for n-butanol blended fuel, it just had an effect 
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on auto-ignition timing under 900K ambient temperature. For a real diesel engine, this condition 
is just the low load. This means that n-butanol blend fuel has a small or no effect on the auto-
ignition timing under medium or high load. Moreover, BT100 showed nearly equivalent 
maximum combustion pressure to BT50D50 blend under all ambient temperature conditions as a 
result of violent vaporization and preliminary premixed combustion. 

Figure F10 shows the combustion pressure and heat release rate results of three different n-
butanol, biodiesel and diesel blends at different ambient temperatures. Notice that B20D80 was 
also included for the comparison between the binary blends and ternary blends. As shown, 
combustion started at a lower ambient temperature presented a slightly higher pressure because 
of the less heat loss through both chamber wall conduction and flame radiation. Same as 
biodiesel diesel blends and butanol diesel blends, the ambient temperature had strong effect on 
the auto-ignition timing. With a lower ambient temperature, the auto-ignition delay became 
longer for all three blend fuels. The longer auto-igntion delay resulted in more time for the liquid 
jet penetrating into the chamber, and more ambient air entrained into the jet to form a premixed 
zone with fuel vapor. Therefore, with the decrease of ambient temperature, more ambient air was 
entrained by spray jet and more fuel was burnt by premixed combustion. The heat release rate 
plots in Figure F10 demonstrate this transition from total mixing controlled combustion at 1200K 
to premixed combustion dominant one at 800K. In addition, the combustion pressures and heat 
release rate reduced with increasing of n-butanol volume at all ambient temperatures because the 
n-butanol had a lower heating value compared to the biodiesel and diesel fuel.  

At 800K, the auto-ignition timing of BT0B20D80 fuel was 0.2 ms and 0.4 advanced than 
BT5B15D80 and BT10B10D80 respectively which was again consistent with the CN since the 
lower CN resulted in a longer auto-ignition delay. With increasing of n-butanol in blend, the fuel 
CN reduced due to a lower cetane number for n-butanol. However, with increasing of ambient 
temperature, the auto-ignition timing between three fuels became unperceivable. Since chemical 
reaction rate increases with ambient temperature, auto-ignition processes for different cetane 
number blend fuels became identical at 1200K. Therefore, for a low butanol blend fuel (<10% 
volume ratio), the auto-ignition timing was only affected under 800K ambient temperature.  

 

4.2 Light-scattering results for liquid jet penetration.  
4.2.2 Ambient oxygen concentration effects 

Six typical light-scattering images of B0 and B100 at 800 K ambient temperature, 15 % 
oxygen concentration, and the calculated liquid penetration depth of both fuels at different 
ambient temperatures are shown in Figure F11. Only one of six jets is studied as aforementioned. 
In each image, the time stamp is on the top-left and a ‘J’ label representing liquid jet 
measurement was on the top-right, to differentiate, a F label and S label was attached 
representing natural flame images and soot distribution contours respectively in later sections. 
The same camera lens aperture (f = 4.5) was set when comparing the spray images for different 
conditions. The injector orifice was located in the top center while the chamber wall is at the 
bottom of the image. The liquid jet penetration depth was clearly demonstrated using the light 
scattering as introduced before and the flame was virtually all filtered out by applying the filter. 
Fuel came out of the injector nozzle at around 1.26 ms for biodiesel while the fuel jet could not 
be seen for diesel fuel at the exact same time. The reason for this was the high 13 bulk modulus 
of biodiesel which results in less compressible of biodiesel and came out of the nozzle a litter 
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earlier. Also can be seen from those images was that the spreading angle of diesel was larger 
than biodiesel because of the higher viscosity of biodiesel. With the liquid penetration depth 
determined from each image, the jet penetration evolution of B0 and B100 at different oxygen 
concentration and ambient temperatures were obtained as shown in the bottom of Figure F12. It 
is worthwhile to mention that all results were averaged over at least five cases with the same 
experimental condition in order to validate the data on a statistical base and for all the cases the 
error was yielded within 5%. The same processing procedure was also applied to other tested 
fuels. The first pulse of the liquid penetration curve was the pilot injection which followed by the 
main injection. After the fuel penetrated into the chamber, it soon reached the quasi steady state 
penetration depth, where the fuel evaporation and liquid jet injection reached a balance, the 
liquid jet then kept at this penetration depth with some fluctuations till the injection ended. The 
liquid penetration depth increased with decreasing the oxygen concentration at all ambient 
temperatures for both B0 and B100 due to the slower fuel air mixing process at lower oxygen 
concentration before auto-ignition, which resulted in longer time for fuel to mix with oxygen. 
The liquid penetration depth decreased with increasing ambient temperature at all oxygen 
concentrations for both fuels. The reason for this was that the higher ambient temperature and 
flame temperature resulted in faster evaporation and shorter ignition delay, which caused the 
shorter liquid penetration depth. The oxygen concentration had little effect on penetration depth 
when the ambient temperature varied from 900 K to 1200 K for B0, while much more effect was 
found at 800 K ambient temperature when oxygen concentration changed from 18 % to 15 %. 
However, the oxygen concentration had been detected to have more effect on B100 penetration 
depth at all tested ambient temperatures, especially when the oxygen concentration changed from 
18 % to 15 % as shown in Figure F12. The penetration depth was longer for B100 than B0 
especially at lower ambient temperature and oxygen concentration. The possible explanations for 
this were: 1) the higher viscosity of biodiesel resulted in its slower vaporization; 2) the high bulk 
modulus of biodiesel, which made biodiesel less compressible, consequently the actual injection 
pressure was slightly higher for biodiesel than diesel under the same injection pressure, and as a 
result the fuel jet can penetrate longer. 

4.2.2 Fuel Effects 
Five light-scattering images of B0, B20, B50 and B100 at the ambient temperature of 1000 

K, and the calculated liquid penetration depth of each fuel at different ambient temperatures are 
shown in Figure F13. Although the effect of flame was obvious after combustion it should not 
affect the determination of the liquid penetration depth because the liquid jet was separated from 
the flame as shown in the light-scattering images at 4 ms. The liquid jet was first detected at 1.4 
ms for B0 and B20 while for B50 and B100, the fuel liquid jet was first observed at 1.3 ms. It 
can also be seen that as the combustion progresses, the liquid jet became slimmer and shorter due 
to the higher evaporation rate from the hotter environment.  

The jet penetration evolutions with time of all fuels at different ambient temperatures are 
shown at the bottom of Figure F14. The liquid penetration for all fuels decreased with increasing 
ambient temperature which was consistent with the previously published results, such as Ref. 
[27-28]. A higher ambient temperature resulted in faster evaporation and a shorter ignition delay, 
so less time was available for the liquid to penetrate and mix with the ambient gases before auto-
ignition. A thick fuel jet could be observed from around 1.7 ms to 4.3 ms before it totally 
disappeared at around 4.8 ms. With increasing biodiesel content at the same ambient 
temperature, the liquid penetration depth became longer due to the higher viscosity and boiling 



458 
 

point of biodiesel.  

The measured spray jet penetrations for the D100, BT20D80, BT50D50 and BT100 blends 
are shown in Figure F15 at different ambient temperatures. The fuel jet was first detected at 
about 1.6 ms for all fuels and reached the quasi steady state penetration depth at about 0.3 ms 
later for all the four temperatures as shown. Faster evaporation at elevated temperature caused 
the liquid jet penetration length reduce with higher ambient temperature. The penetration length 
also decreased with the increase of n-butanol in blends and the reduction was most evident at low 
ambient temperature condition. This was expected as n-butanol has much lower boiling point 
than diesel causing a higher evaporation rate and more violent droplet breakup. At relative high 
ambient temperature condition, n-butanol blend fuels showed similar liquid jet penetration 
among different blending ratios indicating the impact of the physical property had been 
weakened. It was observed that the liquid jet penetration length did not virtually change before 
and after flame ignition (The auto-ignition occurred at 2-3ms according to different ambient 
temperature as determined from the heat release curve.). It can be concluded that the fuel 
evaporation process mostly received the energy from hot ambient air and the influence from 
flame at the downstream was limited. The spray penetrations of four different fuels at 800 K 
ambient temperature were shown in Figure F16. With n-butanol content increasing, a decreased 
liquid region and reduced jet spray angle was observed due to the lower boiling point and higher 
viscosity of n-butanol. 

The measured spray tip penetrations for the n-butanol, biodiesel and diesel blends are shown 
in Figure F17 at different ambient temperatures. The fuel jet was again first observed at about 1.6 
ms and reached the quasi steady state penetration about 0.3 ms later for all the four ambient 
temperature cases. With elevated ambient temperature, the spray tip penetration length reduced 
as higher ambient temperature at the start of combustion caused a high flame temperature, which 
further resulted in faster evaporation. The spray tip penetration also reduced as the volumetric 
ratio of n-butanol increased in the blends. It should be mentioned that the volume percentage of 
diesel was kept constant for all three tested blends, thus the fuel property mainly relied on the 
difference between n-butanol and biodiesel. N-butanol has a lower boiling point and viscosity in 
comparison to biodiesel and consequently resulted in a higher rate of spray droplet evaporation 
and breakup. It was observed that the liquid jet penetration depth barely changed before and after 
the ignition (The auto-ignition occurred at about 2-3ms after injection according to different 
ambient temperature as shown in Figure F10.). It can be argued that the fuel evaporation process 
mostly absorbed the energy from the hot ambient air and the influence from the flame at the 
downstream is negligible, which was the same as for butanol diesel binary blends. An interesting 
phenomenon observed was that a sudden drop in spray tip penetration with the 10% n-butanol 
blend at about 2.7 ms when the ambient temperatures were 800 K, the same drop was also 
observed at 900 K ambient temperature but earlier. Such phenomenon, however, was not 
observed at high ambient temperatures of 1000 K and 1200 K as it remained almost constant 
during the quasi-steady state period at 1000 K and 1200 K. 

A snapshot of the spray image for BT0B20D80 and BT10B10D80 was shown in Figure F18. 
For BT0B20D80 blend, the tip penetration remained at the same location all through the quasi-
steady state. For BT10B10D80 blend, however some regions are black at the downstream of the 
liquid jet, indicating the fuels in these regions had been fully vaporized and no Mie scattering 
signal was received. This sudden reduction in penetration length was possibly related to micro-
explosion. The micro-explosion phenomenon is caused by the volatility difference between the 
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additives and the base fuel. The interior additives and/or base fuel become superheated as the 
droplet is heated by convective and radiative heat transfer from surrounding combustion gas and 
flame during combustion. The superheat of liquid which is in the thermodynamically meta-stable 
condition is maintained as long as no phase transformation occurs within the droplet. As the 
droplet temperature approaches to the superheat limit, the occurrence of bubble nucleation 
dominates leading to the internal formation of vapor bubbles, the rapid evaporation and 
consequently the disintegration of the superheated liquid. The micro-explosion of the primary 
droplet is followed by the secondary atomization. The violent disintegration produces the 
momentum to disperse the fine secondary droplets into a large physical volume and consequently 
enhances the fuel air mixing in the combustion field. This results in the improvement of the 
combustion efficiency and helps suppress the formation of soot and unburned hydrocarbons. 

The micro-explosion in water and oil emulsified fuel has been extensively studied [29, 30], 
yet these studies focused on a single droplet with a typical diameter of about 1 mm while few 
studies on the micro-explosion in a diesel injector spray was found in the open literature. In a 
recent study by Lee and Wang [31], micro-explosion in mixtures of ethanol-diesel, ethanol-
biodiesel and ethanol-biodiesel-diesel are studied using the numerical model raised by Zeng and 
Lee [32], however, there was no experimental validation in that paper. In this study, since the 
butanol has a much lower boiling point compared to biodiesel and diesel fuel, it was quite 
possible that bubble nucleation formed in the fuel jet, followed by the bubble growth and finally 
the micro-explosion. Furthermore, it should also be necessary to verify if this was a normal 
vaporization process. The downstream of the jet has a better atomization process compared to the 
upstream, and thus the downstream of the jet will be easier to reach the superheat limit and form 
bubble nucleation. However, when the ambient temperatures increase to 1000K, all the blended 
fuel vaporized quite well featured by the shorter liquid penetration and consequently there was 
no time to form bubble nucleation. Therefore, the micro-explosion was not seen in the higher 
ambient temperatures even though the evaporation was even faster. Due to the limitation of the 
camera spatial resolution and the lack of developed criteria of micro explosion in fuel jets, the 
concept of micro-explosion in this paper was established mainly based on the sudden drop 
observed in the liquid penetration. Although this was not a well developed criteria to check the 
existence of micro-explosion in the fuel jet, the ternary blends did present advantageous 
regarding soot emission as will be discussed later, which could be benefited from the possible 
micro-explosion. As for the future work, it is suggested further experimental validations on more 
direct and clear images once the technology is available to show the micro-explosion process just 
like those experiments carried on for single droplet micro-explosion. 

 

4.3 Natural flame emission measurement results.  
4.3.1 Ambient oxygen concentration effects 

Natural flame emission images of B0 and B100 at 21 % oxygen concentration, 800 K 
ambient temperature, and the integrated natural flame luminosity (INFL) results are shown in 
Figure F19 to illustrate the effects of oxygen concentration and ambient temperature on flame 
development in the chamber. Six images are shown for each fuel to give a brief sense to the 
flame development process. The same camera lens aperture (f = 32) was set when comparing the 
natural flame images for different conditions. A set of preliminary tests were conducted first to 
assure the lens aperture was properly set so that the images would not be saturated. Since no 
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specific band pass filter was applied, the images can be interpreted as broadband luminosity. The 
flame duration is defined as the duration between the moment the INFL curve goes from zero to 
positive and the INFL curve goes from positive to zero. It is very interesting to notice from those 
images that the combustion flame appeared later and ended earlier for B100 than B0 despite the 
shorter ignition delay of B100 as mentioned before. The natural flame luminosity consists of two 
parts: chemiluminescence and soot luminosity. However, chemiluminescence is a relatively 
weak nature light emission to identify the auto-ignition of the spray and usually it will not be 
detected by a conventional camera, but an intensified camera can give a spatial distribution of the 
chemiluminescence. Soot luminosity is a product of thermal emission of soot particles that are 
heated within the combustion flame. The perceived intensity of this emission depended on the 
soot volume fraction and the temperature of soot. Chemiluminescence occurred throughout the 
entire combustion heat release process, but the relatively low signal was overcome by the intense 
soot luminosity seen shortly after ignition. Higher flame intensity could be observed for B0 from 
those images shown in Figure F19, indicating higher soot emission inside the chamber when 
burning diesel. The INFL was obtained by summing up all the pixel value in the image taken 
directly using the high speed digital camera. The INFL between 1.0 ms and 7.0 ms were plotted 
as shown in Figure F20 to analyze the effects of ambient temperature and oxygen concentration 
on B0 and B100 combustion. The INFL increased with increasing ambient temperature for both 
fuels at all oxygen concentrations due to the shorter ignition delay at higher ambient temperature, 
which resulted in less time for the liquid jet penetrating into the chamber and less ambient 
oxygen entrained into the jet to form a premixed zone with fuel vapor. Therefore, with elevated 
ambient temperature, less ambient oxygen was entrained by spray jet and less fuel was burnt by 
premixed combustion leading to more soot emissions during the combustion, as a result the 
INFL was higher at higher ambient temperature. The flame appeared later at lower oxygen 
concentration for both fuels at all ambient temperatures which can be also explained by the 
slower fuel air mixing process at lower oxygen concentration before auto-ignition, which 
resulted in longer ignition delay so that soot emission appeared later at lower oxygen 
concentration condition. However, the flame of biodiesel appeared later and ends earlier 
compared to diesel at all oxygen concentrations and ambient temperatures, which indicated 
shorter flame duration of biodiesel. Recall the heat release results discussed previously that 
biodiesel had a shorter ignition delay; it is interesting to find that the delay between the start of 
combustion and the appearance of flame was longer for biodiesel. In terms of the flame 
appearance time, oxygen concentration has more effect on diesel than biodiesel, especially at 
lower ambient temperature. The flame appeared almost at the same time for biodiesel at 18 % 
and 15 % oxygen concentration under the ambient temperature of 800 K to 1000 K. The INFL 
decreased with decreasing oxygen concentration for diesel at 800 K to 1000 K ambient 
temperatures. This was due to the fact that the lower oxygen concentration diesel combustion 
lowered the in-cylinder combustion temperature, despite slight more soot emission at lower 
oxygen concentration as will be shown in next section, the soot luminosity still kept at lower 
level. However, for diesel at low oxygen concentration of 15%, the INFL at 1200 K ambient 
temperature presented a significantly higher value compared to other oxygen concentrations, 
together with higher soot emission, the soot luminosity was consequently higher. It was very 
important to notice that the INFL decreased with decreasing oxygen concentration for biodiesel 
at the ambient temperature from 800 K to 900 K, whereas INFL increased with decreasing 
oxygen concentration at the ambient temperature of 1000 K and 1200 K. This might be due to 
the reason that at lower combustion temperature of 800 K and 900, although there was higher 
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soot emission due to lower oxygen concentration, the soot luminosity was still low. Meanwhile 
once the ambient temperature raised to 1000 K and 1200 K, the INFL increased with decreasing 
oxygen concentration mainly resulted from: 1), high ambient temperature caused high 
combustion temperature; 2), decreasing oxygen concentration lowered slightly the biodiesel 
combustion temperature but increased soot emission; 3), the high oxygen content of biodiesel 
leaded to much higher combustion temperature inside the chamber. All those factors together 
resulted in the totally different phenomena at higher ambient temperature for biodiesel.  

4.3.2 Fuel effects 
The natural flame luminosity images of B0, B20, B50 and B100 at the ambient temperature 

of 1000 K and the INFL results are shown in Figure F21 to illustrate the effects of different 
biodiesel diesel blends at various ambient temperatures on flame development within the 
chamber. Five images are shown in a row for each fuel to present the flame evolution. Same as 
the previously it is very interesting to notice from those images that the flame appeared later as 
the biodiesel content increased. More information can be seen from the INFL curves in Figure 
F22. At the ambient temperature of 1000 K, the flame appeared at 1.80 ms for B0 compared to 
2.06 ms, 2.13 ms and 2.19 ms for B20, B50 and B100, respectively. The delayed soot luminosity 
development for biodiesel was due to its higher oxygen content. The presence of the flame was 
found at around 3.5 ms at 700 K as opposed to 2.5 ms at 800 K for B0 and B20. While the delay 
of flame appearance between at 700 K and at 800 K was around 1.5 ms for B50 and 2.0 ms for 
B100. However, the delay of flame appearance was around 1 ms for B100 when the ambient 
temperature changed from 800 K to 900 K, and this delay was around 0.5 ms for B0, B20 and 
B50. Although the flame appeared at a different time for different ambient temperatures, it ended 
at nearly the same time for all fuels. INFL was found to increase with an increasing ambient 
temperature and the flame appeared later at a lower ambient temperature for all fuels. This is can 
be explained by: 1) at a lower ambient temperature, the longer ignition delay resulted in the later 
appearance of flame and the fuel has more time to mix with the ambient gases, more oxygen was 
entrained into the fuel jet before the auto-ignition occurs, reducing the soot and hence its 
luminosity decreased; 2) a lower ambient temperature caused a lower flame temperature 
resulting in a reduction of soot radiation and luminosity; 3) the soot temperature decreased with 
decreasing ambient temperature as well, leading to a reduction of soot luminosity.  

The INFL curves of the biodiesel diesel blends at the same ambient temperature are also 
plotted in Figure F22. The INFL decreased when the biodiesel content increased. This could be 
explained by the higher oxygen content within the biodiesel content. More oxygen content meant 
more oxidizer for the combustion, resulting in lower soot and soot luminosity. It can be seen that 
all the fuels have the lowest flame luminosity at the ambient temperature of 700 K especially for 
B100, signifying that there was almost no soot during this ultra-low temperature combustion. 
Another very important phenomenon that can be observed from Figure F22 is that the flame 
appeared later and disappeared earlier with increasing biodiesel content, indicating shorter flame 
duration for biodiesel. Recall the heat release rate results in Figure F7 that the ignition delay was 
shorter with increasing biodiesel content, there was a longer delay between the start of 
combustion (SOC) and the appearance of combustion flame for biodiesel fuels.  

Figure F23 illustrates the natural flame luminosity images of butanol diesel blends at the 
same time interval under low ambient temperature of 800K. The series images of BT50D50 
blends displayed an entire natural flame process. At 800K, the weak flame was observable only 
at the near wall region where air and fuel mixed well at 3.72ms. Then the natural flame 
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propagated upstream, and the flame luminosity became much brighter and more regions started 
to combust. Finally, by 6.18 ms, the fading flame luminosity indicated that the combustion had 
nearly completed in the constant volume chamber. D100 and BT20D80 fuel show advanced 
natural flame developing phase that was resulted from shorter ignition delay mentioned before. 
Since the camera aperture was maintained constant in order to make all luminosity results 
comparable, the flame luminosity of BT100 fuel was extremely faint during the whole 
combustion process. 

Figure F24 shows the natural flame luminosity of the same four fuels at high ambient 
temperature of 1200K. The flame luminosity was remarkably quite bright at 1200K. Higher 
ambient temperature resulted in faster evaporation and shorter liquid penetration. There was 
virtually no premixed combustion occured except BT100 as shown in Figure F24. The diffusion 
flame could be observed in the whole premixed combustion zone downstream of the liquid jet as 
early as 2ms, which corresponded to the early combustion phase. The flame then propagated 
downstream with the flame luminosity became much brighter and more regions started to 
combust, especially at the near wall region. The flame luminosity intensity and distribution area 
reduced with increasing of butanol content at the near wall region. In comparison with other 
fuels, BT100 presented a unique combustion behavior as a weak premixed combustion was still 
observed under 1200K ambient condition (shown in Figure F24). Also its natural flame still 
propagated from near cylinder wall region to downstream of liquid jet. The total natural flame 
luminosity under different ambient temperature conditions shown in Figure F25 was again 
calculated by summing up the values of all pixels in each image. Under the same ambient 
temperature condition, the natural flame luminosity decreased with n-butanol additive enhancing. 
It was dominated by soot formation which was determined by temperature, concentration and 
radiation properties of soot. Furthermore, the larger flame luminosity under high ambient 
temperature condition came from higher flame temperatures. The high oxygen content and low 
heating value of n-butanol contributed to the flame temperature reduction. Compared to other 
three blend fuel, BT100 generated extremely low flame luminosity. The higher temperature 
flame should have more NOx formed during the combustion. Figure F25 shows that the threshold 
of natural flame luminosity advances with increasing of ambient temperature. A higher ambient 
temperature resulted in an earlier auto-ignition. It also can be seen that the natural flame 
luminosity increased with increasing of ambient temperature suggesting that the total soot 
emission will increase with increasing of ambient temperatures. 

As for the ternary blends, Figure F26 and F27 show the natural flame luminosity images of 
three ternary blends at ambient temperature of 800K and 1200K respectively. At 800K, the weak 
flame was observable only at the near wall region between 2.99ms and 3.33ms for all three 
blended fuels. At the near wall area with less air entrained from ambient, there was more chance 
for soot to be generated in this region. Therefore, the soot emission was mainly detected at the 
near wall region between 2.99ms and 3.33ms. Compared to the base B20D80, the flame 
luminosity of BT5B15D80 and BT10B10D80 fuels was much weaker at the near wall region 
indicating a lower flame temperature and consequently lower soot emission. With the flame 
propagated upstream, the flame luminosity became much brighter and more regions start to 
combust. By 5.99 ms, the fading flame luminosity indicated that the combustion had nearly 
completed in the constant volume chamber and the soot emission was quite low at this time.  

At high ambient temperature, the flame luminosity became much brighter. The elevated 
ambient temperature resulted in faster evaporation and shorter liquid penetration. Thus there was 
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virtually no premixed combustion occurred as shown in Figure F27. The diffusion flame could 
be seen in the whole premixed combustion zone downstream of the liquid jet at 2ms, the early 
combustion phase. Subsequently the flame propagated downstream, and the flame luminosity 
became much brighter and with more regions start to combust, especially at the near wall region. 
Such trend was very similar to the diesel butanol blends. The flame luminosity intensity and 
distribution area reduced with increasing butanol content at the near wall region. At the near wall 
area with less air entrained from ambient, more soot was generated. The apparent less soot 
within flame of fuels with n-butanol addition at 1200K demonstrates the advantage of more 
oxygen within the fuel, which can take effect evenly within the flame. Compared to premixed 
combustion dominant one at 800K, the fuels with n-butanol additive can reduce more soot 
emissions for a mixing controlled combustion process at 1200K. Furthermore, the mixing 
controlled combustion process is unavoidable in the high load diesel combustion conditions. 
Compared to the B20D20, the total natural flame luminosity of BT5B15D80 and BT10B10D80 
fuels was weaker at 800K, as shown in Figure F28. 

 

4.4 Soot formation results.  
4.4.1 Ambient oxygen concentration effects  

The soot emission is a competing result of the soot generation and soot oxidation. The 
evolution of liquid- or vapor-phase hydrocarbons to solid soot particles and possibly back to gas-
phase products involves six commonly identified processes: pyrolysis, nucleation, coalescence, 
surface growth, agglomeration, and oxidation. Oxidation is the conversion of carbon or 
hydrocarbons to combustion products. Once carbon has been partially oxidized to CO, the 
carbon will no longer evolve into a soot particle even if entering a fuel-rich zone. Oxidation can 
take place at any time during the soot formation process from pyrolysis through agglomeration 
[30]. 

A series of 2-D FILE measurement soot distribution images of B0 and B100 at 800 K 
ambient temperature and 15 % oxygen concentration from a representative combustion cycle are 
shown in Figure F29. The liquid jet was also shown in FILE images because the reflected light 
from the liquid jet was much weaker than from the diffuser, however since the liquid jet was 
close to the nozzle while the soot was mainly distributed near the wall, the soot contour should 
not be affected. In the total soot mass curves in Figure F30, the small rise after the start of fuel 
injection and before the auto-ignition solely came from the liquid jet. More significant liquid jet 
effect was found at lower ambient temperature and oxygen concentration cases. From the line-of-
sight results in those soot distribution images, substantial difference could be seen between B0 
and B100 soot formation process since there was nearly no soot generated at the same condition 
for biodiesel. With the soot distribution contour images, the total soot mass was calculated using 
Equation (1) and (2) as shown in Figure F30. The soot emission appeared earlier at lower oxygen 
concentration under the ambient temperature of 800 K, while it appeared later at lower oxygen 
concentration at 900 K to 1200 K ambient temperature for diesel. This was because at 800 K 
ambient temperature, the ignition delay was sufficiently long to allow the fuel to totally mix with 
ambient oxygen to reach overall premixed combustion. At a lower oxygen concentration, the 
soot generation rate was higher and its oxidation rate was slower, as a consequence, the soot 
emission appeared earlier for lower oxygen concentration. When the ambient temperature rose to 
900 K or higher, the ignition delay was not long enough for totally fuel air mixing because of the 
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higher oxygen concentration. At 21 % oxygen concentration the fuel air mixing process was 
faster before auto-ignition, as a results, the soot appeared earlier. What was different for 
biodiesel was that the soot emission appeared earlier at lower oxygen concentration at the 
ambient temperature of 800 K and 900 K and then the soot emission showed up later with 
increasing oxygen concentration at 1000 K and 1200K. The reason for this observation was 
similar to diesel combustion. Soot emission increased with decreasing oxygen concentration for 
both fuels at all ambient temperatures because there was less oxygen available at lower oxygen 
concentration cases causing more soot generated in the combustion process. It is also found that 
total soot mass increased with increasing ambient temperature mainly due to shorter ignition 
delay at higher ambient temperature, which resulted in less oxygen entrained in to the fuel jet. 
Also shown in Figure F30 was that biodiesel combustion reduced soot emission dramatically 
compared to diesel combustion at all conditions. At 800 K ambient temperature, there was nearly 
zero soot emission for biodiesel combustion at 21 % oxygen concentration and the soot emission 
for biodiesel at 1200 K ambient temperature was comparable to the soot emission for diesel at 
800 K low temperature combustion. The soot formation duration increased with decreasing 
oxygen concentration due to lower flame temperature and slower soot oxidation rate at lower 
oxygen concentration. It is also very interesting to see that biodiesel had a shorter soot formation 
process than diesel at all studied conditions, and the oxygen concentration changed from 18 % to 
15 % seems to have more effect on soot formation process than from 21 % to 18 % for both 
diesel and biodiesel. All these biodiesel combustion benefits observed in the constant-volume 
combustion chamber predicts cleaner in-cylinder combustion when biodiesel should be applied 
in a real engine.  

4.4.2 Fuel effects 
A series of 2-D soot distribution images of B0, B20, B50 and B100 at the ambient 

temperature of 1000 K from a representative combustion cycle are shown in Figure F31. It can 
be clearly seen that the soot dramatically decreased with increasing biodiesel content. More 
information can be observed in the total soot mass curves as shown in Figure F32. The liquid jet 
was again shown in FILE images because the reflected light from the liquid jet is much weaker 
than from the diffuser as aforementioned.  

The total soot mass decreased with decreasing ambient temperature for all fuels. This was 
because a lower ambient temperature allowed longer time for the fuel to mix with the ambient 
gases. It is interesting to see that the soot for all fuels at 700 K reached nearly zero. For B100 the 
soot mass generated was still in a very low level even the ambient temperature rose to 800K, 
which could be explained by the high oxygen content in biodiesel. With 21 % oxygen 
concentration left in the chamber before fuel is injected, the actual available oxygen is more for 
B20, B50 and B100 than B0 during combustion, resulting in more efficient combustion and 
lower soot for biodiesel. This resulted in the reduction of total soot mass with increasing 
biodiesel content as shown in Figure F32.  

In general, the soot appeared later at a lower ambient temperature for all fuels, however, it 
was burned out at around the same time. The soot appeared later and disappeared earlier with 
increasing biodiesel content as well, indicating a shorter soot formation process for the biodiesel 
blends which was similar to the flame development process shown in Figure F32. Soot reduction 
using B20 and B50 was not obvious at a low temperature i.e. 900 K or lower. But under the 
ordinary diesel engine operating condition at 1000 K, the soot mass can be reduced by up to 
50 %. By using B100 as a fuel, the soot reduction can reach 60 % and above compared to B0 at 
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different ambient temperatures.  

Figure F32 shows the total soot mass of four different blends at different ambient 
temperatures. The trend of soot formation delay matched to natural flame results because of 
ignition delay also. Compared to natural flame results, a little retarded appearance of soot 
demonstrates that at the early stage of flame was mostly from the chemiluminescence of flame 
with the absence of soot. With n-butanol content increasing, the total soot mass reduced 
significant. Therefore, total soot mass of BT50D50 blends was lower than BT20D80 and much 
lower than D100 fuel. Soot formation was strongly dependent on air entrainment in the lifted 
portion of the jet as well as by oxygen in the fuel and to a lesser extent the composition and 
structure of hydrocarbons in the fuel. On the one hand, the auto-ignition delay increased with 
increasing of the n-butanol volume, making more ambient air entrainment. On the other hand, 
the n-butanol had a higher oxygen amount and a lower carbon numbers compared to diesel, and 
which will reduce the soot emission further.  

It can be seen that the total soot mass increase with increasing of ambient temperatures. The 
higher soot formation rate should be resulted from the higher soot generation rate at the early 
stage of combustion because the weak premixed combustion under higher ambient temperature 
conditions with less ambient air entrainment resulted in the higher fuel richness. At 800K and 
900K, the longer auto-ignition delay allowed more ambient air entrainment to suppress the soot 
emissions. The reduction of soot emission with n-butanol blend fuels could be the competing 
result of the weak soot generation and even weaker soot oxidation capability at lower flame 
temperature. Over 1000K, the auto-ignition timing among the tested fuels became unperceivable 
as shown in Figure F9 and the combustion was a mixing controlled combustion process under 
higher ambient temperatures. A higher oxygen amount and a lower C/H ratio resulted in the 
weak soot generation and stronger soot oxidation capability at higher flame temperatures. 
Therefore, the n-butanol additive can reduce the soot emissions in the whole engine load 
conditions. For the large load (corresponding to 1200K ambient temperature), it is a mixing 
controlled combustion process. The soot emission of n-butanol blend fuels will reduce a lot 
compared to the base fuel. This is very attractive to the combustion and pollutant emissions 
control. Under low load (corresponding to 800K ambient temperature), it is a premixed 
controlled combustion process and the soot mass is lower compared to the higher ambient 
temperature conditions. In addition the later auto-ignition of n-butanol blend fuels makes more 
ambient air entrained, resulting in the soot emissions reduce further.  

Figure F33 shows the soot distribution images of four different blend fuels at 800K. For 
BT20D80 blend fuel, the soot was only observed at the near wall region which was the same as 
the natural flame distribution at 3.72ms. At this area with less air entrained from ambient more 
soot was generated. Followed by the flame propagating upstream, the soot distribution was also 
moved to upstream at 4.26 ms. Because of less air entrainment and fuel richness, the downstream 
of liquid jet and near cylinder wall region were still the dominating area of soot formation. 
Finally, after injection duration end, the soot formation faded at the near wall region, but still 
existed at the downstream of fuel jet at 6.18ms. Until the combustion had nearly completed in the 
constant volume chamber, the soot emission was quite low at this time. For D100 and BT50D50 
fuel, the soot formation processes earlier and later than BT20D80 blends fuel because of shorter 
and longer auto-ignition respectively. Soot distributions among the tested fuels were similar 
though the total mass increased with lowered butanol content. Worth mentioning that there was 
virtually no soot detected during the whole combustion process for BT100 fuel. 
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Figure F34 shows the soot distribution of four different blend fuels at 1200K ambient 
temperature. Different from 800K experimental case, the soot distribution of D100, BT20D80 
and BT50D50 fuel presents at the downstream of the liquid jet initially at 2ms, and then 
propagated toward cylinder wall. For n-butanol adding, the faster atomization and shorter liquid 
jet penetration length made soot formation region hard to reach near wall region, so the soot 
mainly distributed at the downstream of fuel jet. Compared to BT20D80 fuel, the apparent less 
soot within flame of BT50D50 fuels demonstrates the advantage of more oxygen within the fuel, 
which can take effect evenly within the flame. For B100 fuel, because there was still a weak 
premixed combustion at 1200 ambient temperature, auto-ignition and soot formation present at 
the near cylinder wall region firstly, and keep a ultra low soot formation duration. 

 
5. Conclusion 

In this study, pure European low sulfur diesel and its blends with soybean biodiesel and n-
butonal were experimentally investigated in a constant-volume combustion chamber. The in-
cylinder density was kept at 15 kg/m3 to simulate the real engine in-cylinder density. Tested 
ambient temperature varied from 700 K to 1200 K, and various in-cylinder oxygen concentration 
of 21 %, 18 % and 15 % were used to simulate the real engine operation conditions of no EGR, 
medium EGR and heavy EGR. The in-cylinder combustion pressure and heat release rate, liquid 
penetration length, natural flame emission and total soot mass results under different operation 
conditions were obtained to provide more insights in understanding the spray and combustion 
characteristics of diesel, biodiesel and n-butoanl. Base on the results shown above, the following 
important findings and conclusions are summarized:  

1) B0 combustion at 900 K and 1000 K showed the transition from premixed combustion to 
mixing controlled combustion; for B20, B50 and B100, the two-stage combustion started at 800 
K and switched to mixing controlled combustion at 1000 K. B20, B50 and B100 had shorter 
ignition delay than B0, and the ignition delay decreased with increasing biodiesel content in 
biodiesel diesel blends. The peak combustion pressure was higher for lower ambient temperature 
due to less heat transfer through the chamber wall and windows. Higher peak combustion 
pressure occurred at higher oxygen concentration under all ambient temperatures for B0 whereas 
higher peak combustion pressure was observed at 15 % oxygen concentration than at 18 % 
oxygen concentration at 800 K and 900 K ambient temperatures. Meanwhile for B100 the peak 
combustion pressure was higher at 15 % oxygen concentration than at 18 % oxygen 
concentration under all ambient temperatures.  

2) Longer ignition delay is observed for both B0 and B100 at lower oxygen concentration 
under each ambient temperature, which is more significant at lower ambient temperature. Peak 
heat release rate decreases with decreasing oxygen concentration for both B0 and B100 at all 
ambient temperatures except for B0 at 15 % oxygen concentration, 900 K ambient temperature 
and B100 at 15 % oxygen concentration, 900 K-1200 K ambient temperature. Higher heating 
value of B0 resulted in higher heat release rate for B0 than B100 at 21 % and 18 % oxygen 
concentration. However, at 15 % oxygen concentration the heat release rate of B100 becomes 
higher than B0 at all ambient temperatures. Although significant transit from premixed 
combustion to mixing controlled combustion can be observed for both fuels, the ambient 
temperature at which the transit process occurs maybe different. The ignition delay is shorter for 
B100 at 21 % and 18 % oxygen concentration, while at 15 % oxygen concentration, the ignition 
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delay is longer for B100 at low ambient temperature (800 K) and higher ambient temperatures 
(1100 K and 1200 K). With decreasing oxygen concentration, the ignition delay increased.  

3) The combustion pressure in the chamber decreased with ambient temperature and 
increasing n-butanol content because of high oxygen content and lower heating value of n-
butanol. BT100 fuel kept almost equivalent combustion pressure to BT50D50 fuel resulted from 
faster evaporation and stronger premixed combustion phase. The heat release rate demonstrates 
transition from premixed combustion at 800K to diffusion combustion dominant one at 1200K. 
At a lower ambient temperature, the auto-ignition delay became longer with increasing of n-
butanol in blends while such difference among the different n-butanol diesel blends became 
unperceivable at elevated ambient temperature. This means that a low n-butanol blend fuel has a 
small or no effect on the auto-ignition timing under medium or high load. 

4) The liquid penetration length increased with decreasing the oxygen concentration at all 
ambient temperatures for both B0 and B100 and decreased with increasing ambient temperature 
at all oxygen concentrations. However, the change of oxygen concentration had more effect on 
B100 penetration length. With the increase of ambient temperature and n-butanol content in 
blends, the liquid jet penetration length reduced. At relative high ambient temperature, the 
differences of liquid jet penetration length become less obvious for n-butanol blend fuels. It is 
observed that the liquid jet penetration length does not change too much before and after flame 
ignition. So the fuel evaporation process mostly gets the energy from hot ambient air and the 
influence from flame at the downstream is limited. So the fuel evaporation process mostly gets 
the energy from hot ambient air and the influence from flame at the downstream is limited.  

5) A sudden drop is observed in spray penetration with ternary blends of the BT10B10D80 
fuel at 800 K and 900 K. But this phenomenon cannot be observed at high ambient temperatures 
of 1000 K and 1200 K. This sudden reduction in penetration length might be related to micro-
explosion which required further experimental validation. 

6) The INFL increased with increasing ambient temperature for both fuels at all oxygen 
concentrations and decreased with decreasing oxygen concentration for diesel at 800 K to 1000 
K ambient temperatures while the INFL at 15 % oxygen concentration, 1200 K ambient 
temperature had a higher value compared to other oxygen concentrations at this ambient 
temperature. The INFL decreased with decreasing oxygen concentration for biodiesel at the 
ambient temperature from 800 K to 900 K, then increases with decreasing oxygen concentration 
at the ambient temperature of 1000 K and 1200 K. The flame appears later and ends earlier for 
B100 compared to B0 under same test condition despite the shorter ignition delay of B100 
indicating shorter flame duration of biodiesel and the delay between the start of combustion and 
the appearance of flame is longer for biodiesel.  

 7) As for the butanol diesel blends, the weak flame was observable only at the near wall 
region at early combustion phase for D100, BT20D80 and BT50D50 blend fuels. At the near 
wall area with less air entrained from ambient to reach here, there was more chance for soot to be 
generated. Therefore, the soot emission was observed mainly at the near wall region at early 
combustion phase. Following the flame propagating towards the nozzle, the soot distribution 
subsequently also moved towards upstream. For BT100 fuel, there is nearly no soot formation 
during the whole combustion phase. At 1200K, for D100, BT20D80 and BT50D50 blend fuels, 
the diffusion flame can be seen in the downstream of the liquid jet at the early combustion phase. 
As a result, the soot emission distribution was also concentrated at the downstream of the liquid 
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jet. Following the flame propagating towards the near wall region, the soot distribution is also 
moved in the same direction. For BT100 fuel, auto-ignition and soot formation showed up at the 
near cylinder wall region firstly, and still kept ultra low soot formation duration. The ternary 
blends presented very similar flame evolution behavior as compared with the n-butanol diesel 
blends.  

8) Soot luminosity increases with increasing ambient temperature and decreasing biodiesel 
content. The flame (i.e., soot luminosity) appeared later at a lower ambient temperature and 
ended at nearly the same time for all fuels. Shorter flame duration and a longer delay between the 
SOC and the appearance of flame are found for biodiesel fuels. The flame duration also 
increased with increasing ambient temperature for all fuels. At a lower ambient temperature, soot 
appeared later, however, the soot mass at different ambient temperatures was burned out at 
around the same time. Soot mass for B0, B20, B50, and B100 at 700 K reached nearly zero. The 
time from soot inception to final soot oxidation was shorter for biodiesel. The soot reduction 
using B20 and B50 is not obvious compared to B0 at a low temperature. But under the ordinary 
diesel engine operating condition at 1000 K, there is a soot reduction of up to 50 %. When using 
B100, soot can be reduced by 60 % and above compared to B0 at different ambient temperatures.  

9) The soot emission appeared earlier at lower oxygen concentration under the ambient 
temperature of 800 K, while it appeared later at lower oxygen concentration at 900 K to 1200 K 
ambient temperature for diesel. However, soot emission appeared earlier at lower oxygen 
concentration at the ambient temperature of 800 K and 900 K and then the soot emission showed 
up later with increasing oxygen concentration at 1000 K and 1200K for biodiesel. Total soot 
mass increased with increasing ambient temperature mainly due to shorter ignition delay at 
higher ambient temperature. The soot formation duration increased with decreasing oxygen 
concentration. Biodiesel had a shorter soot formation process than diesel at all studied 
conditions. Biodiesel combustion reduced soot emission dramatically compared to diesel 
combustion at all conditions. At 800 K ambient temperature, there is nearly zero soot emission 
for biodiesel combustion at 21 % oxygen concentration, and the soot emission for biodiesel at 
1200 K ambient temperature was comparable to the soot emission for diesel at 800 K low 
temperature combustion. The total soot emissions increased with increasing of ambient 
temperatures. This was because the weak premixed combustion under higher ambient 
temperature conditions with less ambient air entrainment results in the higher fuel richness.  

10) The n-butanol additive can reduce the soot emissions in the entire ambient temperatures. 
Compared to the lower ambient temperature, the n-butanol additive can reduce more soot 
emissions at higher ambient temperature. The combustion is a mixing controlled combustion 
process under higher ambient temperatures. A higher oxygen amount and a lower C/H ratio 
result in the weak soot generation and stronger soot oxidation capability at higher flame 
temperatures. 
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G. SUMMARY AND CONCLUSIONS 
 

Since the initiation of this project, the interest in biofuels has intensified and biodiesel has 
become a major focus as a substitute for petroleum-derived diesel fuel.  The work reported from 
this project, as reflected in the list of publications provided in the next section, has contributed 
some important outcomes to the knowledge base for biodiesel fuel.  As specified in the original 
proposal for the project, the investigation of LTC with biodiesel fuel was divided into four 
topics: biodiesel fuel property measurement and estimation, LTC engine multidimensional 
modeling, metal engine testing, and optical engine testing.  Key findings and conclusions are 
provided below. 

 

Biodiesel Properties 
Biodiesel can be produced from a broad range of vegetable oils and animal fats, each source 

having varying compositions of fatty acids.  These fatty acids have a major impact on the quality 
and combustion characteristics of the fuel as the physical and chemical properties are altered 
relative to the different percentages of saturated, mono-unsaturated and polyunsaturated fats.  
Measurements of viscosity, surface tension and density applied biodiesel produced from five 
common oils found globally: soybean, rapeseed, coconut, palm, and beef lard, showed varying 
increases in these variables that have a significant effect on the spray and atomization of the fuel.  
However, the effects of these increases with blends of 2% and 5% biodiesel with standard diesel 
fuel were found to be negligible.  These property measurements were used to develop predictive 
equations based on fatty acid composition that provided sufficient accuracy for use in 
combustion modeling.  Other properties such as thermal conductivity and adiabatic flame 
temperature were also investigated as they had an important impact on droplet evaporation and 
cetane number respectively.  Research into next generation biofuels such as butanol and algae-
derived biodiesel has shown potential to leverage the unique properties of these fuels in multi-
component blending strategies.  Future work will be directed in this area. 

 

Computational Modeling 
Modeling the processes and events occurring in the combustion chamber of the engine 

provides valuable insight into the mechanisms that influence the effectiveness of strategies used 
to enhance combustion of biofuels such as through modified injection regimes to achieve 
satisfactory LTC.  Also such modeling is a valuable precursor to running engines on fuels and 
verifying the impact of the strategies formulated to optimize combustion.  In this particular area 
of work, a number of topics were investigated.  These topics included modeling 
multidimensional modeling of LTC in two different engines, investigating the impact of using 
variable cone angle spray injection, modeling of multicomponent droplet evaporation and micro-
explosions involving biodiesel and blends, and also developing an improved soot model 
validated with experimental data from an engine. 

 

Multi-dimensional modeling 
A modified KIVA program was improved to include a fuel library for bio-fuels, a multi-

component vaporization model for fuel blends, and low temperature combustion and ignition 
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model for biodiesel fuels.  The effects of dual injections of biodiesel in a multi-cylinder direct 
injection engine were examined both experimentally and numerically.  The improved KIVA 
code accurately predicted the major combustion characteristics, including ignition delay, peak 
combustion pressure and peak heat release rate for both diesel and biodiesel.  KIVA also 
accurately predicted the trends of nitrogen oxide emission for both diesel and biodiesel   
Biodiesel produced higher NOx emissions as expected for all injection scenarios as well as at 
higher engine speed.  

 

LTC in Diata Engine 
The lift off length for a 20% biodiesel blend, and a 50% biodiesel blend, together with those 

of pure diesel and pure biodiesel at different temperatures were measured and predicted.  KIVA 
predicted the lift off length for the entire cases well.  Ambient temperature showed dominating 
influence on lift-off length for the fuels considered.  The lift-off length reduced with lower 
ambient temperature.  Biodiesel increased the lift-off length under all ambient temperatures 
considered in this study due to its higher density and viscosity.  Longer lift-off length reduced 
soot emissions since more air was entrained into the spray prior to ignition, thus avoiding rich 
combustion of the fuel.  Generally soot emission from biodiesel was significantly lower than 
diesel.  KIVA prediction of soot emission matched with experimental data well for all the fuel 
blends considered. 

 

Variable Cone Angle Injection 
Simulations were completed to study the operational characteristics of the HSDI optical 

engine with Variable Spray Angle Injection (VCAI).  Various schemes were considered, and 
simulations conducted with blends of biodiesel and diesel.  The VCAI injector extended the 
range of injection timings over conventional injectors by allowing very early injection.  
Combustion from the initial injection was always observed for all the fuel blends using VCAI.  
Initial combustion consisted of low temperature combustion and the breakdown of the fuel 
molecules into smaller radicals, generating a favorable environment for fuel evaporation and 
ignition for the main injection.  This was reflected as an improvement in fuel economy.  VCAI 
may lead to as much as 10% improvement in indicated thermal efficiency.  Biodiesel and its 
blends were shown to lengthen the ignition delay over diesel for initial injection.  The magnitude 
of the initial heat release for biodiesel and its blends tended to be lower than that of diesel.  
Therefore, main combustion occurred at a lower ambient temperature within the combustion 
chamber upon main injection.  Consequently, lower NOx emission was realized.  Soot emissions 
from biodiesel blends were also lower.  Diffusion combustion was observed in all the cases 
considered.  However, faster burning rate and shorter combustion duration were found to be 
proportionally varying with the amount of biodiesel in the blends. 

 

Continuous Thermodynamics Modeling 
Fuels generally comprise mixtures of chemically different liquid components, each of which 

may also exhibit different volatilities and miscibility.  However, in most simulations the fuel is 
usually represented by a single component or surrogate fuel that is selected to represent 
commercially available diesel fuel. In this study, a zero-dimensional model was developed that 
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accounted for preferential vaporization of a complex fmulti-component fuel mixture using 
continuous thermodynamics without the infinite diffusion assumption in the liquid phase.  The 
model consisted of a gas phase sub-model, which determined evaporation rates and heat flux, 
and a liquid phase sub-model with finite diffusion.  The model was validated with experimental 
data for the vaporization of JP-4 and n-decane fuel droplets.  These simulations showed close 
agreement with the experiments and the model both reduced the computational time and 
improved the accuracy significantly.  It was then used to analyze the vaporization behavior of 
isolated droplets of diesel fuel.  The model was able to capture the main distillation 
characteristics of commercial fuels.  The results also showed that the liquid phase model did 
affect the vaporization behavior of the droplets. 

 

Micro-Explosions of Biofuel Droplets and Sprays 
Fuel micro-explosions have been shown to enhance atomization and reduce both soot and 

NOx emissions. To confirm the micro-explosion phenomena in the fuel jet, a specially prepared 
water-containing emulsified fuel was tested in an optical chamber.  Broadband flame luminosity 
images with low injection pressure revealed glowing spots generated at the point of liftoff at the 
near downstream of the fuel jet, which was very likely caused by micro-explosions. Such 
glowing spots were observed neither in neat diesel combustion, nor with emulsified fuel 
combustion at high injection pressure, which indicated that lower injection pressure might favor 
micro-explosions in a fuel jet. A set of calculations were performed with butanol-biodiesel, and 
butanol-biodiesel-diesel droplets at different conditions. There existed an optimum ambient 
pressure of about 10 atm that favored micro-explosion under low pressure condition. At very 
high ambient pressure, micro-explosions were suppressed as the reduced boiling points among 
the species were about the same. A lower ambient temperature enhanced micro-explosion 
because of rapid evaporation at high ambient temperatures.  These results showed that micro-
explosion was possible under typical engine operation conditions. 

 

Blends of butanol-biodiesel-diesel were tested inside a constant volume chamber at various 
ambient temperatures to investigate liquid spray and combustion of the fuels using laser 
diagnostics. When the spray penetration of the butanol-biodiesel-diesel blends was compared to 
that of the biodiesel-diesel blends, under non-combusting environment, a sudden drop in 
continuous liquid jet penetration length was observed at 1100 K while the droplets penetrated 
faster for the butanol-biodiesel-diesel blends due to micro-explosion effects.   The tip of the 
spray jet erupted into a plume sometime after injection for the butanol-biodiesel-diesel blend.  
This phenomenon was not seen with the biodiesel-diesel blend at the same ambient temperature, 
neither at lower or much higher ambient temperature.   It was concluded that micro-explosion 
can occur under certain conditions for the butanol-biodiesel-diesel blend, and the results were 
consistent with a previous theoretical study. With the significant differences in volatilities and 
boiling points among butanol, biodiesel and diesel, micro-explosions can occur in a butanol-
biodiesel-diesel mixture. Micro-explosion leads to faster vaporization and better fuel/air mixing 
which in turn results in faster combustion. 
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Soot Modeling 
A multi-step phenomenological soot model was implemented into the KIVA-3V Release 2 

code to predict the soot formation and oxidation in a common-rail direct-injection diesel engine. 
The comparison between the simulation results and measurement data indicates that the multi-
step soot model is capable in predicting the engine out soot emissions with satisfactory accuracy. 
The model was applied to investigate the effects of injection timing on soot and soot-relevant 
species (acetylene and soot precursor) quantities.  The predicted results show that acetylene, soot 
precursor species and soot reduced significantly by deferring fuel injections.  This shows that 
late injection should be an effective strategy to restrain the soot emissions in exhaust gas. 

 

Metal Engine Experiments 
Steady state engine dynamometer experiments were performed in this work. Four different 

biodiesel-diesel blends were tested in a production compression ignition engine to determine 
optimized engine control module (ECM) settings for each fuel. Focus was placed on a 
combination of exhaust gas recirculation (EGR) ratio and start of injection (SOI) timing, as these 
parameters are easily modified and have significant effects on engine emissions. Tests were run 
at low to moderate engine load at different engine speeds. 

With the ECM’s default settings, higher blends of biodiesel tended to result in higher NOx 
emissions and lower soot emissions. Also, increasing the EGR ratio to account for the different 
stoichiometric air-fuel ratio of biodiesel was effective in bringing NOx emissions to similar or 
lower levels compared with those of petroleum diesel. At low load conditions, improved fuel 
economy could be achieved by advancing the start of injection relative to the ECM default 
timing.  By using an objective function, the optimal engine operation conditions under different 
engine speed, engine load, and fuel blends are concluded from the simulation results. Different 
EGR ratios and injection timings are tested to optimize the engine performance.  The tradeoff 
between NOx emission and fuel consumption is considered, the optimal injection timing was 
then concluded for various fuel compositions.  

Pure soybean biodiesel was run with high rates of EGR and modified injection schemes in 
order to achieve simultaneous reduction of NOx and soot emissions consistent with LTC. At low 
load conditions, increasing the EGR ratio to high levels was sufficient to achieve very low NOx 
and soot emissions. As engine load increased, high levels of EGR brought NOx emissions to 
very low levels, but soot emissions increased substantially. The amount of EGR was increased to 
the point of combustion deterioration without seeing a reduction in soot emissions. Thus, the 
engine’s default injection strategy needed to be modified in order to achieve LTC. Strategies that 
were found to be effective were a reduced amount of pre-injection, later main injection timing, 
and a combination of the two. With these strategies, LTC was achieved through a moderate 
range of engine load. The results showed that optimizing engine control through the above 
strategies led to a simultaneous reduction in soot and NOx. Modifications to the injection 
strategy were found to be beneficial at different engine speeds. 
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Optical Engine Experiments 
Laser Diagnostics of Biodiesel Combustion in the Optical Engine 

Small-bore High Speed Direct-Injection (HSDI) diesel engines are becoming attractive 
candidates for light duty vehicles due to their superior thermal efficiency and less greenhouse gas 
exhaust. However, exhaust emissions must be significantly reduced to meet the increasingly 
restrictive emission standards.  

In the current study, low temperature combustion mode was investigated. Low temperature 
combustion allows charge heterogeneity in the air-fuel mixtures with simultaneous reduction of 
soot and NOx emissions. Experimental investigations were carried out in an optically accessible 
diesel engine. The air-fuel mixing process, combustion, and late cycle soot were visualized 
through the application of advanced non-intrusive diagnostic techniques including Mie-
scattering, Laser Induced Exciplex Fluorescence, natural flame luminosity imaging, time-
resolved 2-D light extinction method, and so forth. The NOx emission was measured in the 
exhaust pipe. By controlling the in-cylinder air temperature at the start of main injection low 
temperature combustion was achieved with low soot and low NOx emissions under an operating 
load up to 7 bar IMEP. Vapor fuel distribution images showed better mixing process for low 
temperature combustion, and smokeless flame was observed in the combustion images. Late 
cycle soot images further confirmed the low sooting feature. The emission reduction of the low 
temperature combustion mode is achieved by having less soot formation during the early 
combustion stage and less diffusion flame region for NOx reduction. 

 Low temperature combustion with the narrow angle direct injection technique was also 
studied. Spray images showed strong fuel piston impingement when using a narrow angle 
injector. It was observed that fuel impingement before ignition benefited the air fuel mixing 
process, leading to an HCCI-like combustion flame structure. Compared with the conventional 
wide injection angle, combustion flame with ultra-low flame luminosity and homogeneous 
structure was observed under moderate load conditions for the narrow angle direct injection 
technique. Comparison of early pre-TDC injection strategy and the late post-TDC injection 
strategy indicated that the late post-TDC injection strategy resulted in more preferable 
performance in terms of soot, NOx, and fuel efficiency. 

Experiments with renewable bio-diesel fuel were conducted, too. Less luminous flame was 
observed for bio-diesel fuel showing a lower soot formation rate. The flame luminosity 
decreased faster for bio-diesel fuel indicating a higher soot oxidation rate. The increased NOx 
emissions of bio-diesel fuel were greatly reduced by employing the low temperature combustion 
mode. Results showed that low temperature combustion with bio-diesel simultaneously reduced 
soot and NOx emissions. 

 

Laser Diagnostics of Biodiesel Combustion in Constant Volume Chamber 
The combustion characteristics and soot distributions of neat butanol and neat soybean 

biodiesel were explored in an optical constant volume combustion chamber using natural flame 
luminosity and forward illumination light extinction methods under various ambient 
temperatures (800 K and 1000 K) and oxygen concentrations (21%, 16%, 10.5%). Results 
demonstrated that butanol had a higher normalized peak pressure compared with the biodiesel. 
Soybean biodiesel auto-ignited earlier than butanol at 21% and 16% oxygen, while a reverse 
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trend was found at 10.5% oxygen. The oxygen concentration had little effect on the auto-ignition 
timing for butanol when it was between 16% and 10.5% at 800 K 1000 K. The natural flame 
luminosity reduced with lowered oxygen concentration and the flame distribution was notably 
increased at 10.5% oxygen. At 800 K ambient temperature, there was no soot formation detected 
for butanol, while the net soot release for soybean biodiesel was reduced with the decrease of 
oxygen concentration. At 1000 K ambient temperature, the net soot release was increased for 
both butanol and soybean biodiesel with the decrease of oxygen concentration. Compared with 
butanol, soybean biodiesel had a higher value of Normalized Time Integrated Soot Mass 
(NTISM) under all conditions. The value of NTISM increased about 16 times from 800 K to 
1000 K for the soybean biodiesel at 10.5% oxygen, indicating that low oxygen concentration will 
deteriorate combustion and increase the difficulty of soot emissions control for the soybean 
biodiesel under a higher ambient temperature. 

The spray and combustion characteristics of water emulsified fuel with different blending 
ratio were experimentally investigated in a constant volume combustion chamber with different 
injection pressures and under various ambient temperatures. The bubbles' size of the water phase 
has been measured using microscope and stability tests have been conducted for all the prepared 
emulsions. All emulsified fuels tested were stable within a range of two weeks. The fuel was 
later injected and combusted in the constant volume chamber. Compared with some of the 
previous studies, both the ambient temperature and injection pressure has been widened to a 
larger range to see if the trends are still hold for the emulsified fuels in light of the spray 
penetration, cone angle, natural luminosity, ignition delay and soot lift-off length. It is shown 
that both W10 (10% water by volume) and W20 were featured with longer liquid penetration, 
especially under low ambient temperatures, which can be attributed by the low volatility of the 
water. Notable increased cone angles were observed for emulsified fuel at the beginning stage of 
injection indicating the occurrence of micro-explosion. Low ambient temperature and low 
injection pressure provided the lowest soot luminosity as explained by the longer fuel air mixing 
time, though the ignition delay of such condition could be extremely long. Moreover, natural 
flame images obtained from a slight modification on the experimental setup, together with the 
spray images, have indicated a more convincing visual proof of the micro-explosion in the spray 
flame which can be used as a verification criterion in the future studies.  
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