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ABSTRACT 

Condensate flow rate is an important factor in 
designing dehumidifiers or evaporators. In this paper, 
the latentj hctor is used to analyze the dehumidification 
performance of two plate-fin tube heat exchangers. This 
latent j factor, analogous to the total j factor, is a 
fknction of the mass transfer coefficient, the volumetric 
air flow rate, and the Schmidt number. This latent j 
factor did predict condensate flow rate more directly and 
accurately than any other sensiblej factor method. The 
latentj factor has been used in the present study because 
the sensible j factor correlations presented in the 
literature failed to predict the condensate flow rate at 
high Reynolds numbers. Results show that the latent j 
hctor can be simply correlated as a hnction of the 
Reynolds number based on the tube outside diameter and 
number of rows of the heat exchanger. 
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INTRODUCTION 

Many studies of dehumidification in evaporators 
correlate the totalj factor (McQuiston 1981) or sensible 
j factor (McQuiston 1981) with the air flow and heat 
exchanger characteristics. The accuracy of predicting 
condensate flow rate varies. Rich (1973) studied the 
effect of fin spacing on the heat transfer of multi-row, 
smooth-plate fin-and-tube heat exchangers and found 
that the heat transfer coefficient is independent ofthe fin 
spacing within the range fiom 3 to 21 tins per inch (8 
mm to 1 mm fin spacing) at a given air mass flux. Later 
on Rich (1975) studied the effect of the number of rows 
on heat transfer performance and pointed out that the 

average heat transfer coefficient for a deep coil may be 
higher or lower than that for a shallow coil, depending 
upon the Reynolds number. 

McQuiston (1975) developed a solution for 
efficiency of a fin of uniform cross section and concluded 
that mass transfer decreases fin efficiency, especially for 
very moist air with a low evaporator temperature. Saboya 
and Sparrow (1976), in their study of heat transfer 
characteristics of twerow plate fin and tube heat 
exchanger configurations, found that a boundary layer 
on the forward part of the fin and a vortex system that 
develops in fiont of the tubes provide high mass transfer 
rates. Subsequently, McQuiston (1978a, 1978b, and 
1981) performed a series of experiments to study the 
heat and mass transfer ofplate-fin-tube heat exchangers. 
Both the total j factor and the sensible j factor were 
correlated with a parameter that combined tube 
diameter, tube transverse distance, and fin spacing. He 
also developed a correction factor for n-row heat 
exchangers based on thej factors for four-row plate-fin- 
tube heat exchangers. Webb et al. (1985) developed a 
theoretical model to predict the condensation coefficient 
on horizontal integral-fin tubes designed for surface- 
tension-induced drainage fiom the fin. Eckels and Rabas 
(1987) correlated the wet and dry sensible heat transfer 
coefficients with the transverse velocity of condensing 
water vapor and found that the transverse velocity has a 
significant effect on heat, mass, and momentum transfer 
augmentation in typical air-cooling operations. Both wet 
and dry sensible heat transfer coefficients are linearly 
increased with the standard face velocity. Coney et al. 
(1989) did a numerical investigation on fm performance 
with condensation fiom humid air and presented their 
results of average condensate heat transfer coefficients 
and overall air heat transfer coefficients in terms of bulk 
air velocity. 
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A correlation of the enthalpy Colburn j factor has 
been developed by Jacobi and Goldschmidt (1990). Their 
correlation characterizes the heat and mass transfer 
performance ofthe integral high-finned tube, evaporator, 



or dehumidifying heat exchanger at low Reynolds 
numbers. They concluded that although the sensiblej 
factor is deleteriously affected by condensate retention at 
low Reynolds numbers, the overall heat transfer rates are 
much higher when condensation occurs. Mirth and 
Ramadhyani (1994) showed that wet-surfice heat 
transfer coefficients scatter around the dry surface 
correlation; the trends were inconclusive with respect to 
whether or not the wetted surface causes heat transfer 
enhancement or degradation. 

Wu and Bong (1994) derived an analytical solution 
for calculating overall fin efficiency for a partially wet 
fin, and suggested that the overall fin efficiency must be 
determined separately for the dry region and the wet 
region. Nevertheless, the effects of face velocity, and of 
when and where the maximum condensate flow rate 
occurs had not been discussed in their work. This work 
presents the effect of moderate heat exchanger face 

the condensate flow rate is related to air flow and heat , 
exchanger characteristics. 

velocity on the condensate flow rate, and examines how 
. I  

EXPERIMENTAL SETUP 

The experimental setup consisted of a closed-loop 
wind tunnel that circulated temperature- and humidity- 
controlled air through the test section at various blower 
speeds. The test section was located downstream of the 
heating element, and steam was introduced so that the 
experimental apparatus included a means of controlling 
the air-side heat exchanger inlet temperature and 
relative humidity. For all tests presented here, the heat 
exchanger inlet temperature was set to 80°F and the inlet 
relative humidity was set to 52%. Cooled water inlet 
temperature was set to 10.0"C (50.0OF) for all the tests 
and circulated to the tube side of the heat exchanger, its 
enthalpy change was determined by measured inlet and 
outlet water temperatures using RTDs with kO.3"C of 
accuracy. Air-side enthalpy change was determined fiom 
dry-bulb and relative humidity measurements by using 
Bulk Polymer Relative Humidity sensor with *2% 
nominal accuracy in the data acquisition system. Water 
mass flow rate was measured by mass flow meter with 
accuracy of 0.5% of rate. Air volumetric flow rate 
measurement was within 2 to 3 % using a calibrated 
micro manometer. 

Film condensation was observed on the surface of 
tubes and fins. Condensate from the air side of the heat 
exchanger was collected (precision on the weight scale 
is *S g) and compared to the mass flow calculated from 
a thermodynamic model (Jones and Hawkins 1986) with 
a humidity ratio gradient across the heat exchanger. The 

onset of condensate carryover to the condensate collector 
was determined by visual observation through the 
windows around the test section. The onset of carryover 
occurred when the heat exchanger fice velocity exceeded 
4.0 m/s ,  thus no condensate data are reported after the 
onset of carryover. 

THEORY 

Many methods, including those of Rich (1979, 
McQuiston (1978a), ASHRAE Handbook-Fundamentai 
(F21, 1992),ARIStandard410-91,and Wang(1997)of 
predicting dehumidification have been developed and are 
in use. The method developed here correlates condensate 
flow rate through a new parameter defined as the latent 
j factor. The data reduction procedures, however, are 
based on the hdamental heat and mass transfer 
theories, and can be described as follows. 

The overall sensible heat transfer coefficient is 
defined by 

where, 

and, 4, is the latent heat transfer rate, which can be 
calculated as follows (note that subcooling of the 
condensate is neglected.) 

here, A, is the air-side heat transfer area, m, is the 
measured condensate flow rate, and & is the latent heat 
of water vapor at average tube wall temperature. The log 
mean temperature difference AT, can be computed as 
always: 

AT, = 
(4) 

The total heat exchanger surfice effectiveness, q, can be 

, 



calculated fiom the following thermal resistance balance 
equation. 

where, 

where, R- Rluk and R, are the thermal resistance of air- 
side wet fin-and-tube surfsce, tube, and water-side, 
respectively, can be computed as 

Here, the tube outside surface temperatures, c, and K ,  
are calculated by using the following heat transfer 
equation, and, os, and % are the air saturated humidity 
ratio at c, and Kh respectively. Notice that the 
subscripts 1 and 2 are the states at heat exchanger inlet 
and outlet, respectively. 

where, 

R i = - .  1 
hPI 

This plate-fin-tube heat exchanger surface effectiveness 
also can be calculated analytically as follows. 

q = 1 - 5(1-$), 
A0 The latentj factor can be defined as 

hnl j ,  = -scU3 , 
Gc 

where, 4, fin efficiency can be calculated as 

here,fh is the equivalent fin height (Wang et al. 1997)' 
and M is defined as 

Where, Sc is the Schmidt number for water vapor in air, 
approximately 0.60 (Holman 1986). h,, the mass 
transfer coefficient, can be computed as 

and C is a constant (McQuiston 1978) which is 
calculated as 

(9) 
c, -+ c2 c =  

2 ,  



where, 

Since the calculation of latent j factor is based on the 
surface temperatures and humidity ratios at the heat 
exchanger inlet and outlet, the water-side heat transfer 
coefficient and the surface effectiveness for determining 
the surface temperatures (ifnot available experimentally) 
must be calculated iteratively by using Equations (12) 
and (13). The heat exchanger surface effectiveness, 
which could be calculated by either energy balance 
equations or the analytical solution has to be matched. 

DATA REDUCTION 

Two heat exchangers were tested in the laboratory. 
One has four rows of tubes and 15 fins per inch (590 fins 
per meter); the other has five rows of tubes and 10 fins 
per inch (395 fins per meter.) The arrangement of the 
tubes and fins for the four-row heat exchanger is shown 
in Figure 1. As Table 1 indicates, the physical 
characteristics of these two heat exchangers are the same 
in most aspects, except in number of rows, fin pitch, 
fiontal area, and other values calculated fiom these 
parameters. 

Table 1. Characteristics of tested heat exchangers 

Parameter 

Heat ercbrngcr 

15 fpi 10 fpi 
CROW S-ROw 

Tubeoutside diameter, Do(m)  0.00819 
Streamwise tube distance, x, (m) 0.01588 
Transverse tube distance, x, (m) 0.02540 
Fin thickness.f; (m) 0.000 13 
Fin spacingf, (m) 0.00169 
Equivalent fin height,/, (m) 0.00940 
Hx frontal area, A ,  (m’) 0.16645 
Free flow area, A ,  (m’) 0.1003 1 
Ratio of free to firontal area 0.60262 
Tube surhce area, A ,  (m’) 0.671 12 
Fin surface area, A ,  (m’) 10.8655 
Total effective area, & (m’) I 1 S366 
Hydraulic diameter, D, (m) 0.00221 

0.00819 
0.01588 
0.02540 
0.00013 
0.00169 
0.00940 
0.20806 
0. I3056 
0.62750 
1.07485 
1 1.3296 
12.4044 
0.00334 

The standard heat exchanger face velocity is 
determined by the measured flow velocity fim the Pitot- 
tube flow meter and the ratio of the cross-sectional area 
where the Pitot-tube flow meter is located to the heat 

exchanger fiontal area. The face velocities were in the 
range fiom 0.68 to 5.56 d s  (134 to 1094 Wmin) in our 
heat exchanger tests, and will be used in calculating the 
air mass flux, G, as shown in Equation (15). The 
humidity ratios for calculating the log mean humidity 
ratio difference are determined for the air side by the 
measured dry-bulb temperatures at the inlet and the 
outlet of the heat exchanger, and the corresponding 
relative humidity under atmospheric conditions. The 
humidity ratios are determined by the saturated water 
vapor at the inlet and outlet tube wall (outside surface) 
temperatures. 

The measured heat transfer coefficient and pressure 
drop for two subject heat exchangers are presented in 
Figures 2 and 3. It is clear that dehumidification affects 
both pressure and heat transfer coefficient. One method 
of calculating the dehumidification effect is presented 
here. 

An iterative procedure is required to find the value 
of q, the procedure can be described as follows: 

1. Calculate U, the total sensible heat transfer 
coefficient by using equations (l), (2), (3) and (4) 
with a guessed initial value of surface effectiveness, 
?A 
Calculate 17 by using equations (5), (5a), (5b) and 
(5c) with a guessed value of water-side heat 
transfer coefficient, hi ,  and using hd and h, (could 
be derived as h, = hd[O. 626U+0.’07, U,, in Fpm 
in this correlation) fim Figures 2 and 3. 

2. 

Figure 1. Schematic of plate-fin-tube heat 
exchangers test section. 



Figure 2. Measured air-side heat transfer 
coefficient and pressure drop of a h o w ,  15-fpi 
plate-fin-tube heat exchanger. 

Figure 3. Air-side heat transfer coefficient and 
pressure drop of a 5-row, IO-fpi plate-fin-tube heat 
exchanger. 

3. 

4. 
5.  

Calculate C using Equations (9), (IO), (II), (12) 
and (1 3). 
Calculate q using Equations (6), (7) and (8). 
Repeat procedures 1 to 4 with adjusted h,, until the 
surface effectiveness calculated firom procedure 2 
and procedure 4 are in reasonable agreement. 

RESULTS AND DISCUSSION 

The condensate flow rates of the two tested heat 
exchangers are presented in Figures 4 and 5. The 
condensate flow rate increases with an increase of heat 
exchanger face velocity, then starts decreasing afier 
reaching a maximum rate at about 2.0 m/s (399 Wmin) 
face velocity for both heat exchangers. The data show 

that at the maximum condensation rate,the five-row, 10- 
fin-per-inch heat exchanger has slightly better 
dehumidification than the four-row, 15-fin-per-inch heat 
exchanger, mainly because the five-row heat exchanger 
has approximately 8% more heat transfer area than the 
four-row as shown in Table 1. The investigation of this 
condensate flow rate trend is the major objective of this 
study. 
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Figure 4. Comparison of condensate flow rate and 
C2 between two tested plate-fin-tube heat 
exchangers. 
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Figure 5. Comparison of condensate flow rate and 
surface wet percentage between two tested plate-fin- 
tube heat exchangers. 
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As described earlier, the heat exchanger surface 
effectiveness can be calculated by either the energy 
balance Equations fiom (1) to (5c), or the analytical 
solution fiom Equations (6) to ( 13). . 

For a given fin thickness, fin pitch, and tin 
material, the calculated heat exchanger surface 
effectiveness ranges fiom 0.8 to 0.65, decreases with the 
increase of face velocity due to the dry-out of the front 
row coils, which increases the sensible heat transfer 
coefficient on the overall heat transfer surfice as shown 
in Figure 6. It is interesting to compare the heat 
exchanger surface effectiveness between the values that 
are calculated fiom geometry based on the ARI 
S t a h d  410-91, and the values that are calculated 
based on heat transfer measurements in the present 
study involving the constant C. Figure 6 shows that the 
heat exchanger surface effectiveness calculated by using 
Figure 10 of ARI Standard 410-91 are slightly higher 
than the present calculations. The difference varies fiom 
2 to 7%, and increases with increasing of face velocity. 

The constant C in Equation (8) as proposed by 
McQuiston (1978a) is the average of the slopes of the 
humidity ratio - temperature line at the heat exchanger 
inlet, C,, and at the outlet, C,. Notice that the trend of 
these C, values are similar to the measured condensate 
flow rate, reached its maximum around 2.0 m / s  of face 
velocity as shown early in Figure 4. This similarity 
shows that C has a direct influence on the condensate 
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flow rate. Note also that C, in all the tested cases is 
negative, which again shows that the dry-out did occur 
in the fi-ont row@) of the dehumidifying coils. 

The partition of the partially dry dehumidiwg coil 
has also been calculated in the present study by using the 
procedures presented in the ASHRAE Handbook- 
Fundamentals (F21, 1992). The percent of the wetted 
surface ranges fiom 80 to 70% as hce velocity increases 
fiom 1.0 to 5.0 m/s for all tested cases as shown in 
Figure 5. Figure 7 shows the temperature profiles on 
air-side, tube surfkce and water-side of a typical test at 
1.377 m/s of face velocity. The tube surface temperature 
at the dry and wet boundary is the dew point of the 
incoming air, and the location of this dry and wet 
boundary is calculated based on the heat exchanger 
characteristics presented in ASHRAE Handbook- 
Fundamentals (F2 1,1992). 

A parameter defined as the latent j factor, j,,,, was 
calculated based on equations (14), (19, (16) and (17) 
and used in the present study to have a better 
representation ofthe dry-out phenomena. Figure 8 shows 
thesej, factors in terms of Reynolds number based on 
the tube outside diameter, for both 4- and 5-row heat 
exchangers. The sharp drop of the curves at high ReD, 
clearly indicates the occurrence of the dry-out of the 
dehumidifLing coils. 
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Figure 6. Comparison of heat exchanger surface 
effectiveness between present calculations and ARI 
Standard 4 10-9 1. 

Figure 7. Temperature profiles of a typical partially 
dry dehumidifying coil. 
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Figure 8. Latent j factor as the function of 
Reynolds number based on tube outside diameter of 
two tested heat exchangers. 

In a search for correlations to predict the . c, 

condensate flow rates that were measured in our , 
experiment we reviewed several works in the literature. 
Among them, that presented by McQuiston (1978a) 
drew our attention. Drawing on this work, we first 
reduced the experimental data to the form of sensible 
Colburnj factors. We found that the sensiblej factors 
calculated on the basis of McQuiston (1978a) 
correlations cannot quite represent our experimental 
data. The condensate rate predicted by the McQuiston 
(1975) correlations is noticeably high, average about 
35% higher than the experimental measurements 
throughout our test range. On the other hand, the 
condensate flow rate predicted by Wang et ai. (1997) 
correlations agrees well with 4-row experimental data, 
and, about 12 to 25% higher in predicting the 
condensate flow rate for h o w  plate-fin-tube heat 
exchangers, as shown in Figure 9. 

Since it appeared that latent j factors could 
represent the experimental data well, our effort then 
turned to a search for suitable air flow quantity or heat 
exchanger characteristics, or a combination ofthese two 
groups, that could be better fitted into the correlations. 
A least square fit ofthese data results in a correlation of 
latent j factor for an N-row heat exchanger can be 
written as follows in terms of Re,: 

(37590-12.87ReD0+ 0.0012Re2) , (18) 

where. 

and 

Here, E is the area ratio of total heat transfer area to the 
tube outside surface area, N is the number of rows, and 
ReL, is the Reynolds number based on the tube outside 
diameter, 0,. 

The latent j factor for an N-row plate-fin-tube heat 
exchanger, jmhr developed in the present study written as 
Equation (1 8) predicts the condensate flow rate of an N- 
row plate-fin-tube dehumidifying coil. Equation (18) is 
valid for either partially or fully wet coil conditions, and 
accurate when Re, is within the range fim 500 to 
4000. 
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Figure 9. Comparison of condensate flow rate 
between experimental values and correlations. 

CONCLUSIONS 

A precise prediction of condensate flow rate will 
contribute to a good evaporator or dehumidifier design. 
In the experiment described here, the latentj factor was 



-used successfully to analyze the dehumidification 
performance of two plate-fin and tube heat exchangers 
tested in the laboratory. This fbtm is different fiom the 
traditional sensiblej factor method and can prkdict the 
condensate flow rate more directly and accurately than 
other methods, especially when coils have high 
Reynolds number flows and are partially dry. 

The latentj hctor can be correlated with Reynolds 
number based on tube outside diameter Do. With the 
best fit of the parameter, the latent j factor did 
adequately predict the experimental condensate flow 
rate trend for four and five row plate-fin-tube 
dehumidifying coils of this work. 

RECOMMENDATIONS 

The present study provided an analysis tool for 
better understanding of dehumidifying coils under 
partially dry conditions. However, it is known that 
constant C in calculating the surface effectiveness is 
very sensitive to the change of heat exchanger inlet 
conditions. In addition, the heat transfer coefficient on 
the water-side also plays an important role in the 
surfixe effectiveness calculations. Therefore, more data, 
especially coils with refrigerants or any other mixtures 
are needed to hrther veri@ the present correlation in 
prdicting the condensate flow rate of dehumidifying 
coils. 
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NOMENCLATURE 

: Total heat transfer area (m? 
: Fin area (mz) 
: Minimum fie flow area (mz) 
: Heat exchanger fiontal area (mz) 
: Tube inside surfice area (m3 
: Tube outside surface area (m3 
: Specific heat of air (kJ/kg/K) 
: Tube inside diameter (m) 
: Hydraulic diameter (m) 
: Tube outside diameter (m) 
: Equivalent tin height (m) 
: Fin thickness (m) 

: Mass flux based on h e  flow area (kg/m2/s) 
: Air-side dry heat transfer coefficient 
(w/mz/K) 
: Air-side wet heat transfer coefficient 
(w/m2/K) 
: Water-side convective heat transfer 
coefficient (W/m2/K) 
: Mass (latent) transfer coefficient defined in 
Equation ( 16) (lcg/m*/s) 
: Latent heat of water vapor at average wall 

: Colbum j factor defined as ~~JGJCPJP?~ 
: Latent j factor defined in Equation (14) 
: Thermal conductivity of fin (W/m/K) 
: Thermal conductivity of tube (W/m/K) 
: Quantity defined in Equation (8) 
: Lewis number defined as hJfi,,, . Cpb 
: Air mass flow rate (kg/hr) 
: water mass flow rate (lcghr) 
: Condensate flow rate (kghr) 
: Total number of tubes 
I Prandtl number 
: Latent heat transfer rate OK) 
: Sensible heat transfer rate (W) 
: Total water-side heat transfer rate (W) 
: Air-side dry thermal resistance (K.m2/W) 
: Air-side wet thermal resistance (K.m2/W) 
: Reynolds number defined in Equation (20) 
: Water-side thermal resistance (K.m2/W) 
: Tube thermal resistance (K.m’/W) 
: Sdunidt number defined as Sc=(@p)/D, 
: Temperature of air at heat exchanger inlet 
(“c) 
: Temperature of air at heat exchanger outlet 
(“C) 
: Tube wall temperature at heat exchanger 
inlet defined in Equation (1 1) 
: Tube wall temperature at heat exchanger 
outlet dkfined in Equation (1 1) 
: Tube wall temperature on the air-side at 
heat exchanger inlet (“C) 
: Tube wall temperature on the air-side at 
heat exchanger outlet (“C) , 
: Tube wall temperature on the water-side at 
heat exchanger inlet (“C) 
: Tube wall temperature on the water-side at 
heat exchanger outlet (T) 
: Measured water ourlet temperature (“C) 
: Measured water inlet temperature (“C) 
: Overall heat transfer coefficient (W/m’/K) 
: Heat exchanger face velocity ( d s )  
: Tube longitudinal distance (m) 
: Tube transverse distance of 4-row heat 
exchanger (m) 

temperature W k )  



: Density of air at heat exchanger inlet 
temperature o<g/m3 
: Dynamic viscosity of air at heat exchanger 
inlet (kg/m/s) 
: Heat exchanger surface effectiveness 
defined in Equations (5a) and (6) 
: Humidity ratio of air at T,, (kg waterkg air) 
: Humidity ratio of air at T, (kg waterkg air) 
: Humidity ratio of saturated water vapor at 

: Humidity ratio of saturated water vapor at 
Td (kg waterkg air) 
: Log mean temperature difference (“C) 
: Log mean humidity ratio difference (kg 
waterkg air) 

r,, (kg waterkg air) 
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