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ABSTRACT

Because manufactures of household refrigerators are facing two important problems, the
replacement of refrigerant R12 and the need to improve efficiency, there is a need to develop
a model of the r.frigerator which greatly reduces the computer time required to evaluate the
refrigeration cycle. This paper describes a refrigerator model where ali equations are reduced
to algebraic form. The model has the following features: 1. each component of the
refrigerator is modelled separately, 2. all differential equations are reduced to algebraic
equations, and 3. the transport properties of new refrigerants are not needed. The model can
be used to: 1. evaluate new refrigerants as drop-in refrigerants, 2. study different
refrigeration cycles and 3. optimize the refrigerator for each new refrigerant. This paper
describes the development of the model and, where possible, the results of the model are
compared to experimental data.
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1. INTRODUCTION

Manufacturers of household refrigerators are facing two major problems. The first is
the need to replace R12, as outlined in the Montreal Protocol/1/, with a refrigerant that has
the following properties: low or no ozone depletion capability, low or no toxicity,
nonflammable and oil compatibility. At the same time they must increase the efficiency of
their equipment.

To accomplish these two major tasks, manufacturers will be forced to investigate a large
number of new refrigerants, new refrigerator cycles and changes to existing systems that take
advantage of the new refrigerant properties (optimization of a system for a given refrigerant).

There are many existing computer programs that will perform a thermodynamic analysis
of these systems. Most are based on fast principles models and result in a set of nonlinear,
coupled partial differential equations. If a large number of evaluations are required, the
necessary computer time becomes exorbitant, even on the large computers. The computer
time could be greatly reduced if all equations were reduced to algebraic form. This paper
outlines the development of such a model.

2. COMPRESSOR MODEL

In ali positive displacement compressors, the refrigerant vapor undergoes essentially
three different physical processes: heat transfer, expansion through valves and constrictions
and compression. These basic processes are depicted in fig. 1.
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Figure 1 - Schematic of basic processes in a compressor

For the sake of example, a low-side compressor will be considered in this discussion,
however, the same model can be applied to a high-side compressor. The inlet gas circulates
within the compressor shell where heat transfer occurs between the gas and the internal
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' components of the compressor. The gas then passes through a suction valve to the
compression chamber and is expelled through a discharge valve. A final heat transfer occurs
between the vapor in the discharge line and the shell gas. Ali pressure losses are assumed to
be adiabatic and heat transfer processes are treated as isobaric.

The use of binary zeotrope refrigerant mixtures should not pose any problems for the
compressor model since it is assumed that the refrigerant remains in the vapor phase inside
the compressor. Suitable thermodynamic prope,_y subroutines, such as, those developed by
Morrison and McLinden /2/ may be used for binary refrigerants.

2.1 Inlet Heat Transfer

Ali of the heat energy that develops inside the compressor is due to an incomplete
conversion of electrical power into useful mechanical power delivered during compression.
This relation is expressed by the following equation,

rhai_ (1)
Tic'- VVre

where,/nAi c is the power delivered to the refrigerant in the compression process, 1,_'e is the

electrical power input and ric is the compression efficiency. It is assumed that the electric
motor is the primary source for heat transfer to the shell gas. To facilitate the analysis, a
simple internal geometry has been chosen. The heat transfer process within the compressor
shell is modelled as flow through a concentric tube annulus with the motor located at the
inner surface of the annulus and the compressor shell at the outer surface. The control
volume for this analysis is shown in fig. 2.
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Figure 2 - Control volume for inlet heat wansfer analysis

It is assumed that the flow of refrigerant gas through the annulus is steady and
incompressible and that the refrigerant temperature is a function of only the axial dimension,
x. Radiation heat transfer is neglected. Assuming a uniform heat flux from the compressor
motor, the differential heat wansfer rate from the motor is given by,

ddlmo,: (l- rlc)We dx (2)L

where, L is the length of the motor.
If the shell is assumed to be isothermal, the convective differential heat transfer rate to

the ambient is given by,

dqamb = 2_RU AT dx (3)



where, U is the overall heat transfer coefficient, R is the radius of the compressor shell and
AT is the temperature difference between the refrigerant and the ambient. The overall heat
transfer coefficient is defined by the following equanon,

-1 Abot(tfi,bot+ -1 Asicte(hi,siae+ -1(UAchr)-l= at--ol(tfi,--t_+ ho,top)+ -1 -1 ho,bo,)+ -1 -1 ho,siae) (4)

where, Achr is a characteristic heat transfer area of the compressor shell taken to be the area
of the side wall of the compressor can. The subscripts i and o refer to the inside and outside
surface areas and the subscripts top, bor and side refer to the top, bottom and side of a
cylindrical compressor can.

An energy balance of the differential control volume yields the following equation,

_( /n Cp)r dTr + l - rl_...____cIiCedx - 2 rcR U AT dx = O (5)L

where, Cpis the specific heat at constant pressure and the subscript r refers to the refrigerant.
The above expression can be integrated over the length of the motor and rearranged to give
the following algebraic expression,

(thCp )r(T2 - T1) = (/n Cp)r (T1- Tamb)(e-CL- l) + (/nCp )r [(l - rlc ) IVe- (l - rlc ) I_Zee-_ ] (6)UA_h_

where, TI,T 2 and Tam_ are the inlet, exit and ambient temperatures, respectively. Eq. (6)
may be solved for the refrigerant temperature rise• The heat transfer index is given by,

2nRUL_ UAchr

(mc,)r -(mc,)r
The term on the left-hand side in eq. (6) is the rate of change of energy in the refrigerant

gas. The first term on the right-hand side represents the energy transfer rate between the
ambient air and the refrigerant gas. As the heat transfer index increases, there will be a
greater heat transfer rate between the ambient air and the refrigerant since the resistance to
heat flow at the shell surface is reduced. The second term on the right-hand side represents
the total power from the motor that will be retained in the refrigerant gas. The first term in
brackets is the total power transferred from the motor to the gas and the second term
represents a fraction of the transferred power that is lost to the ambient.

2.2 Discharge Heat Transfer

It has been assumed that the discharge line may be treated as a heat exchanger
characterized bv an effectiveness• It was determined from Meyer's /2/ experimental data that
an average effectiveness of 0.5 provided a good agreement. Therefore, the outlet
temperature of the refrigerant gas from the discharge line is given by,

ro=r,- e(r,- r=) 8
where, TOis the outlet temperature from the line, Ti is the inlet temperature to the line and T2
is the temperature of the gas in the shell calculated from eq. (6).

2.3 Compression Process

It has been shown that the compression may be treated as a polytropic process defined
by the following equation/3/,
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n-1

-_'f - \'_-s ) (9)

where, n is the polytropic index and the subscripts s and d refer to suction and discharge
conditions, respectively. The mass flow rate through the compressor is given by/4/,

rh= Ps Vtotcofly (10)

where, Vto t is the total compression volume, co is the compression frequency, Ps is the
suction gas density and ii,, is the volumetric efficiency.

2.4 Suction and Discharge Valves

The re_gerant will experience a pressure drop as it flows through the valves. An
experimental investigation on the flow in solenoid valves showed that they may be modelled
as flat plate orifices/5/. If it is assumed that this model is valid and that the flow is
incompressible, the mass flow rate through a valve is given by,

rh = C A, .,_2pu Ap (11)

where, C is a discharge coefficient, A t is the valve flow area, Pu is the upstream refrigerant
density and Ag, is the pressure loss.

2.5 Compressor Model Results

To verify the compressor model, a comparison was made against experimental data
obtained by Meyer/6/. This comparison is summarized in figs. 3 and 4. Fig. 3 depicts the
overall temperature rise of the refrigerant vapor from the inlet of the compressor can to the
suction plenum as a function of inlet temperature.
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Figures 3 and 4- Temperature rise from compressor can inlet to suction plenum (left) and
Mass flow rate as a function of inlet temperature (right)
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An average of about 3 percent error below the experimental values was observed. The mass
flow rate as a function of inlet temperature is shown is fig. 4. The difference between the
model results and experimental data is less then 2 percent.

3. EXPANSION DEVICE MODEL

The type of expansion device used in almost all domestic home refrigerators is the
capillary tube-suction line heat exchanger. Heat is transferred from the relatively warm fluid
in the capillary tube to the cooler vapor in the suction line. This heat transfer serves to reduce
the enthalpy and quality of the refrigerant entering the evaporator resulting in a greater
refrigerating effect. The pressure drop in a capillary tube is achieved mainly through two
processes, friction and acceleration. The phenomenon of flashing may occur somewhere in
the capillary tube. Flashing is the term to describe vapor formation due to a pressure loss.
In this section, an algebraic model will be developed to predict the mass flow rate through the
capillary tube in terms of the inlet properties of the refrigerant, pressure difference between
the condenser and evaporator and the dimensions of the capillary tube.

3.1 Algebraic Model

Utilizing the homogeneous equilibrium model for two-phase flow, the pressure gradient
in the capillary tube may be written in the following form/7/,

ftpG2 (v.f + XVfg)+ G2vfg dX
_dp= 2D -_z (12)

dz l+G2(dVf +xdVfg_
_, dp dp )

where, ftp is a two phase friction factor, G is the mass flux, D is the tube diameter, x is the

quality, vf is the liquid specific volume and vfg is the difference between the liquid and
vapor phase specific volumes.

The second term in the denominator of eq. (12) describes the compressibility of the
refrigerant and can be replaced by the negative of the Mach number squared. Additionally,
by making the assumption that the difference between the vapor and liquid specific volume
can be replaced by the reciprocal of the average density, the pressure gradient may be written
in the following form,

f GE G2 d.x

dp 2ffD -ff dz
- d-_-= 1- M 2 (13)

This assumption can be quite poor when the quality is small, however, in normal
operation the refrigerant enters the capillary tube subcooled causing the frictional component
of the pressure gradient to dominate the acceleration component over much of the length of
the tube. Treating the friction factor, density and Mach number as constants, the pressure
drop may be found by integrating over the length of the tube and solving the resulting
expression for the mass flow rate yields,

I 1-_ 2
rh= _fL+2A_c A42_A p (14)

where, L is the total length of the capillary tube, A is the cross sectional area of the tube and
Ax is the change in quality.
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It is immediately recognized that eq. (14) has the same form as that for flow through an
orifice where the leading term on the right-hand side can be thought of as an overall
discharge coefficient. It has been shown by a number of investigators/8/,/9/,/10/that the
change in quality is a function of the inlet subcooling and the heat transfer rate. It was
assumed that a non-dimensional parameter could be used to correlate the effect that the
change in quality has on the mass flow rate. The Jakob number expresses the ratio of the
sensible to latent heat energy in a liquid to vapor phase change. Therefore, it is proposed that
the change in quality may be correlated with the inverse of a modified Jakob number as
follows,

Ax=

where, W is referred to as the vapor production factor. For an adiabatic capillary tube, the
traditional Jakob number is used. -.

The modified Jakob number accounts for the heat transfer between the capillary tube and
the suction line by utilizing the effectiveness for a counterflow heat exchanger and is given
by,

(ic,,i- z;t,i) (16)

where, ATsub is the amount of subcooling, e is the effectiveness of the heat exchanger and
ict,i and isl,i are the inlet enthalpies for the capillary tube and suction line, respectively.
Therefore, the mass flow rate through the capillary tube may be written in the following
fon'n,

rh= l l-M2

L 2e(ict,i_isl,i ) a42"ffzkp (17)

f-_ -i-_ cp ATsub

The mass flow rate has now been expressed simply as a function of geometry and inlet
properties with no reference to internal phenomena, such as the position of the flash point.

3.2 Capillary Tube Model Results

The above model has been compared to two sets of experimental data. For the diabatic
case, the data obtained by Pate/8/is used, while data from Kuehl/11/is used for an adiabatic
case. The results of these comparisons are shown in figs. 5 and 6. In both of these figures,
the vapor production factor has been set to unity. For the case of the diabatic capillary tube,
the algebraic model matches the trend in the experimental data. However, as the subcoofing
increases the relative error tends to increase. This suggests that the vapor production factor
may be a function of the inlet subcooling. For the comparison with Kuehl's data, the trend
in relative error is reversed and becomes larger as the subcooling decreases.

This model appears to work well when the refrigerant enters the capillary tube
subcczAed. Further investigation is needed to determine its usefulness when the refrigerant
enters as a low quality mixture. Additionally, there is no experimental data at present on
capillary tubes using zeotrope refrigerants. This is an area where further experimental and
theoretical investigation is warranted.
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Figures 5 and 6 - Mass flow rate through diabatic capillary tube and Mass flow rate for an
adiabatic capillary tube as a function of inlet subcooling

4. HEAT EXCHANGERS

Following the method chosen by Mckellar/12/, the heat exchanger analysis utilizes the
effectiveness-NTU method. This method does not require a priori knowledge of the outlet
temperatures of the air and refrigerant, the transport properties of the new refrigerant or a
detailed description of the dimensions and geometry of the heat exchanger. Flow through the
heat exchangers is assumed to be isobaric. Three possible regions may exist in the
evaporator or condenser: subcooled, two-phase and superheated. The specific model
developed here is for a counterflow condenser, but the same methodology may be used for a
parallel and crossflow evaporator or condenser. The heat transfer rate in the superheated
region is given by,

qsup "-Cr(Zr.sup,i-Zcond) (18)

where, Tconais the condensing temperature, C ris the heat capacity rate and Tr._up,i is the inlet
refrigerant temperature to the superheated region. The effectiveness over this region is given
by,

ilsup (19)

where, Ta _. i is the inlet temperature of the air to the superheated region.
The heat transfer rate for the two-phase region is given by,

0_ = rhr Aitp (20)

where, Aitp is the total enthalpy change of the refrigerant in the two-phase region. The
effectiveness of the two-phase region can be written as,
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where, Ta,tp,i and Ta,tp,o are the inlet and outlet air temperatures to the two-phase region,
respectively. The effectiveness of the subcooled region is simply given by,

4to¢- 4sup - qtp (22)
=c,,. -

where, Cltotis the total heat transfer rate in the condenser. The total effectiveness for the heat
exchanger is the ratio of the sum of the actual heat transfer lates to the sum of the maximum
heat transfer rates for each region.

4.1 Zeotrope Refrigerant Mixtures

Gas-liquid phase change for azeotrope refrigerant mixture is not an isothermal process.
Therefore, the model of the heat exchanger must be slightly modified. The expression for
the superheated and subcooled sections remain essentially the same. An expression for the
heat transfer rate hLthe two-phase region can be based on a log-mean enthalpy difference as
follows,

fltp = F A Ailm (23)

where, F is the overall energy transfer coefficient, A is the surface area and Ailm is the log-
mean enthalpy difference. The maximum heat transfer rate would occur if the outlet air
temperature were driven to the inlet temperature of the refrigerant for a counterflow hea'_
exchanger. The effectiveness of the two-phase region can be expressed as,

I /nr Aitp l (24)atp = Ca (rr.,p.i- Ta.rp.i)

where, Aitp is the enthalpy change of the refrigerant in the two-phase region and C a is the
heat capacity rate of the air side.

5. REFRIGERATOR SIMULATION

The design of the simulation program is such that the desired capacity and the electrical
power input to the compressor is specified. This decision was based on the premise that the
refrigeration engineer chooses a particular cooling capacity and then sizes the system
components appropriately. The compressor and capillary tube are well defined by their
physical input parameters, but the particulars c'f the heat exchangers are not defined. The
type of heat exchanger is chosen, whether counter, cross or parallel flow, and the exterior
flow conditions are specified. The program then determines what UA product and
effectiveness the heat exchangers must have to achieve the specified capacity. The
component models can be assembled to simulate any refrigeration cycle. The only energy
transfers between the refrigerator and its surroundings occur at the compressor, condenser
and evaporator. The capillary tube is considered to be insulated from the ambient. The
system energy balance can be written as,

_]low q" _Ie -- qamb -- Ohi "- 0 (25)
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where, [tlowis the refrigerator capacity and Ohi is the heat transfer rate from the condenser to

the ambient. The heat transfer rate, 0a,_, is calculated using eq. (3) and the high-side heat
transfer rate is adjusted to satisfy eq. (25).

An algorithm for the refrigerator simulation program is shown in fig. 7. The pressure
drops across the compressor and capillary tube must match in the steady-state. These two
components respond differently to an increased high- to low-side pressure difference. For a
larger pressure rise, the compressor will pump less refrigerant. This smaller refrigerant mass
flow rate will then result in greater subcooling in the condenser, which from previous
arguments will increase the possible mass flow rate through the capillary tube. However, for
a smaller pressure rise, the compressor throughput will be larger and the refrigerant will enter
the capillary tube less subcooled or even two-phase causing a decrease in the mass flow rate
through the capillary tube.

[Get input data I

t
Input estimate of compressor

inlet temperature and

condensing temperature "Substitute evaporator"_
...... _ -- outlet temperature for

_ _,£mletto suction line J I
I Ican sub °utin l Print

.--,-._. _ I results i Not]
o = , , equal_1_ lCall condenser subroutine ]

_8 l o/"__mpare n_= -]-v suction li

_" _ " Eq_ temperature to evaporator j_. Call capillary tube subroutine I

! Equal ..-I Call evaporator subroutine [Not "-I
equal

Figure 7 - Algorithm for standarct cycle refrigerator simulation program

The evaporating temperature is specified, which fixes the low-side pressure at the
corresponding saturation pressure. An initial estimate is made of the refrigerant temperature
entering the compressor and the condensing temperature. The compressor subroutine is
executed which will determine a mass flow rate through the compressor and an outlet
refrigerant temperature from the compressor. Using this calculated mass flow rate and the
outlet conditions of the compressor, the condenser subroutine is executed. The condenser
subroutine determines the UA product and effectiveness for each region of the condenser and
outputs the temperature of the refrigerant exiting the condenser and the quality if it exits two-
phase. Following the condenser, the capillary tube subroutine is executed. If the predicted
mass flow rate through the capillary tube and compressor are the same, the evaporator
subroutine is executed. If the mass flow rates are not equal then the condensing temperature
is adjusted and the simulation starts over at the compressor subroutine. If the mass flow rate
through the compressor is larger than through the capillary tube, the condensing temperature
is incremented higher, otherwise the condensing temperature is lowered.
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CONCLUSIONS

It has been shown that refrigerator components can be effectively modelled using the
algebraic equations presented in this paper. These equations are not component specific, in
other words, many different types of compressors, heat exchangers, etc. can be modelled
using the same methodology. Additionally, it has been shown how these models can be
used for binary zeotrope refrigerant mixtures. These equations completely describe the
refrigerator operation and, as described above, can be used to develop a computer simulation
program This system of algebraic equations can be solved quickly, even on a small
computer.
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